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Chatter is a regenerative vibration often occurring in lathe metal cutting. 
In this work damping methods were investigated in order to mitigate the 
chatter. Chatter stability prediction was performed within time and 
frequency domain to detect the effect of different tuned mass damper 
designs. Modal analysis was experimentally and numerically performed 
to find vibration modes of the cutting tool causing chatter vibration. The 
position and size of the tuned mass damper on the blade were strategically 
predicted by stress analysis. Three different damper solutions were 
developed and one of them was evaluated to investigate its effect on 
chatter vibration. The stability improvement of the cutting tool due to the 
damper solution is demonstrated by chatter stability predictions. 
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Notation 

A Area     m2 

a Cut width    m 

alim Maximum cut depth   m 

c Damping     Ns/m 

D Blade width    m 

d Hole diameter for the damper  m 

E  Young’s modulus   N/m2 

Fn Cutting force    N 

Ff Feeding force   N 

G  Shear modulus   N/m2 

G(ωc) Real part of FRF at the chatter frequency 

H(ω) Transfer function 

h(t) Dynamic chip thickness   m 

h0 Static cut depth   m 

I(ωc) Imaginary part of FRF at the chatter frequency 

I Moment of inertia   kg/m2 

K Stiffness    N/m 

Kf Specific cutting pressure in feed direction N/m2 

Kc Specific cutting pressure in tangential direction N/m2 

k Lobe number, integer 

L Length    m 

M Bending moment   Nm 

m Mass    kg 

mc Material factor in tangential direction  

mf Material factor feed direction 

n Spindle speed revolutions per minute   RPM 
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T Time for one spindle revolution  sec 

ω Angular frequency    rad/sec 

ωn Angular natural frequency   rad/sec 

ϵ Phase difference between tool and workpiece rad 

Φ(ω) Phase angle    rad 

ζ Damping ratio    N/m 

ρ Density    kg/m3
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1 Background and introduction 

1.1 Background 

Metal cutting is an important process in manufacturing operation. There exist 
different methods for metal cutting, for example milling, drilling, boring, 
turning, parting and grooving. This project is focusing on tools used for 
parting and grooving.[1] 

Parting and grooving is an operation where the material to be cut is rotating 
and the cutting tool is radially pushed into the workpiece. Parting is the 
operation performed when the material is cut off and is usually preformed in 
the end of the metal cutting operation. Grooving is used to make grooves, 
both externally or internally in the material.[2] 

The tools are often slender with a long overhang and are therefore sensitive 
to chatter vibrations. When this happens, the surface finish becomes poor and 
the vibrations also have a negative effect on the tool life. According to Tobias 
[3] there are three different vibrations in metal cutting 

 Free vibration caused by shocks from either other machine 
transmitted from the foundation or from imbalances in the machine.  

 Forced vibration is a periodical imbalance in the machine caused by 
varying forces caused by unbalance in rotary or gears for an example. 

 Self-induced vibration is caused by the machine tooling itself or by 
other self-induced forces in the machine. 

All types of vibrations are important for the surface finish but self-induced 
vibrations are studied in this thesis. This effect in metal cutting is called 
chatter vibration and is caused mainly by varying chip load. It is affecting 
the surface finish and the tool life negatively.[3] 

1.2 Aim and scope 

The main purpose of this thesis is to develop a simulation model that can be 
used to evaluate damper solutions in parting and grooving operations and to 
suggest and investigate different ways to design passive dampers for these 
type of tools, and evaluate the effect the damper has on the stability of the 
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cutting tool. The model developed in this thesis is intended to be tool for 
evaluation of different damping solutions in parting and grooving. 

The following questions are to be answered: 

 What modes are of interest in the specific tool? 

 What are the natural frequencies of interest in this specific tool?  

 What impact does a specific damper solution have on the tool? 

 How can the damper be simulated?  
The model should in a fast way be able to evaluate the efficiency of a chatter 
damping solution before physical testing.  

1.3 Methodology 

To get an overview of the work, and also obtain the basic knowledge of the 
methods used we performed: 

 Theoretical dynamic studies within the field of regenerative 
vibrations during parting and grooving operations and the kinematic 
simulation of the cutting tool in time domain and frequency domain. 

 Make a simplified model of the studied MDOF system; and simulate 
the stability lobes and stable and unstable vibrations to evaluate the 
studied structures in MATLAB. 

 Experimental modal analysis tests to find the vibration modes which 
could cause regenerated vibration. 

 Perform the demonstration on the structure with and without the 
damper to look into the effect of regenerated vibration. 

 Measurements on complete structure to verify that the developed 
method of damper effectively reduce the regenerative vibration. 

MATLAB has been used to perform simulations and evaluate the results. 
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2 Theory 

2.1 Chatter vibrations 

Chatter vibration is caused by a self-excitation mechanism between the metal 
cutting tool and the work piece. One of the modes is exited in the tool by 
cutting forces. This will leave a wavy surface during the current revolution 
as well. If the phase shift of the two waves reaches a critical level the chip 
thickness will exponentially grow and oscillate at a chatter frequency close 
to the structural dominant mode. Chatter vibrations result in large relative 
displacement between the tool and the work piece during machining. This 
results in poor surface finish and high tool wear.[4] 

The Figure 2-1 displays a simplified model of the chatter vibration 
phenomena where the tool is flexible representing a spring damper system. 
When cutting operation begins, the shaft is smooth without a wavy surface 
but when the workpiece has turned one full rotation the wavy surface created 
by the bending vibrations of the work piece will result in a vibration in chip 
thickness (h(t)) as can be seen in Figure 2-1 and the chip thickness starts with 
deviating dynamically from its static value (h0). The phase shift (ϵ) between 
the previous and currently cut surface is generated by this process. The inner 
wave (y(t)) and outer wave (y(t-T)) respectively represent the current and 
previously cut surface. The T represents one spindle revolution period. When 
the cutting tool and the work piece is not in phase, chatter vibration makes 
the chip thickness to grow exponentially, when oscillation is close to the 
structures natural frequency. 

Besides, the chatter vibrations may be caused in any direction depending on 
the system FRF is measured or simulated. 
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Figure 2-1 Regenerative chatter effect in turning. 

The vibration in the chip thickness is caused by a phase shift in vibration 
marks left on the machined surface between two consecutive cuts. The phase 
shift depends on the dynamics of the cutting tool assembly. Furthermore, the 
dynamic chip thickness leads to the cut forces to vary with time. [1] 

Causing the chatter vibration may be phase differences or mode couplings. 
Mode couplings chatter happens when two vibrations arises in the direction 
plane of cut. The phase difference regenerative chatter vibration arises before 
the mode coupling chatter hence that will be the focus[5], [6]. 

2.2 Chatter stability objective 

The chatter stability of the tool vibration can be divided into three forms. The 
first case is a stable form where the vibration is damped out over time and 
the amplitude of the vibration diminishes. The second case shows an unstable 
form where the vibration amplitude grows large over time. The third case is 
when the vibration keeps critically stable with undamped and ingrown 
vibration amplitude. Mathematically, these three cases are dependent on the 
real part of the root of characteristic equation of transfer function and the 
stability boundary where the system is critically stable with respect to the 
depth of cut, alim, can be shown by [1]: 
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where Kt is the cutting force coefficient, R(H(ɷ)) the real part of relative 
frequency response function between tool and workpiece, and ɷc the chatter 
frequency. Here it can be seen that only negative values of the real part of 
FRF, R(H(ɷ)), can produce a valid positive value of alim. The spindle speed 
(n) and the number of periods (k) is related to the frequency (ɷ) by using the 
following stability law proposed by Tobias [3]: 

The expression in Eq. 2.1 indicates that the depth of cut (alim) is inversely 
proportional to the flexibility of the structure in the transversal direction 
which means the cutting tool in this paper and to the cutting force coefficient 
(Kt) that is dependent on the work piece material. Thus, the harder the work 
piece material is, the larger the cutting force coefficient is and therefore the 
cutting forces increases. 
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3 Parting and grooving operation 

3.1 General information 

In parting and grooving the work piece is rotating and the cutting tool is 
radially feed into the material. This operation implies that if the spindle speed 
stays the same, the cutting speed will gradually decrease to zero. That is bad 
for the cutting edge and may damage it.  

In this paper, the tool shaft is flexible in the transversal direction, and the 
cutting force (Ft) causes it to transversally vibrate. 

3.2 Mathematical model of cutting force  

As mentioned in Section 3.1, the dynamic chip thickness causes change of 
the transversal cutting force (Ft). However, the cutting force acting on the 
cutting tool during machining includes both the tangential and radial cutting 
force (feed cutting force), Ft and Ff. The cutting force (Ft) can be described 
by the following approach [7]: 

where the cutting force is related to the cutting force coefficient (Kt) in the 
transversal direction and the depth of cut (a) proportionally. The dynamic 
chip thickness (h(t)) is no longer constant but changes as a function of 
vibration and speed of the workpiece. It can be expressed as follows: 

where h0 is the static chip thickness, and (y(t)- y(t-T)) is the dynamic chip 
thickness generated due to vibrations of cutting tool at current time t and one 
spindle rotation period (T) before.  

In this thesis, the effect a tuned mass damper has on the chatter vibration on 
parting and grooving tool will be investigated. The studied cutting tool will 
be modified by adding a tuned mass damper and thus significantly change 
the systems dynamics. Therefore, a clear understanding of the chatter 
vibration system and chatter stability is important. 
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4 Simulation approach 

4.1 Chatter vibration model 

Assuming that the dynamics of the cutting tool can be approximated by a 
single degree of freedom system and the equation of motion of this system 
can be described by Newton's second law: 

Substituting the Eq. (3.2) into (4.1) yields: 

Up until now, the chatter vibration model is established as a delay differential 
equation Eq. (4.2) in time domain. When transforming Eq. (3.2) into the 
Laplace domain, it gives 

 

producing a dynamic cutting force of 

This cutting force excites the structure of the tool shaft and produces the 
present vibrations 

 where H(s) is the transfer function between the dynamic force and the 
displacement. In addition, it depends on what type of structure or system 
there is. In Figure 2-1 it is single degree of freedom system. 

 

4.1.1 Time domain chatter simulation 

Simulink has been utilised to solve Eq. (4.2). In order to predict the stability 
lobe diagram, the displacement at tip of the cutting tool for chatter vibration 
has been defined in Figure 4-1. 
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Figure 4-1 Block diagram of chatter dynamics for SDOF system in Simulink. 

For this system, parameters of the mass, stiffness, damping, intended chip 
thickness, one spindle revolution period, cutting constant and depth of cut 
can be set up/ given from the workspace in MATLAB. 

In this paper, the tuned damper will be added to the cutting tool which leads 
to a change into 2-DOF system from a SDOF system. The kinematics gives 
an equation system of motion for the cutting tool with a tuned mass damper: 

which is evaluated by Simulink as illustrated Figure 4-2 



 15 

 
Figure 4-2 Block diagram of chatter stability simulations for 2-DOF system 
in Simulink. 

The chatter vibration will be detected by resulting displacement for different 
depths of cut and spindle speeds. The following diagrams respectively show 
three cases of stable, critical and unstable phenomenon see Figure 4-3. 
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Figure 4-3 Displacement of system with two masses (e.g. m1=0.8961 kg, 
m2=0.1792 kg, c1=141.2367 N/ms-1, c2=289.7746 N/ms-1, k1=9.4251e6 
N/m and k2=1.8741e6 N/m). (a) Stable case, (b) Critical case and (c) 
Unstable case.   

4.1.1 Numerical solvers used.  

For the SDOF system the solver used is MATLABs function ‘ode45’ which 
is based on an explicit Runge-Kutta method. It is a one-step solver and is 
considered to be the best method for a first trial.  
For the 2-DOF system the ‘ode23tb’ is used. It is a stiffer solver and uses an 
implicit Runge-Kutta and trapezoid rule step as its first step and for second 
step it uses a backward differentiation formula of order two. This solver is 
used because for the 2-DOF system the ‘ode45’ did not give a good 
result.[8],[9] 
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4.1.2 Chatter stability lobes in frequency mode 

The analytical chatter stability method for obtaining the stability lobe charts 
is a fast way to get an overview of the stability of the cutting operation.  

According to the model proposed in Chapter 2, it gives  

where  is a positive value of the cut depth dependent on the specific 
cutting coefficient and the negative value of the real part of the transfer 
function, G(ɷ). In addition, the chatter vibrations may occur at any frequency 
where G(ɷ) is negative. 

4.2 Comparison with stability lobes diagram and time 
domain analysis 

 
Figure 4-4 Stability lobe diagram to SDOF system during analytical 
simulation and time domain simulation. 
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Figure 4-4 illustrates the similarity between the frequencies domain and time 
domain simulation. It can be seen that the results from time domain and 
frequency domain is similar to one another.  

The analytical chatter stability approach for obtaining the stability lobe charts 
is faster than the time domain approach. However, the two major phenomena 
neglected in the analytical approach are when the cutting tooth jumps out of 
the workpiece because of excessive vibrations, and when the cutting force is 
highly non-linearly related to the chip or cutting speed. In these two cases 
the time domain approach produces better results.  
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5 Modal analysis 

While the calculation models mentioned before only showed what happened 
with the deflection of the grooving and parting tool tip, the modal analysis 
can predict the whole deflection shape along the cutter shaft. The conducted 
model analysis will be done by two approaches: (i) the experimental way 
with toolbox in MATLAB and (ii) using FEM way in Inventor. The modal 
analysis in Inventor is a simulation that enables conclusions regarding what 
the mode shapes to different natural frequencies looks like, what the exact 
mass, damping and stiffness should be and how much form error occurs that 
comes from the theoretical dynamic deflection of tool shaft. In this thesis, 
this procedure also predicts larger deflection of tool shaft that inspires the 
position where the damper design could be placed. More about modal 
analysis can be read in [10],[11] 

5.1 Experimental approach 

5.1.1 Experimental setup 

Measurements were performed using impact hammer and one accelerometer. 
To prevent multiple strikes on the work piece the accelerometer was moved 
around. See Figure 5-1 for experimental set up.  
 

 
Figure 5-1 Experimental setup with length of 75mm, width of 32mm and 
thickness of 2.64mm. 
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The modal analysis was performed by using 15 measurement points see 
Figure 5-2 for configuration. The excitation point was at 4 to capture mode 
1 to 3 the best. This was decided by investigating results from the FEM 
simulation.  

 

 
Figure 5-2 Measurement points during experimental modal analysis of blade 
with 75mm overhang. 

Considering that it could be difficult to measure the stiff bending mode 
because the hammer hits the perpendicular direction to the blade and the 
accelerometer is placed on a thin area, as seen in Figure 5-2. Therefore, 
additional impact tests were performed as seen in Figure 5-3. 

 
Figure 5-3 Measurement point and exciting points during the impact test for 
obtaining stiff bending mode. 
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The accelerometer is completely fixed on the measurement point because of 
difficulty to place it, because of the maximum displacement. Furthermore, 
the exciting points are evenly distributed on the top edge of the blade with 
10 mm between each two points as seen in Figure 5-3.   

Equipment used for collecting data was provided by AB Sandvik Coromant 
and model and sensitivity of the equipment used is shown in Table 5-1.  

Table 5-1 Equipment used during experimental work 

Equipment Company Model Sensitivity 

Impact Hammer KISTLER 9722A500 10.63mv/N 

Accelerometer Dytran 
Instrument 

3225F1 9.7mv/g 

Data acquisition unit  National 
Instruments  

195724C-01L  

 

5.1.2 Experimental purpose 

In order to look into every mode of the setup and figure out which modes 
have the highest contribution to the chatter vibrations the experimental 
testing is a strong and direct way to perform such investigation. 

5.1.3 Experimental results 

To be able to predict the behaviour of the cutting tool’s blade, measurements 
have to be performed by reference point 4 as shown in Figure 5-2, and 
moving response point. The mode shapes for three modes are obtained in 
MATLAB using extracted FRFs from each measured point. 
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Figure 5-4 Mode shapes plotting for Sandvik cutting shaft. (a) First mode for 
bending movement. (b) Second mode for torsional movement. (c) Third mode 
for second bending movement. The marked points by ‘*’ are exciting points 
corresponding to point 4 mentioned in Figure 5-2.  

As can be seen in Figure 5-4, the dynamic behaviour of three modes have 
been identified. Based on the simulation in MATLAB, the first three natural 
frequencies of the cutting blade are displayed in Table 5-2. In addition, a 
MAC plot is made seen in Figure 5-5 to look into the difference of these three 
modes. 
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Figure 5-5 MAC plot based on the experimental data. 

The experiment identifying the stiff bending mode has been done as well and 
the magnitudes of flexibility FRF H11, H12, H13 and H14 is illustrated in Figure 
5-6. 
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Figure 5-6 The magnitudes of flexibility FRF. (a), (b), (c), (d), (e) and (f) 
respectively represent the FRF H11, H12, H13, H14, H15 and H16. All the figures 
illustrate the measured and synthesized FRF of the stiff bending mode (  
Measured,  Synthesized)  

In Figure 5-6 it can be seen that there is one dominant peak and this 
correspond to the stiff bending mode. The result of natural frequency of stiff 
bending mode is shown in Table 5-2. 
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5.2 FE modal analysis 

The FE simulation was performed using Inventor. They are done to find the 
mode shapes and roughly at what frequencies they are located at to decide 
good measurement points for the experimental work. 

5.2.1 Model  

The model was provided by AB Sandvik Coromant and was modified so that 
the cooling channels where removed and cut at 75 mm see Figure 5-7 for a 
clearer picture of the CAD model.  

 
Figure 5-7 The CAD model used for FEM model which is created in Inventor 
with mesh and boundary conditions 

The model is completely fixed at the back as seen in Figure 5-7. The mesh is 
automatically created by inventor using 0,080 mm average size of the 
tetrahedral elements.   
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5.2.2 FEM results 

 
Figure 5-8 Inventor FEM result of the movement (a) Mode 1 Bending 
movement. (b) Mode 2 Torsional movement. (c) Mode 3 Bending movement. 

As can be seen in Figure 5-8 (a), the first mode of the blade is a bending 
mode where the blade is vibrating in one direction, mode 2 (in Figure 5-8 
(b)) is a torsional mode the blade is tending to bend around its own axle and 
a bending mode (in Figure 5-8 (c)) combined but bending more at the middle 
of the blade.  

The results from FEM gives an indication of a suitable location of the driving 
point for the experimental modal analysis in order to capture the tree modes 
of interest. For mode 2 it tends to have a good movement at the top of the 
blade and point 4 Figure 5-2 is selected for that mode. For mode 3 a point in 
the bottom could be better so point 4 was be selected. 
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5.2.3 FEM analysis using Abaqus 

The same constraints have been used for these simulation, the only difference 
is that the mesh is a bit coarser do to software constrain of maximum 1000 
nodes. This simulation is done by steady state dynamic response where one 
newton of harmonic force is placed on the driving point. The driving point 
used in this simulation is point 4 and the FRFs have been collected in the 
position as in Figure 5-2 to collect FRFs in the same positions as in the 
experimental work. Figure 5-9 show the mesh used in the Abaqus 
simulations.   

 
Figure 5-9 Illustrates mesh in Abaqus. 

The obtained natural frequencies shown in Table 5-2. 

Abaqus simulation of FRF is preformed to find correlation between the mode 
shapes in x and y direction see in Figure 5-7 for an explanation of the 
directions. 



 28 

 
Figure 5-10 modes obtained in Abaqus (a) first bending mode (b) first torsion 
mode (c) first stiff bending mode (d) second bending mode (e) second torsion 
mode. 

The displacement of FRF in x direction can be seen in Figure 5-9. This shows 
a similarity of mode 1 and mode 3. Seeing Figure 5-8 for modes simulated 



 29 

in Abaqus, the FRFs are collected in the same positions as the experimental 
modal analysis.  

 
Figure 5-11 MAC plot of Abaqus simulated modes in x direction. Mode 1 in 
figure is first bending mode, mode two in figure is first torsion mode, mode 
three is the second bending mode and forth one is the second torsion mode. 

As seen in Figure 5-9, mode 1 and 3 are close to each other and have similar 
behaviour in this simulation. 

5.3 Comparison of experimental and FEM results 

Table 5-2 Comparison of natural frequencies of cutting blade obtained by 
measurement, FE simulation 

Mode Experiment Inventor Abaqus 

1st bending  299.3 Hz 543 Hz 493 Hz 

Torsion  1588.2 Hz 2482 Hz 2697 Hz 

2nd bending  1953.7 Hz 3255 Hz 3723 Hz 

Stiff bending 3029.2 Hz 4500 Hz 4532.6 Hz 
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As can be seen, the last two results obtained in Inventor and Abaqus are 
similar. The shape of the modes is the same for Inventor simulation and 
Abaqus simulation. The reason why the FEM results have higher frequencies 
for the identified modes is assumed to be that in the experimental setup the 
structure is not completely fixed which may result in that the resonance 
frequencies get lower.  
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6 Chatter stability optimization 

Since the chatter vibration occurs near the natural frequencies of the system 
the chatter vibration is best minimized by having a high dynamic stiffness in 
the machine tool system and a high damping. But it could be beneficial to 
reduce dynamic stiffness a bit to increase damping. [12] 

To prevent chatter in metal cutting there is two main categories’ active or 
passive damping in the case of only focusing on the increase of damping. 
Passive damping is mainly installed in the flexible tool part in the cutting 
direction. The purpose of this devices is to absorb the vibration energy. 
Active dampers add vibration in the opposite direction of the current 
vibration. Active dampers use actuators controlled by computers. The 
actuator needs to provide sufficient force and a big enough band width to 
cover many modes. [12] 

6.1 Tuned mass damper (TMD) 

Using TMD is considered to be a classical solution to damp chatter vibrations 
and it is beneficial because it is simple and cost efficient compared with other 
solutions. [13] 

The estimation of mathematic model for the cutting blade with TMD.  

 
Figure 6-1 Simplified cutting shaft with mass tuned damper as a 2-DOF 
system. 
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Eq. (6.1) referring to Figure 6-1 are the classical way of solving the 
TMD[10]. By this way, to tune this damper system, the angular frequencies, 
namely absorber natural frequency and main structure natural frequency, can 
be respectively expressed by 

This will damp the system at the natural frequency. But since chatter 
vibration is caused by the negative real part of the transfer function it is better 
to tune the damper so that negative real part should be minimized. 

6.2 Optimizing approaches 

Two kinds of approaches, namely the analytical and the numerical, will be 
respectively presented and compared to optimize the chatter stability in this 
section. As it can be seen next, the first two methods are presented by an 
analytical approach and the last one is presented by a numerical solution. 

6.2.1 Den Hartog’s method 

This method [14] is adopted on the host structure with a single mass tuned 
damper. As known from Chapter 2, the chatter stability will be dictated by 
the negative real part of FRF and so it is desirable to increase this value. In 
order to obtain a simplified way to calculate. The absorber and host structure 
are defined by non-dimensional parameters, the mass ratio (u=m/M) and 
angular frequency (f =ɷa/ ɷn). 

where fopt is the optimal frequency ratio and ζopt is optimal damping ratio for 
the structure with a tuned mass damper. Thus, the optimum frequency and 
damping ratio is utilised to obtain optimum stiffness and damping for the 
TMD. And then the optimum chatter stability can be set up. 
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6.2.2 Sims’ method 

Sims [15] proposed a new method to analytically optimize the TMD system 
so that the negative real part of the transfer function is minimized to gain the 
optimal chatter stability. 

The same thing as Den Hartog’s method is that the non-dimensional 
parameters, the mass ratio and angular frequency, are utilised in the 
calculation.  

Both methods produced different optimal frequency ratio which is expressed 
by 

But the optimal damping ratio of the system is defined identically by Eq. 
(6.4). 

6.2.3 Numerical method with MATLAB functions 

MATLAB optimization tool box is a strong way to find the optimal solution 
of constrained nonlinear multivariable objectives. For the structure of cutting 
blade with TMD, variables of stiffness and damping of TMD and the 
objective of minimum negative real part of its transfer function are set.  

6.2.4 Comparison with analytical and numerical approach  

To summarise, the analytical and numerical approaches for optimal stiffness 
and damping have been derived for the case of chatter suppression and the 
results on the real part of the transfer function is shown in Figure 6-2. 
However, two analytical methods are based on two assumptions. One key 
assumption is that the main structure has zero damping, and another one is 
that the main structure is a single-DOF system. This differs to the numerical 
method. 
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Figure 6-2 Comparison of the real part of the FRF with different tuning 
methods.  

As seen in Figure 6-2, the minimum negative real part of the FRF has been 
noticeably optimized. And the solutions of chatter stability are shown 
graphically in Figure 6-3. 
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Figure 6-3 Stability lobe plots comparing different tuning of TMD and no 
damper shows critical cut depth compared with spindle RPM. 

As seen in Figure 6-3, the chatter stability has been improved significantly. 
By demonstration, the issue to optimize the chatter stability have been more 
or less addressed by all these three methods. However, they differ on how 
much the depth of cut is. Sims’ method noticeably performs better regarding 
chatter stability optimization. Therefore, Sims’ method has been selected as 
the optimization approach to select appropriate parameters for the damper. 

6.3 Damper design 

Selection of modes to be targeted have been decided by discussions with Dr. 
Martin Magnevall and the modes to be targeted will be mainly the torsional 
mode (b) in Figure 5-10 and the stiff bending mode (c) in Figure 5-10.  

Since the active damper needs to get force input the better suggestion would 
be a passive damper which could be fitted on the blade. So, the dominant 
modes transfer function of the blade damped the negative real part as much 
as possible. Furthermore, the material from the tool body itself used as a 
passive damper is also considered in a solution of resulting a positive effect 
on the stability of cutting tool. Therefore, the suggested damper solution is a 
TMD damper that will be placed on the blade.  
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6.3.1 Multiple TMDs 

Altintas et al [13] used multiple mass tuned dampers and investigated the 
benefit of more dampers and they came up with that if more than 3 dampers 
are used the benefit of this is marginalised and that the mass of the dampers 
can have a mass of 1 to 5 % of the main structure.  

6.3.2 Non-linear TMDs 

Wang [16] of a non-linear damper with a friction force added to the springs 
and came up to that in fact the damper had higher chatter suppressing 
capability but that it could have some problems because the friction of the 
damper needs to be tuned. For more reading about the suggested damper 
[17]. Shakeri et al [18] combines linear and non-linear tuned mass dampers 
to suppress chatter and uses an algorithm to find the optimal parameters for 
a micro milling operation.  

6.3.3 Simulation of damper solution result 

 
Figure 6-4 Comparison between damper solution using TMD tuned with Den 
Hartog’s method. Showing critical cut depth compared with spindle speed in 
RPM. 
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The mass tune damper is tuned by using sims method see chapter 6.1.1 and 
the mass of the damper is 5 % of the main structure.  

 

Figure 6-5 Comparison between damped solution using a TMD and no 
damped solution shows critical cut depth compared with spindle RPM. 

Figure 6-5 is illustrating a one-dimensional vibration simulation performed 
in time domain and frequency domain and is showing a good correlation 
between damped analytical solution and time domain. It is also showing that 
the tool system is getting damped by the TMD. Where the green dots in 
Figure 6-5 is the point in between unstable and stable cutting operation. 
Compared to Figure 6-4 that was tuned using Dan Hartog s classical method 
for mass tuned damper. Sims’ method is much better because the depth of 
cut has been increased significantly.  

6.3.4 Damper location.  

The placement of the damper should be strategically located at where there 
is low stress on the blade. That possibly causes stress distribution changing. 
Therefore, the selection of damper position has to be considered. To find a 
position for damper placement, a static stress analysis was performed in 
ANSYS. Before analysing, calculations of mechanical load due to the cutting 
forces (Fc & Ff) was made by using Kienzle’s formula. 
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For the calculations Sandvik Coromant gave these values:   
Table 6-1 Cutting parameters used in the calculation of mechanical load 

Cutting parameters Quantity Unit 

The depth of cut, ap 3 mm 

Specific cutting pressure, Kc 1600 MPa 

Specific cutting pressure in feed direction, Kf 600 MPa 

Feed rate, fn 0.25 mm/r 

Material factor, mc 0.25  

Material factor, mf 0.45  

Those two-mechanical loads calculated by Eq. 6.6 and 6.7 resulting 
respectively 1697.1 N and 839.7 N where added on the model of the cutting 
tool. The results can be seen in the Figure 6-6 and Figure 6-7. 
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Figure 6-6 The result of stress during static structural analysis, the location 
of damper predicted within red circle. 

 
Figure 6-7 The result of displacement during static structural analysis. 

As is mentioned before, the position of the damper should be located in an 
area with low stress. Thereby, it is recommended that the damper is located 
at the lower left of the blade near the free end as shown in Figure 6-7. 
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6.3.5 Structural conceptions of TMD 

Due to passive damper is a strong method for chatter suppression, ease of 
manufacture and small-space requirement make passive dampers commonly 
used in machining tools. Based on the vibration suppression principle 
mentioned before, the structural design is concentrated on tuned mass 
dampers. In this paper there are three proposed structural conceptions, as it 
can be seen next. 

 
Figure 6-8 TMD structural design 1 

As seen in the Figure 6-8, concept 1 constitutes a tuned mass and elastic part 
embedded the blade. From this proposed structure, it is easy to tune the mass 
but difficult to adjust the stiffness of elastic part, since the elastic part may 
have a non-linear stiffness. Now in order to introduce the linear stiffness, the 
Design 2 is proposed as it can be seen in following Figure 6-9. 
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Figure 6-9 TMD structural design 2 

In this structural conception, it is mainly composed of elastic support and a 
tuned cylindrical mass. One tip of elastic support is fixed on the pedestal and 
the other is assembled with tuned cylindrical mass. The tuned cylindrical 
mass is fixed to the damper plate. Additionally, the whole absorber structure 
is embedded in the cutting blade. Since the elastic support is just axially 
tensioned and compressed a very small deflection during vibrating, it can be 
approximately treated as linear elastic stiffness as it can be expressed by 

  

where A is the cross-sectional area of the cylindrical elastic support, E is the 
young’s modulus and L is the length of the cylindrical elastic support. 

Third suggestion is to use vibration of beam as the mass tuned damper which 
will be easier to investigate because no nonlinear rubber material needs to be 
used. Additionally, this design will be easy to manufacture because the only 
thing is geometric dimension design. 

For this solution the tuning of the damper is done by deciding the length of 
the beam. One negative part of this geometry is the stress concentration that 
will occur at the right side of the geometry but can be solved by optimising 
the geometry.  

Considering the ease of manufacture, the small-space requirement and low 
cost, the third structural conception for damper design was decided to be 
investigated further in this paper. 
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6.3.6 Geometry of tuned mass damper 

For the selected dampers structural design, the normal stress concentration 
and maximum principal stress are of importance to predict the strength of 
cutting tool. In other words, stress analysis is a strong tool to predict the 
geometric boundary of the damper.  

The static stress analysis is performed in ANSYS to verify the geometric 
rationality for damper placement. The results are seen in the Figure 6-10. 

(a) 

 
(b) 
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(c) 

 
(d) 

 
(e) 
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(f) 

 
(g) 

 
(h) 
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(j) 

 
Figure 6-10 Illustration of stress analysis for the cutting blade with 
geometric variability in ANSYS. (a) to (j) show the results of maximum stress 
at the edge of hole for different hole diameters from 10 to 6 mm. 

To be clear with results conclusion, the results of maximum stress at the edge 
of hole is seen in Table 6-4 

Table 6-2 Results of maximum stress at edge of hole 

Diameter of Hole (mm) Maximum Stress at the edge of Hole (MPa) 

10 415.67 

9.5 395.40 

9 384.52 

8.5 360.95 

8 348.03 

7.5 340.02 

7 312.86 

6.5 307.04 

6 290.76 

 

The table shows that the maximum stress at edge of hole is decreasing with 
the reduced hole diameters from 10 to 6 mm. By this stress analysis 
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behaviour, the suggestion for the geometry of tuned mass damper is that the 
diameter of this hole for the mass tuned damper should be of course as big 
as possible, if the maximum stress at the edge of hole for damper is lower 
than the yield strength.    

6.3.7 Constrains for the damper solution 

The damper mass is constrained to how big the hole can be and that does not 
compromise the structure. This will in a way affect the desired parameters 
and make the tuning of the damping constrained to stiffness and damping 
constants. Which will be dependent on the material used in the damper 
solution. 

 
Figure 6-11 Damper mass going from 1 % of structure mass to 5 % of the 
mass. 

Figure 6-11 shows that a bigger value of the damper mass gives higher 
damping and better cutting stability. This implies that the mass should be as 
heavy as possible to maximise the damping effect on the structure. 
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Figure 6-12 Green plot is the stability lobes with Sims tuning method black 
plot is un damped stability lobes and the blue lines are sims method but 
stiffness is changed with - 5% to 15 % to see how the tuning effects the 
stability.  

 
Figure 6-13 Green plot is the stability lobes with Sims tuning method black 
plot is un damped stability lobes and the blue lines are sims method but 
stiffness is changed with + 5% to 15 % to see how the tuning effects the 
stability.  
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Figure 6-14 Green plot is the stability lobes with Sims tuning method black 
plot is un damped stability lobes and the blue lines are sims method but 
damping is changed with + 25% and - 25 % to see how the tuning effects the 
stability. 
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When the damping is not optimized and just assumed to be 1% structural 
damping Sim’s method is giving a different result see Figure 6-12 and Figure 
6-14 

 
Figure 6-15 stability lob diagram of the damping effect when structural 
damping of damper structure stays the same as the structures and stiffness is 
optimised using sims method.  
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Figure 6-16 Real part of FRF with structural damping of 1 % between the 
structure mass and the damper mass. 

To summarize Figures 6-15 to 6-16 tuning of the stiffness is important and 
still gives a positive effect if the tuning is within 15% of the optimal value. 
Damping can be of by a lot and still have a positive effect for stability of the 
system. Mass of the damper should be as large as possible. 
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7 Damper solution evaluations 

7.1.1 Analytical simulation of the third damper solution  

a) For stiff bending 

Main focus will be to tune the damper for the stiff bending mode. According 
to the selected structural concept in Section 6.3.6, a simplified model for the 
absorber is needed, see Figure 7-1. 

 
Figure 7-1 The simplified mathematical model corresponding to the 
proposed damper design. Since the tuned mass just has mass contribution to 
the beam, it is considered as a point mass at free end of beam. 

The Euler-Bernoulli beam theory has the moment equation of 

Where beam is vibrating freely, q (x, t) = 0. 

Searching an answer in the form of w (x, t) = X(x)T(t), this gives 

Where A, B, C and D is unknown constants. To find this the boundary 
conditions are used for a cantilever beam.  

 

When boundary conditions are used four different equations are obtained. 
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This gives the A = -B and C = -D that gives a simpler expression.  

 

To find solution when beam vibrates if at least one of the constants are not 
zero and can be found by taking the determinant and this gives 

 and  is the roots to the equation above. When this is established, 
one can find the roots to be α = 1.8751, 4.494 and 7.855   

with m = Aρ, where A is the cross-sectional area of the beam and ρ is the 
density. 

 Thus, the circular natural frequency is obtained now as the results can be 
seen in the Table 7-2.  
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Table 7-1 Material properties and geometry of mathematical model beam 

Material properties of beam Quantity Unit 

Density ρ 7850 Kg/m3 

Young’s modulus E 210 GPa 

Shear modulus G 80.8 GPa 

Poisson’s ratio v 0.3  

Length L 8 mm 

Width w 2.35 mm 

Thickness t 1.5 mm 

 

Table 7-2 the natural frequency of analytical model of beam 

α Circular Natural 
Frequency (ωn) 

Natural Frequency (fn) 

1.875 123040 19582 Hz 

4.694 771080 122720 Hz 

7.885 2159100 343630 Hz 

As mentioned before, the stiff bending mode and the torsion mode of the 
cutter blade, which have natural frequencies of 3029.2 and 1588.2 Hz 
respectively based on the model analysis in experiment, are investigated in 
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this paper. These two natural frequencies are much lower than the natural 
frequency of the analytical model of beam. 

Considering the beam specimen as mass-less with stiffness k2 and with a 
discrete effective mass, meff, at the free end, which generates the same 
frequency as continuous beam specimen without any tip mass, the natural 
frequency of a SDOF system can be written by 

with  

From which the effective mass at tip of the beam can be written as 

Now if considering the tuned mass mtun and the effective mass meff at the free 
end of the beam, then the total mass at free end for whole damper structure 
will be  

Up till now, the tuned damper mass has been figured out following above 
produce and the Sims’s method which is mentioned in Section 6.2.2 will be 
introduced to tune the damper system. By the Eq. (6.6) and (6.7), the mass 
ratio (u = m2/m1), is known, because the m1 is already obtained from the 
modal analysis of the cutting blade. The tuned stiffness (k2tuned), damping 
ratio (ζopt) and tuned damping (c2tuned) for the damper structure can be 
generated. Since the previous stiffness k2 has been tuned into k2tuned, the 
geometry of the beam in Table 7-1 has to be redefined by reversing Eq. (7.11) 
to get geometry suggestions in the damper manufacturing. Setting the length 
of beam, L, as the variable, and it can be expressed by 

Besides, in order to investigate the influence of this tuned mass damper on 
chatter vibrations, the system proposed in Chapter 4 is used here.  
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Table 7-3 cutting blade parameters under stiff bending vibration 

Properties of blade with TMD Quantity Unit 

Density ρ 7850 Kg/m3 

Young’s modulus E 210 GPa 

 Effective mass of blade m1 0.2414 kg 

Damping ratio ζ 0.01  

Natural frequency 3029.2 Hz 

Mass of TMD m2 0.00098 kg 

 
Figure 7-2 Stability lobe diagram for stiff bending mode 
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As seen in Figure 7-2, the performance of the cutting blade with damping 
tool is simulated. If just looking at the numerical analysis to stability lobe 
plot, the proposed damper tool can give improvements on the chatter 
phenomenon for the parting and grooving blade. 

b) For torsional vibration 

From [20] , the torsional vibration of the damper structure can be 
mathematically considered as a rectangular beam with mass at the free end, 
which is the same with stiff bending case in Figure 7-1. The formulas for the 
natural frequencies of a system having concentrated and distributed mass for 
torsional vibration is 

Where G is the shear modulus, g is the gravity and ρ is the density which are 
given in Table 7-1. The torsional spring constant for shaft can be defined by 

Where the value of the moment of inertia, I = w3t/12. 

Now, the stability analysis performed in Chapter 4 can be used to simulate 
this dampers effect on the chatter stability regarding torsional vibrations. For 
damper tuning, Sims’ method was used. The system parameters, which are 
from the modal analysis of blade with damper is shown in Table 7-4. 
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Table 7-4 The parameters of blade with damper under torsional vibration 

Properties of blade with TMD Quantity Unit 

Density ρ 7850 Kg/m3 

Young’s modulus E 210 GPa 

 Effective mass of blade m1 0.2223 kg 

Damping ratio ζ 0.01  

Natural frequency 1588.2 Hz 

Mass of TMD m2 0.00093 kg 

 
Figure 7-3 The stability lobe diagram for blade with damper under torsional 
vibration 
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As seen in Figure 7-3, the chatter stability prediction of the blade is improved 
by adding a tuned damper structure. In other words, it is theoretically 
possible to generate improvement on the chatter issue. However, the damper 
tuning will be though to partially achieve, due to the geometric limitation of 
the damper structure in manufacturing.  

 

7.1.2 FEM simulation 

FEM is a strong way to carry out the modal analysis of the setup and it is 
performed in ANSYS. For the studied damper, it is difficult to tune the 
stiffness and damping from the geometry of the damper structure but easy 
from vibration parameters of the damper. In order to easily investigate the 
behaviour of setup with damper, the toolbox is used to calculate the vibration 
parameters of setup in MATLAB, which is natural frequency, effective mass, 
stiffness and damping. Therefore, the behaviour of the blade with the damper 
was predicted by manually tuning the mass of the damper, the stiffness of the 
damper and the viscous damping. 

 

Figure 7-4 Results from FRF measurements 
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The FRFs of the stiff bending mode was performing in ANSYS, Figure 7-4 
show the resulting FRFs for different setups. The modal analysis for those 
four different setups has been done in MATLAB and modal masses and 
stiffness of the blade or damper were calculated, as seen in Table 7-5.  

Table 7-5 Results of modal parameters for different setups in. 

Setup Natural freq. [Hz] Modal mass [kg] Stiffness [N/m2] 

Setup (a) 3741 0.0770 3.7803e7 

Setup (b) 2287 3915 0.0015 0.0248 3.0837e5 1.4986e7 

Setup (c) 3885 0.0890 4.6951e7 

Setup (d) 2397 0.0007197 1.6324e5 

 

In Table 7-5, setup (a) is the blade without the mass tuned damper and setups 
(b), (c) and (d) are receptively the blade with the mass tuned damper, its blade 
and damper. Focusing on natural frequencies, the natural frequency of setup 
(c) and (d) help to find the damper and blade in setup (b). To have a look at 
the effect of the tuned mass damper in the chatter vibrations, stability lobes 
of setup (a) and (b) have been plotted in Figure 7-5. 
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Figure 7-5 Chatter stability lobes plot of setup (a) and (b)  

From Figure 7-5, the chatter stability is improved by the excepted damper 
like setup (c). Due to the high sensitivity of the coupled system, it is difficult 
to tune the damper. Thus, Sims’ method was used to tune the stiffness and 
damping of the damper within setup (b), because the effects of the damper 
on the blade is what should be investigated in this paper. However, what 
cannot be ignored is that geometric changes of damper design can cause 
changes on the parameters of the coupled system as well, e.g. modal mass, 
stiffness and damping. However, Sims’ method considers only changes on 
the parameters related to the damper. In order to better understand the tuning 
of the damper, a manual approach was utilized by changing the beam length 
of the damper structure. Simulation of the investigated damper solution was 
performed and the results showed in Figure 7-6. 
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Figure 7-6 FRFs with different length of the beam and how the peak of the 
resonance frequency of the damper changes. The simulation was done by the 
harmonic response simulation tool in ANSYS. Simulation of the stiff bending 
mode. 

Figure 7-6 shows that the system can be tuned using the beam length but to 
get more accurate solution it needs to be solved using an iterative approach. 
According to these simulations, the optimal beam length for the damper is 
between 8.5 mm and 10 mm. When the optimal beam length is calculated 
analytically the optimal beam length will be 8.7 mm. Figure 7-8 is the real 
part of the FRF when the beam has optimal length. This figure is very similar 
to Figure 6-18 which shows what happens when stiffness is optimised 
according to Sims’ method but the damping is unchanged. 



 62 

 
Figure 7-7 Analytically calculated length of beam length real part of FRF 

 

7.1.3 Summary for damper solutions 

This section will summarize the three different damper solutions  

 First damper solution   
 The first damper solution causes vibration damping of cutting 
tool in the stiff bending and torsional mode. It uses a non-liner rubber 
material for both stiffness and damping make it challenging to tuning 
correctly. 

 

 Second damper solution   
 The second damper solution is based on rubber material and 
will be more easily working in theory but it will be hard to produce 
that causes increasing costs. The positive thing with this solution is 
that the damper mass can be larger and give a better damping if the 
solution is tuned correctly. For the torsional mode, this solution will 
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give a small damping and make challenging to tune it for the torsional 
mode correctly. 

 

Third damper solution   
 It is an economic method and can give a positive effect on the 
chatter stability under the stiff bending mode, but it might get a better 
effect by adding damping material in the gap that can provide more 
energy dissipation. For the torsional mode it is possible to have 
chatter stability improvement in theoretical analysis. However, the 
first torsional mode is damped in this situation where the damper will 
have the bending movement instead of torsional movement since the 
damper is placed close to the bottom of the blade. Since the blade can 
have different overhang to cut the tuning of the damper could be 
difficult to execute for this reason. Since this solution changes the 
structural mass by cutting out a piece of material from the blade. The 
tuning of the damper needs to be performed iteratively as suggested 
in section 7.1.2, see Figure 7-8 for flow chart of the suggested 
iterative loop. 
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Figure 7-8 Suggested iterative loop for tuning the third damper suggestion. 

Figure 7-8 is illustrating the suggested iterative loop. In the first step a FRF 
will be created in Ansys using harmonic response, this FRF will then be 
imported in to MATLAB to evaluate the negative real part, the beam length 
will be estimated from this and in the last step the geometry will be 
changed in INVENTOR and sent back to the first step to calculate the FRF 
with the new geometry. In this way, the tuning of the damper can be 
performed using the same method as for the stiff bending mode. 

Ansys produce FRF using y p g
the harmonic response 

MATLAB fmincon minimizes f
the real part of FRF using p

sims method  

Calculate beam length 
analytically 

Use inventor to change g
geometry beam length 

Real part of FRF 

Stiffness 

Beam length 
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8  Conclusion  

This work has investigated the chatter stability behaviour of a lathe cutting 
tool using dynamic simulation by creating analysis tools for both time and 
frequency domain. It was very successful in that this tool can be used for 
chatter stability analysis for different designs of tuned mass dampers. 

To figure out the vibration mode which causes the regenerated vibration 
during machining, a modal analysis has been performed both experimentally 
and by FEM in ANSYS. Based on the practical experience from Sandvik 
Coromant, the stiff bending mode and the first torsional mode were mainly 
looked into.  

The chatter vibration damping was investigated by a theoretical approach 
using tuned mass dampers. Three tuning methods: Sims’ method, Den 
Hartog’s method and iterative approach using MATLABs function ‘fmincon’ 
have been used to optimally couple the TMD and tool setup. These three 
methods have provided good results, especially the Sims’ method and 
MATLAB function give good predictions of the damper parameters.  

The position of the damper is predicted by performing stress analysis, and 
the dimensions for the dampers structural design have been strategically 
decided by static analysis. The proposed damper solutions have been 
analytically and numerically evaluated on chatter vibration damping for 
different modes. Considering the manufacturing and cost, one damper design 
was selected for more detailed analysis. Targeting the first stiff bending and 
the torsional mode of the cutting tool the chosen design gives positive effect 
on the chatter stability for both modes. However, it is practically rather 
difficult to tune the damper for the torsional mode, since the manufacturing 
limits the geometry of the damper. Due to the high sensitivity of damper 
tuning, it is difficult to manually tune the damper, and the analytical tuning 
methods unfortunately do not work well, since they neglect that the 
geometric changes cause variations of the overall structural parameters of the 
tool-damper combination. 

The manual tuning for the third damper solution can be used as a starting 
point for an iterative tuning method. To obtain best performance of this 
damper solution some dissipative damper material can be added to increase 
the damping ratio.  
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9 Future work 

As future work one can do any of the following: 

Further investigations can be made on the non-linearities of the silicone 
rubber materials impact on the stability lobes of the system and come up 
with a more accurate tuning method of the system.  

Investigate the possibility to use multiple mass tune dampers to better damp 
the system in multiple modes. Where can these be placed. Can a damper 
solution that only acts in a certain axis be implemented?  

Investigate the fatigue load of the damper. Will the suggested damper 
solutions fail before the blade? 

Investigate the possibility to use a magnetic mass tuned damper and 
investigate the benefit of this. Can it be implemented in the blade and can 
the size be fitted in the blade? 

Manufacture the blade with a suggested damper solution and make an 
experimental modal analysis and a physical cutting test.  

Develop and perform the suggested iterative loop suggested in section 
7.1.5. 
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