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1 Notation 

C   Viscous damping matrix 

K  Stiffness matrix 

M  Mass matrix 

f  Force vector 

r  Response vector 

u  Mode shape vector 

x  Displacement vector 

H  Frequency response function 

T  Period 

Rff, Rxx  Auto-correlation function 

Rxf, Rfx  Cross-correlation function 

Sff, Sxx  Auto-spectral density 

Sxf, Sfx  Cross-spectral density 

f(t)  Excitation signal 

j  Imaginary unit, Number 

k  Stiffness 

m  Mass 

t  Time 

x  Displacement 

x(t)  Response signal 

 2  Coherence function 

   Damping ratio 

  Time difference 

 Frequency 
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Indices 

a  Analytical, Position 

b  Position 

i  Number 

m  Measured 

n  Number 

p  Position 

r  Point 

s  Point 

*  Complex conjugate 

 

Abbreviations 

AV  Anti Vibration 

EMA  Experimental Modal Analysis 

FE  Finite Element 

FEM  Finite Element Method 

FFT  Fast Fourier Transform 

FRF  Frequency Response Function 

MAC  Modal Assurance Criteria 

MDOF  Multi Degree of Freedom 

PSD  Power Spectral Density 

SDOF  Single Degree of Freedom 
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2 Introduction 

2.1 Background 

Dynamic loads in components and mechanical arrangements have increased 

in interest in the last decades. Today it is possible to design low weight 

components by using new materials and computer methods. An often 

disregarded problem is these components dynamic behaviour. Vibrations 

often cause endurance failure in electronic and mechanical components. 

Vibrations and noise in the working environment can also cause negative 

effects on humans. 

 

In analyses of vibrating components it is important to identify the excitation 

source and its characteristics and to determine the dynamic behaviour of the 

excited structure. These factors are of great importance for decreasing the 

effects of the vibrations. 

 

Effective tools when examining the dynamic behaviour of a structure are 

theoretical- and experimental modal analyses. Simulating the dynamic 

behaviour of a finite element (FE) model is the foundation for the theoretic 

modal analysis and using data from a measurement is the base for the 

experimental modal analysis (EMA). 

 

 

2.2 Project Description 

A user of a brush saw is exposed to vibrations in hands and arms. To 

decrease those vibrations, originating from the engine and the rotating 

blade, Husqvarna AB has developed a system with a low vibration 

attachment for their latest models.  

 

To be able to test and analyse different parameters in this attachment a 

special experimental handle attachment has been developed.  

   

The aim of this work is to make a dynamic analysis of the experimental 

handle attachment. A simple but correct FE-model of the experimental 

handle attachment will be created. 
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2.3 Method 

A dynamic simulation of the FE-models will determine the dynamic 

characteristics. The dynamic FE-model will be verified with an EMA of the 

experimental handle attachment. 

 

The strategy is to divide the experimental handle attachment into three 

parts: the handle, the front part and the rear part. A FE-mesh is created for 

each part to roughly find the dynamic behaviour of the parts. The reason for 

this operation is to find smart places for the accelerometers and for points 

of excitation in the EMA. The results from the EMA are then used for 

correcting the FE-models. When the FE-models are in good agreement with 

measurements, the different parts are assembled to one part and a new 

EMA is done for the whole structure. This EMA is then used for 

simplifying the FE-model as much as possible without loosing accuracy. 

 

The commercial software I-DEAS Master Series is used both for the FE-

models and the EMA. 
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3 Geometric Description 

A complete brush saw assembly is shown in figure 3.1. Considering 

vibrations that the user is exposed to, the handle attachment of a brush saw 

is a critical detail. An optimal handle attachment should be able to absorb 

the vibrations that occur from the engine and from the rotating blade. The 

handle attachment is constrained by AV-elements to the engine and to the 

tube that protects the driving shaft. 

  

 

Figure 3.1. A brush saw with a real handle attachment. 

 

The experimental handle attachment is a physical simulation tool for 

dynamic analysis and is made to improve the dynamic behaviour of the 

future real handle attachments. The experimental handle attachment is 

constrained by AV-elements, which in this case are two sorts of springs. 

Between the engine and the handle attachment conical springs are used and 

between the tube that protects the driving shaft and the handle attachment 

cylindrical springs are used. 
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3.1 The Handle 
 

 

 

Figure 3.2. The handle. 

 

The handle is made of an aluminium pipe with an outer diameter of 19 mm 

and a wall thickness of 2 mm. The throttle control handle, marked 1 in 

figure 3.2, is made of a complex cross section of aluminium and is joined 

by a bolted joint to the rest of the handle. The throttle control is built of 

several components of different materials and is integrated into the throttle 

control handle. The grip surface is made of rubber and is joined to the 

aluminium pipe by a mechanical joint.  

 

 

3.2 The Front Part 

The front part is made of magnesium and has a complex geometry, see 

figure 3.3. It is produced by casting and milling into a cone-shaped form, 

from both ends towards the middle. The material thickness is varying 

throughout the part.  

1 
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Figure 3.3. The front part. 

 

It has a greater thickness in the corners than in other pieces of the part. The 

hangers, marked 1 in figure 3.3, are the connection points for the harness 

that the user has around his body to carry the brush saw. Two AV-elements, 

cylindrical springs, are joined to the front part, marked 2 in figure 3.3. 

 

 

3.3 The Rear Part 

The rear part is made of aluminium and contains one perforated and one 

homogeneous plate, which are joined by four pipes with an outer diameter 

of 19 mm and a wall thickness of 2 mm. The pipes are joined by glue at the 

joint to the perforated plate and by a mechanical joint to the homogenous 

plate. Two AV-elements, conical springs, are joining the rear part to the 

engine. 

 

1 

2 
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Figure 3.4. The rear part. 

 

 

3.4 The Whole Structure 

The whole experimental structure is shown in figure 3.5. The handle is 

joined with the front part by a mechanical joint and is rotated 45 degrees 

compered to the rest of the structure, which is a natural angel for using a 

brush saw. The mechanical joint is made of two cast details, marked 1 in 

figure 3.5, which are joined together by three bolts, squeezing around the 

handle. One of these three bolts is joining the two cast details with the front 

part. The front part is joined with the rear part by another mechanical joint, 

which are made of a plastic detail, marked 2 in figure 3.5, squeezing around 

the front part. Four bolts join the rear part to the plastic detail. 
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Figure 3.5. The whole structure. 

 

 

1 

2 
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4 Theories 

4.1 Theoretical Modal Analysis 

Vibrations from the engine and the rotating blade excite the handle 

attachment in its AV-elements. The vibrations that occur must be 

considered as an input excitation to the handle attachment, which implies a 

base excitation problem. This is further discussed by for example Inman 

[1].  

 

A powerful and common tool in theoretical modal analysis is the finite 

element method (FEM). By FEM a continuous body, having an infinite 

number of degrees of freedom, is divided into a finite number of elements 

and nodal points, having a finite number of degrees of freedom. The 

stiffness matrix and the mass matrix describe approximately the mass and 

stiffness distribution of the body. 

 

Using Newton’s second law of motion for an undamped n degree of 

freedom system gives 

 

 0KxxM    (4.1) 

 

where M is the mass matrix, K is the stiffness matrix, and x is the 

displacement vector. Dots indicate time derivatives.  

 

Assuming harmonic motion  

 tjet 
ux )(   (4.2) 

where u is the vector of nodal amplitudes,  is the undamped natural 

frequency and t is time, the equation of motion becomes 

 

   02  uMK   (4.3) 

 

Equation (4.3) is an eigenvalue problem. The equation has non-trivial 

solutions only if  
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   0det 2  MK   (4.4) 

Equation (4.4) is called the characteristic equation of the system. The 

eigenvalues determine the natural frequencies and the eigenvectors 

determine the mode shapes. 

 

In I-DEAS three different formulations are available for obtaining natural 

frequencies and mode shapes; Guyan, SVI and Lanczos. Guyan can be less 

expensive than the others with small models, but has not the same 

possibilities. Lanczos is often faster than SVI and is chosen in this work 

because it is the most commonly used method in the industry.  

 

The theory of determining the natural frequencies and the mode shapes is 

not discussed in this work. Interested readers may consult for example 

Inman [1] or Greenberg [3] for more information.  

 

 

4.2 Experimental Modal Analysis  

Experimental Modal Analysis (EMA) is used to determine natural 

frequencies, damping ratios and mode shapes from experimental vibration 

measurements. EMA is based on two phenomena that occur for the 

response when the exciting frequency sweeps through a resonance 

frequency of the structure. The magnitude of the response approaches a 

sharp maximum value and the phase of the response shifts by 180 degrees, 

with the value of the phase being 90 degrees at the resonance frequency. 

The two phenomena are used to determine the natural frequencies of a 

structure from measurements of the magnitude and phase of the structure’s 

forced response as the excitation frequency is swept through a wide range 

of values.  

 

The EMA uses the relationship between the input signal and the output 

signal to find the frequency response function (FRF) for the structure.  

From the FRFs the modal parameters can be extracted. The EMA depends 

on several assumptions. An important assumption is that the structure is 

linear or is excited only in the linear range. 
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4.2.1 Measurement Equipment 

The basic elements for a vibration measurement is a source of excitation to 

provide a known input signal, a transducer to convert the mechanical 

motion of the structure into an electric signal and an analyser system to 

process the signals and to create a modal analysis.  

 

A common tool as a source of excitation is the impact hammer. The impact 

hammer has a force transducer mounted inside the head and is used to hit 

the structure, exciting a broad range of frequencies simultanously. The 

signal from the force transducer provides a measure of the input to the 

measuring system. The response of the test object is often measured with 

piezoelectric accelerometers. This type of transducer consists of two 

masses separated by a piezoelectric crystal. When the crystal is deformed 

because of an applied load, it generates a signal proportional to the 

acceleration. This signal provides a measure of the response to the 

measuring system. 

 

Both the input and the output signal are analogue time domain signals. To 

convert the signals into digital frequency domain information an analyser is 

used. The analyser converts the analogue signals to digital records in an 

A/D converter and uses the Fast Fourier transform (FFT) to make the 

signals compatible with digital computing and then performs computations 

of this signals. The A/D conversion can be considered as multiplying the 

signals by a square-wave function, which alternate between zero and one in 

one period. The period time of the square-wave function is often chosen to 

be 2/5 of the signals smallest periodic time (Shannon’s sampling theorem) 

to avoid aliasing, that is, when details of the analogue signal are missing in 

the digital representation [1]. The Fourier transform assumes that the signal 

is periodic within the sample record length and to avoid leakage, that is, 

when the signal is cut of in the middle of a period, a window function can 

be used. The window function forces the signal to be zero outside the 

sampling period. There are several different window functions but they will 

not be discussed in this work. Interested readers may consult Newland [2] 

or the interactive documentation Smart View of I-DEAS [4]. 

 

 



 

17 

4.2.2 Signal Processing 

When the analogue signals are converted into digital signals, the search for 

the FRFs can start. If the structure is excited randomly, which is the case 

with the impact hammer, then f(t) is the excitation signal and  x(t) is the 

response signal. One way of determining the FRFs is to use the power 

spectral density (PSD) and the cross correlation functions for the two 

signals. With  as the time difference between the values at which the 

signal is sampled and T as the period of the signal, the PSDs for the 

excitation signal is defined as 

 

     


 deRS j
ffff







2

1
  (4.5) 

 

and for the response signal as 

  

     


 deRS j
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 (4.6) 

 

where 
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0
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lim   (4.7) 

 

and  

     


T

T
xx dttxtx

T
R

0

)(
1

lim   (4.8) 

 

are the autocorrelation functions of the signals. The autocorrelation 

function provides a measure of how fast the signals is changing and this 

indicates how long it takes to measure enough samples of the variable 

before a meaningful statistical value can be calculated. The PSD is the 

Fourier transform of the autocorrelation. 

 

The cross-spectral density is defined as 
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where 
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and 
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are the cross correlations of the two signals. The cross-spectral density is 

the Fourier transform of the cross correlation function. The PSD and the 

cross-spectral density change the real number  into a frequency domain 

value . The FRFs is defined in [1] as 
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Equation (4.13) and (4.14) uses different PSDs to calculate the FRFs and 

this can be used to check the consistency of H(j). The ratio between the 

two FRFs is called the coherence function. The fact that (equation (5.23) in 

[2]) 

 

 )()( *  xffx SS   (4.15) 
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where * denotes complex conjugate, gives the definition of the coherence 

function as 

 

 
)()(

)(
2

2






ffxx

xf

SS

S
  (4.16) 

 

The coherence is a measurement of the noise in the signal. The value of the 

coherence always lies between zero and unity. If the value is unity the 

signals are not contaminated with noise. 

 

  

4.2.3 Modal Parameters 

When the FRF is resolved the graph of the FRF is plotted and from that 

plot the modal parameters are determined. A basic method for finding the 

modal parameters is the single-degree-of-freedom (SDOF) curve fit 

approach. This method analyses each peak of the FRF separately as under 

the assumption that the peak is the response of a damped SDOF system due 

to a harmonic input at, and near, the natural frequency. The natural 

frequencies are taken to be where the FRF curve has its maximum and the 

phase shift is 90o.  One method to find the modal damping ratio  is the 

quadrate peak picking method. This method uses two points on each side of 

a peak that satisfies  

 
2

)(
)()(

p

ba

H
HH


   (4.17) 

where p is the damped natural frequency, a is the frequency on the left 

side of the peak and b is the frequency on the right side of the peak. The 

damping ratio  is related to the frequencies corresponding to the two 

points by  

 

 
p

ab






2


  (4.18) 

 

A mode shape is a vector that contains the displacement amplitude for each 

point of the structure at a natural frequency. The mode shape vector can be 
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devised from the response of a damped multi-degree-of-freedom (MDOF) 

system with harmonic excitation 

 

 
tje 

fKxxCxM    (4.19) 

 

where M is the mass matrix, C is the damping matrix, K is the stiffness 

matrix, and f is the force amplitude vector. Assuming that the response is 

also harmonic, with notation according to equation 4.2, the relationship 

between the magnitudes of the two signals becomes after some 

manipulation 

  

 fCMKu
12 )(   j  (4.20) 

 

The matrix that describes the relationship between the signals is called the 

receptance matrix. If the receptance matrix is further analysed, see for 

example [2], a determination of the magnitude of a transfer function is 

possible. The transfer function between an input at point r and an output at 

point s, is denoted Hsr(). The measured magnitude of the transfer function, 

the measured damping ratio and the measured natural frequencies are 

related in equation (4.21) to provide a measurement of the mode shape of 

the structure. 

 

 )(2 2

isrii
sr

T

ii H uu  (4.21) 

 

where i is the i:th mode shape, that is, the i:th peak of the FRF. For every 

natural frequency a displacement matrix, which appears to be symmetric, is 

determined. If the f vector is of size n, the excitation points, s, is a vector of 

size n. For each excitation point, a value in the matrix is calculated from 

the transfer functions between the excitation points s and the response point 

r. From the phase of Hsr(), which determines the sign of the values in the 

matrix, and the displacement matrix, the mode shape vector u can be 

determined for each natural frequency.  
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4.3 Correlation 

When a theoretical and an experimental modal analysis have been done it is 

of interest to correlate the results. The values of the natural frequencies are 

easy to correlate. For example, a relative difference between the values 

could be determined. The mode shapes are more complex to correlate. One 

way of correlating the mode shapes is to build up a Modal Assurance 

Criteria (MAC) matrix. The values in the MAC matrix represent the degree 

of consistency between the mode shapes. The definitions of the values in 

the MAC matrix are analogous to the coherence function, see equation 

(4.16). The MAC value between the s:th measured mode, ums, and the t:th 

analytic mode, uat, is defined as 

  

 
  **

2
*

at

T

atms

T

ms

at

T

ms

stMAC
uuuu

uu
  (4.22) 

 

The MAC values range from zero to unity. As the value approaches zero, 

the two shapes became more linearly independent. A value approaching 

unity indicates that the motions of the two mode shapes are close to each 

other. 

 



 

22 

5 Measurement Techniques 

5.1 Measurement Set Up 

The different parts, and also the whole structure, are suspended in rubber 

bands and could be seen as totally free. The whole structure is also 

measured when it is fully constrained in its AV-elements. The constrained 

measurement set-up is shown in figure 5.1. 

 

 

 

Figure 5.1. Measurement set up. At the left the handle attachment 

constrained in its AV-elements. At the right the measuring system. 

 

All structures are excited with the impact hammer in chosen points and the 

response is measured with piezoelectric accelerometers in other chosen 

points. On the excitation signal an impact window is used and on the 

response signal an exponential decay window is used to improve the signal. 

The use of window functions is discussed in for example [2]. 

 

The HP Front End that is used as analyser has a built-in anti-aliasing filter. 

The HP Front End collects and digitises the analogue voltage signals from 



 

23 

the impact forces and from the response. The software I-DEAS computes 

the signals to determine and visualise the modal parameters.  

 

A large concrete foundation is used as measurement table to avoid 

disturbance from the ground. All bolts are tightened hard so that 

movements in the mechanical joints should be negligible. 

 

 

5.2 Models 

The places for the accelerometers and excitation points were determined 

from the result of the simulated FE-models so that every simulated mode 

was excited. Three accelerometers are placed in two different nodes so that 

all three directions are measured. All parts are excited in all possible 

directions in all measurement nodes. The nodes in the measurement models 

are joined with trace lines so that it is easy to visualise the movement of the 

nodes. 

 

The model of the handle contains seven nodes, which are placed along the 

beam geometry. While it is not possible to put accelerometers on the grip 

surface, because of non-linearity in the rubber, a part of the handle 

geometry had to be cut of in the measurement model. 

 

The mode shapes from the simulated FE-model shows that it is not only 

simple transversal vibrations in the front part. The front part is therefore 

built up of as much as 36 nodes, which are strategically placed along the 

geometry.  

 

From the simulated model of the rear part, information was found that the 

mode shapes could be recognised on how the two plates move. Therefore 

the measurement model is simplified to eight nodes, four nodes for each 

plate. 

 

The whole structure is modelled with 15 nodes. Because of small effect on 

the whole structure by the front part, only one node is placed on the front 

part geometry. The handle is modelled with the original seven nodes and 

the rear part is modelled with eight nodes, four for each plate.  

 



 

24 

5.3 Results 

The measurement results are processed with either a SDOF method or a 

MDOF method to determine the dynamic behaviour. The different parts are 

processed with a MDOF method and the whole structure is processed with 

both a MDOF and a SDOF method. The reason why the MDOF method did 

not fully work with the whole structure may depend on a bad response 

signal from one accelerometer. However, since the results from the SDOF 

method are reliable, a new measurement was not necessary. The values 

from the measurements are presented in table 5.1. The whole part, 

constrained, contains six non-elastic modes, which are presented in the last 

column in table 5.1. 

 

Table 5.1. Measured values. 

 

 The 

Handle 

The 

Front 

Part 

The 

Rear 

Part 

The 

Whole 

structure 

The Whole 

structure, 

constrained 

Rigid 

body 

modes 

Mode 1 

(Hz) 

99 1107 398 51 57 9.5 

Mode 2 

(Hz) 

164 1235 506 75 80 23.0 

Mode 3 

(Hz) 

227   1466 514 111 113 24.8 

Mode 4 

(Hz) 

279 1607 983 120 123 27.9 

Mode 5 

(Hz) 

421 1786  194 191 31.3 

Mode 6 

(Hz) 

 1979  212 214 36.0 

Mass 

(g) 

734 402 1535 2878   
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6 FE models 

The results from introductory FE-models were used to find out a good 

measurement set-up. The experimentally determined dynamic 

characteristics are now used to improve the theoretical models. To be 

useful in the design process the theoretical models should be as simple as 

possible, but reflect reality with good accuracy. 

 

 

6.1 Element discussion 

There are several different element types available in commercial FEM 

software. The element types used in this work are discussed briefly below. 

More details can be found in the I-DEAS interactive documentation Smart 

View [4]. 

 

The linear and parabolic beam elements are based on the Timoshenko beam 

theory. The nodes in the elements have three translational and three 

rotational degrees of freedom. The linear beam element is straight. The 

parabolic beam element uses an isoparametric formulation, which allows it 

to be curved, and also makes it suitable for attachment to the isoparametric 

parabolic shell element. For a general discussion of isoparamtric elements 

the interested reader may consult for example Ottosen and Petersson [5]. 

The cross section of the beam elements can be a standard cross section, like 

pipe, rectangle, etc. It can also be a general section.  

 

The linear thin shell element, with three nodes, should be used sparely. It 

performs very well in bending, but can only model a constant stress state. 

The isoparametric parabolic thin shell element has six nodes. Three 

translational and three rotational degrees of freedom are assigned to each 

node. The element formulation is based on the thick, or Mindlin, shell 

equations in which displacement due to transverse shear is included. The 

thickness can be constant or varying. The thickness at the mid-side nodes in 

the isoparametric parabolic shell element are assumed to be the average of 

the thickness in the closest corner nodes. 
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Node-to-node translational spring element have three translational degrees 

of freedom. The element has no other properties than stiffness. 

 

A lumped mass element concentrates mass at a node. The element has three 

translational and three rotational degrees of freedom. 

 

 

6.2 The Handle 

The handle is the easiest part to create a FE-model for. The aluminium pipe 

is modelled with 17 linear beam elements. The rubber handles and the 

throttle control is approximated with 14 lumped masses. The model is 

shown in figure 6.1. 

 

 

 

Figure 6.1. FE-model of the handle. The rectangles show lumped masses, 

simulating the weight of the rubber handles. The circular sections show the 

cross section of the aluminium beam. 

 

Because of the simplicity of the model no attempt for further simplification 

is done. The handle model contains 31 elements and has a mass of 746 g. 

Difference in mass between reality and the FE-model depends on the added 

accelerometer mass in the FE-model. 
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6.3 The Front Part 

The front part was modelled from a Catia model from Husqvarna AB. 

Unfortunately there were some problems when importing model files 

between the two Cad-systems. Several curves were missing or deformed, 

but after some modifications it was possible to create a mesh, see figure 

6.2. The model is mid-surface modelled so that the material thickness in the 

FE-model is equal on both sides of the centreline. The front part was 

modelled with the I-DEAS auto mesh function, using triangular liner shell 

elements with the largest element length possible. Although the structure 

has varying wall thickness, from about 1 mm to 3 mm, only a 2 mm shell 

thickness is used for the whole front part to decrease the time for meshing. 

 

 

 

Figure 6.2. Mesh of the front part. 

 

When the EMA of the front part was done the mesh was modified to fit the 

measured values. Different thickness of materials was defined on strategic 

places. The modified mesh was also created by the I-DEAS auto mesh 

function. When the FE-model agreed with measurements, the main 

simplifying process could start. The original mesh contained 8278 elements 

and had a mass of 400 g. 
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6.3.1 Simplified Model 

The new model was manually meshed by parabolic rectangular elements. 

Several different thickness of surfaces was apportioned the front part and 

some details, as material concentrations, were approximated by lumped 

masses. The simplified model is shown in figure 6.3. 

 

 

 

Figure 6.3. Simplified model of front part. 

 

The front part’s complexity made the simplifying process quite difficult. 

Twenty different thickness of material were used. The thickness were 

chosen so that the stiffness was approximately the same as for the real front 

part and are not really the physical thickness. The test results and the 

simulated results reached very good agreement.  

 

 

6.4 The Rear Part 

The rear part is modelled in I-DEAS Master Modeller as a solid model. 

When using auto mesh functions it is wise to avoid features such as small 
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holes. The element concentration around such features increases the size of 

the FE-model and the time for solving it. The model is shown in figure 6.4. 

 

 

 

Figure 6.4. FE-model of the rear part. The lumped masses shown with 

rectangles simulate bolts. 

 

The plates and the plastic detail were meshed with parabolic triangular 

shell elements and the pipes between the plates were meshed with parabolic 

beam elements. Joints are difficult to approximate in a FE-model. There is 

always flexibility in the joints, depending on for example how hard the 

bolts are tightened in a mechanical joint or the stiffness of a glued joint. In 

a FE-model the joints can be modelled as rigid or by using spring elements. 

The rear part contains a lot of joints, both glue joints and several 

mechanical joints. Therefore the correction of the FE-model towards the 

test results was hard and the rear part was difficult to simplify without 

loosing too much accuracy in the simulation of the dynamic behaviour. The 

simplifying process of the rear part started after the different parts were 

assembled, to find out which details that did not affect the whole part. The 

rear part contained 2230 elements and had a mass of 1499 g before it was 

assembled and simplified. 
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6.5 The Whole Structure 

When the simulation of the dynamic behaviour agreed with the test results 

for the three different parts, they were assembled. The assembled model is 

shown in figure 6.5. 

 

 

 

Figure 6.5. FE-model of the whole structure. 

 

At first the joints between the different models were approximated by rigid 

elements and lumped masses, but the results were not satisfying. The model 

became to stiff. The joints were therefore modelled by homogenous beams. 

Changing the dimension of the beams changed the stiffness of the joints. 

After these modifications, the joints between the different parts could be 

modelled satisfactory and the simulated results and the test results showed 

good agreement.  

 

 

6.5.1 Simplified Model 

Both the front part and the rear part have relatively high natural frequencies 

and it is of interest to find out how much of the two parts that is possible to 

simplify without changing the simulated dynamic behaviour of the whole 
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structure. The first attempt of simplifying the front and the rear part is to 

approximate the parts with rigid elements and lumped masses. The second 

attempt is to conserve the mass moment of inertia but raise the stiffness of 

the structure by raising Young’s modulus for the materials in the two parts 

1000 times. As table 6.2 shows the front and the rear part’s dynamic 

characteristics depend on booth the mass moment of inertia and the 

stiffness of the structure. During the simplifying process these factors have 

to be considered.  

 

 

 

Figure 6.6. The whole structure simplified. The model consists of beam 

elements and lumped masses. 

 

An important detail in the simplifying process is the simulation of the mass 

moment of inertia. The front part does not have as much effect on the 

whole structure as the rear part, so it is possible to simplify the front part 

more. The front part contains six beam elements with three different cross 

sections. The two plates in the rear part are simulated with beam elements 

with rectangular cross sections, which simulates the mass moment of 

inertia for the two plates. Different masses are added to the structure at 

strategically places. This is made to give the model the right properties such 

as the mass of the whole structure. The masses are then used to get the 

same dynamic behaviour as in the EMA. The result is a simplified FE-

model of the whole structure that contains 82 elements, see figure 6.6.   
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6.5.2 Constrained 

The simplified FE-model of the whole structure is used to simulate the 

constrained experimental handle attachment. Four AV-elements, two 

cylindrical and two cone-shaped springs, are attached to the model. The 

translation stiffness of the AV-elements is manually measured by a 

dynamometer and a sliding calliper. The translation stiffness in the springs 

is 29 kN/m for the cylindrical springs and 11 kN/m for the cone-shaped 

springs in the main direction. The stiffness in the other directions is 

determined by the trial and error method to reflect the measured dynamic 

behaviour of the whole constrained structure. 

 

 

6.6 Results 

The simulated frequencies for the different parts are given in table 6.1.  

 

Table 6.1.  Simulated values for the different parts. 

 

 The handle 

 

The front 

part 

The front 

part, 

simplified 

The rear 

part 

Mode 1 (Hz) 101 1113 1107 391 

Mode 2 (Hz) 161 1226 1236 515 

Mode 3 (Hz) 229 1464 1466 521 

Mode 4 (Hz) 284 1598 1614 981 

Mode 5 (Hz) 411 1783 1786 1096 

Mode 6 (Hz) 839 1977 1979 1317 

Number of 

elements 
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8278 

 

97 

 

2230 

Mass (g) 746 400 401 1499 
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The simulated frequencies for the simplified parts and for the whole 

constrained structure are given in table 6.2. The number of elements in the 

whole structure decreased with 99% after the simplifying processes, 

without loosing accuracy in the description of the dynamic behaviour. 

 

Table 6.2. Simulated values for the whole structure. 
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Mode 1 (Hz) 51 56 56 51 57 9.6 

Mode 2 (Hz) 76 91 83 75 80 22.9 

Mode 3 (Hz) 109 134 132 112 113 24.8 

Mode 4 (Hz) 122 191 166 121 123 27.3 

Mode 5 (Hz) 193 226 223 191 191 31.1 

Mode 6 (Hz) 216 250 229 214 214 35.7 

Mode 7 (Hz) 244 416 412 243 248  

Number of 

elements 

2358 63 2358 82 94 94 

Mass (g) 2855 2834 2855 2878 2878 2878 

 

(1) The front and the rear part approximated with rigid elements and masses. 

(2) Young’s modulus of the material of the front and the rear part raised 1000 times. 

(3) The final simplified model of the whole structure. 

(4) Elastic modes for the whole constrained structure. 

(5) Rigid body modes for the whole constrained structure. 
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7 FE and Test Model Correlation 

The FE-models are correlated against the test results. The differences in 

natural frequencies and mass of the parts are shown in tables 7.1 to 7.4.   

 

Table 7.1. Correlated values for the handle. 

 

 Mode 

1  

Mode 

2  

Mode 

3  

Mode 

4  

Mode 

5  

Mass(g) 

Test results 

(Hz) 

99 164 227 279 421 734 

Simulated 

results (Hz) 

101 161 229 284 411 746 

Relative 

Difference 

2% 1.9% <1% 1.8% 2.4% 1.6% 

 

 

Table 7.2. Correlated values for the rear part. 

 

 Mode 

1  

Mode 

2  

Mode 

3  

Mode 

4  

Weight(g) 

Test results 

(Hz) 

398 506 514 983 1535 

Simulated 

results (Hz) 

391 515 521 981 1499 

Relative 

Difference 

1.8% 1.8% 1.4% <1% 2.4% 
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Table 7.3. Correlated values for the front part, simplified. 

 

 Mode 

1  

Mode 

2  

Mode 

3  

Mode 

4  

Mode 

5  

Mode 

6  

Weight(g) 

Test results 

(Hz) 

1107 1235 1466 1607 1786 1979 402 

Simulated 

results (Hz) 

1107 1236 1466 1614 1786 1979 401 

Relative 

Difference 

< 1% < 1% < 1% < 1% < 1% < 1% < 1% 

 

 

 Table 7.4. Correlated values for the whole structure, simplified. 

 

 Mode 

1 

Mode 

2 

Mode 

3 

Mode 

4 

Mode 

5 

Mode 

6 

Weight(g) 

Test results 

(Hz) 

51 75 111 120 194 212 2878 

Simulated 

results (Hz) 

51 75 112 121 191 214 2878 

Relative 

Difference 

< 1% < 1% < 1% < 1% 1.5% < 1% < 1% 

 

In figure 7.1 each measured natural frequency is plotted against the 

corresponding simulated natural frequency, for the whole constrained 

structure. The difference between the natural frequencies is below 1.5 % for 

nine modes and below 4.5 % for the four others of 13 correlated modes. 

The MAC matrix for the measured mode shapes versus the simulated mode 

shapes of the whole constrained structure is shown in figure 7.2  
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Figure 7.1. Correlation between measured and simulated natural 

frequencies for the whole constrained structure. 
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Figure 7.2. MAC matrix for the whole constrained structure. 

 

 

The test results are well correlated with the simulated results in natural 

frequencies and mode shapes. If it had been perfect the values in the 

diagonal of the diagram should all be unity. It is easy to see a distinct 

diagonal, showing that the mode shapes are approximately the same. 
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8 Conclusion and Discussion 

The aim of this work was to perform a dynamic analysis of the 

experimental handle attachment of a brush saw. A simple theoretical model 

that agreed well with an experimental modal analysis was reached.  

 

The different parts of the experimental handle attachment were analysed 

separately. When the theoretical models of the parts reflected the measured 

values, the parts were assembled. A new experimental modal analysis was 

done on the assembled structure and the theoretical model was simplified 

without changing the simulated dynamic behaviour of the structure.  

 

The number of elements for the theoretical models of the different parts 

was together 10539. After the theoretical model had been assembled and 

simplified, it contained 82 elements. A decrease of the number of elements 

with more than 99% without loosing the agreement of the dynamic 

behaviour between the simulated model and measurements is a very good 

result. 

 

The correlation between the measured values versus the simulated values 

showed very good agreement. The differences in natural frequencies and 

modeshapes were low, even though a lot of joints were modelled without 

much details. 

 

The theoretical modal analysis agrees with measurements when the handle 

attachment is free. In practice the user of a brush saw grabs the handle with 

his hands and therefore a theoretical hand and arm model must to be added 

to the model to find out practically more useful information about the 

dynamic behaviour of the experimental handle attachment. 

 

It is almost impossible to make a model of a complicated structure without 

also measuring the dynamic behaviour in reality. By combining high 

quality measurements and dynamics theory it is possible to make accurate 

models, and it is often also possible to simplify these models to decrease 

the time usage when solving them. 
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This work describes the method of modal analysis and has resulted in 

useful models of the handle attachment, which Husqvarna AB can use for 

further analysis and for improvement of the design. 
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