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Preface
This licentiate thesis summarizes my work within the field of Signal Processing during my time in Signal Control Sweden AB from
1987 to 2002. The work has been performed in close co-operation
the customers like Volvo Personvagnar AB, Sveriges Provningsoch forskningsinstitut and others. Most of the material has been
published at various conferences together with the Department of
Signal Processing at Blekinge Institute of Technology. However,
here I have had the opportunity to expand the text to give a more
thorough description of the algorithms that have been designed.
The thesis consists of five parts, which are:
Part
I

An Order Analysis Method for Interior Noise Measurements
in Cars Based on a Virtual Tachometer.

II

A Fast Multi-plane Shaft Balancing Method for 4-Wheel
Drive Cars.

III

Custom Designed Filters through Time-Window Modification.

IV

Active Vibration Control of Cutting Operations.

V

Adaptive Vibration Control of a Large Dimension Carbon
Fiber Boring Bar.
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Introduction
This report contains descriptions of a selection of projects that
were done during my time at Signal Control Sweden AB, from
1987 to 2002. The project discussed in part I was actually the
first commission ever given to Signal Control, in 1987, and part
V was finished early in 2002. During these years the cooperation
between Blekinge Institute of Technology (BTH) and Signal Control has been intense and fruitful for both parts. It is obvious that
a high tech company can benefit from a close relationship with
the researchers at the university but - this I have been told - the
academy can likewise thrive from the contacts with the industry. I
am not talking about funding, rather about applying the theories
on real world problems and the mutual benefits that often, thus,
are achieved.
I have a lot of respect for people who possess in-depth knowledge and understanding of theories. I also respect skilled industrial
professionals. But my deepest respect goes to those who master
the theories and who can apply them successfully - even outside
the lab! It is in this borderland between research and industry
that my heros reside.
Not all projects qualified for this report. There are at least
three criteria that must be fulfilled:
1. There must be something new or at least interesting from
the academic point of view.
1
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2. There must be a customer somewhere who wants to pay for
the project.
3. The task must be limited so that we can deliver within a
certain time or cost budget.
The above criteria are somewhat related and sometimes conflicting. If a problem is very interesting from an academic point of
view, it is probably difficult to know how time-consuming it is
and consequently a customer might be reluctant to pay for a such
project.
As the reader will notice the theoretical parts are the base
for doing all the applications, however, all projects consist mostly
of hard work. As I now add together all the years and adopt a
view from the academic horizon I can see that it suffers from time
restrictions. Not that the work would be hasty or careless, but
not having the time to investigate alternative solutions, consulting
different experts, discussing and testing other strategies, has of
course, made its imprints on the work presented here. For the
customer, often, one working solution is enough. Also lacking are
the interesting questions and other related problems that must be
ignored during a commission. It is not defensible to start digging
in depth even if you stumble upon an interesting query. If I ever
will get a chance to continue my work in this field, my first wish
is that there be time to dig deeper.
Theory can be used in various ways:
1. To seek an explanation to things you do not understand.
2. To condense experience and knowledge you have gathered.
3. To predict what will happen.
4. To hide behind when reality is too intrusive.
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5. To seek comfort from when everything has gone wrong.
Before we go into detail, I would like to fortify the reader with
the first reference to Theory by quoting Meyer’s Law from Murphy’s Law, Book Two[1]:

It is a simple task to make things complex,
but a complex task to make them simple.
This whole report is devoted to the purpose of making things simpler, and though we will see it is possible, doing so is often complicated.

PART I - An Order Analysis Method
for Interior Noise Measurements in Cars
Based on a Virtual Tachometer.
We got the commission from Volvo Car Corporation to make a
tachometer only from a microphone input. What we did not know
at that point in time was that a very respectable acoustic consulting company had received this commission prior to us and had
declared that this task was impossible to carry out. Volvo did not
believe so and when we heard this we were even more anxious to
succeed - and we did. Whether this was due to ambition or pure
stupidity is difficult to judge.
Order analysis is a means to relate sound to rpm, which is a
most important parameter for relating quality properties in cars.
The object for the project was to measure sound inside the car

4
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while it run at full speed on a roller bench. This expensive equipment is a bottleneck in the factory and can be allocated only for
a few minutes for each car. It was thus essential to minimize
the sound measurement time. There was not time for attaching
a regular tachometer. Very much money was spent on decreasing the average measurement time below 60 seconds1 - and it was
profitable. The algorithm and measurement method was patented
and due to this method, Volvo was in 1989 the first car manufacturer in the world to test 100% of the cars in production,
while the competitors had to rely on spot test checks.

PART II - A Fast Multi-plane Shaft Balancing Method for 4-Wheel Drive Cars.
Balancing shafts is often considered to be difficult. And it is difficult to explain and understand all types of imbalances and misalignments that come from internal and external pre-loads, forced
vibrations and worn out bearings etc. We have made a very simple approach, roughly expressed: We do not care to know what
caused the vibrations as long as there is a linear relation to the
imbalance. The linearity has proven to be a good assumption.
This is not surprising as long as we deal with new cars that have
no worn-out bearing or bushings. We have further found out that
the bushings need to be at normal working temperature or at least
above +50o C to fulfill the linearity constraint.
Even with this simple approach an All-Wheel-Drive (AWD)
car is complicated to balance. A (stiff) shaft needs two planes for
balancing. Two coupled shafts need four or at least three planes.
1
The average measurement time per car was in the production version of
the measurement 35 seconds!
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Complex structures like visco-clutches and freewheels make the
balancing task even more complicated.
Again, the time-consumption in the factory is crucial. The
number of measurements was decreased to incredible 2 from 5 ∗ N
where N = number of balancing planes, usually two or three.

PART III - Custom Designed Filters through
Time-Window Modification.
Everyone who has used an FFT-analyzer knows the importance
of selecting the correct time window. The results can and will be
different depending on the window. Whether understood or not,
the FFT can be considered as a multitude of parallel (partially
overlapping) filters. These filters do not convey to any written
standard and the shape is usually considered more or less fixed.
A question from SP2 to BTH ended up as a project where I was
supposed to design filters, specified by a given tele-communications
standard. The only tool available for modeling was a time window3 , and the result in the frequency domain should agree with
this standard.
I got a hint that the Flat Top P401 window from HewlettPackard4 was close to the solution. This window is secret and only
available for internal HP use. Due to our good cooperation with
HP we were entrusted to use the FT P401 for our computations.
After some trials the result was in very good agreement with the
demands.
2

Sveriges Provnings- och Forskningsinstitut
1024 or 2048 sample long blocks
4
At the present time the name is changed to Agilent
3
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PART IV - Active Vibration Control of
Cutting Operations.
One of the projects in Signal Control - active noise control in cars
- turned out very well and the technology was in 1991 hived off
to a separate company, Active Control, and the expectations were
very high that this technology would take off. However, it turned
out that many people were interested and several technology tests
and feasibility studies were performed, often with the result that
the active noise control itself worked well but with the price being
too high. No one would pay only for a decrease in sound level
unless specific circumstances called for it. The technology was
thus directed towards extreme applications like airplanes, where
weight is crucial, or metal cutting operations where productivity
and quality of operation are improved. The technical achievements
were impressive as described in Part IV, however, the commercial
success is still, in this very conservative business of metalwork, yet
to be proven.

PART V - Adaptive Vibration Control
of a Large Dimension Carbon Fiber Boring Bar.
Going for an extreme application, we tried the active vibration
control on a 2.5 m carbon fiber boring bar. The American company Baker-Hughes manufactures drills for oil-drilling under the
sea. These giant bayonet joint fitted drills have exceptional requirements. A failing part deep under the ocean bed would of
course be disastrous. The first attempt was encouraging, yet not
entirely to the standards of Baker-Hughes. The tests were done
at the facilities in Celle, Germany.
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Part I

An Order Analysis Method
for Interior Noise
Measurements in Cars
Based on a Virtual
Tachometer

Part I has previously partly been published as:
H. Håkansson, T. L. Lagö and S. Olsson, A Non-Tachometer-Based
Order Analysis Method for Interior Noise Measurements in Cars,
Society for Experimental Mechanics, Proceedings of the Twelve
International Modal Analysis Conference, IMAC-XIIth, Vol II, pp
1491-1495, USA, 1994. (ISBN 0-912053-44-5)

An Order Analysis Method for Interior
Noise Measurements in Cars Based on a
Virtual Tachometer
Sven Olsson

Abstract
Order analysis is a common measurement method when
determining the sound field in a car, since most noise components are related to the rpm of the engine. In production there is very limited time for doing measurements.
Therefore, the time for mounting a tachometer transducer
is too long. Also, the system is very dependent on a reliable tachometer signal. A new system has been developed
here, making it possible to do order analysis without the
use of a tachometer signal. The system consists of two microphones inside the car, and no tachometer transducer.
From the microphones, all the order information is calculated in the frequency domain. The system has been used
for some years, and the results are good and reliable. The
article describes the system implementation, as well as the
algorithm that makes it possible to derive the order information from the spectral information.
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Part I

Introduction

To achieve further quality improvement in Volvo cars certain noise
and vibration properties are evaluated at the Volvo factory. In
spite of the detailed specifications provided to all suppliers, some
tolerance chain from matching components may cause annoying
noise in a few production cars. These types of quality deviations
can, thus, be found in fully-assembled vehicles.

1.1

The Factory situation

All assembled cars have to meat a number of specifications before they leave the factory. Several tests are performed at factory
roller stands where speed and load can easily be controlled. Noise
components are very often related to the rpm of the engine [1].
A traditional solution for this type of measurement is to attach a
tachometer transducer to the car. The test time available is very
limited when adding a noise and vibration test to the total test
sequence at the roller stand. There is certainly no wish to spend
these valuable seconds with cable arrangements to the car. Also,
and for obvious reasons, it is not practical to use cables in the
proximity of rotating rollers.

1.2

Objective

To facilitate the factory installation, it was necessary to invent a
test method based on a non-tachometer order analysis method. A
thorough investigation of available methods was conducted, with
the result that a new methodology had to be invented. Figure 1
gives an overview of the system layout.

An Order Analysis Method for Interior Noise Measurements in . . .
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Figure 1: Overview of the system layout with roller bench, measurements system HP 3565 and driver interface.
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Part I

Auto power spectrum and estimation of the RPM

The rpm estimation is solely calculated in the frequency domain,
by using an auto power spectrum. The frequency range is simultaneously measured at 0-400 Hz and 0-1600 Hz. In order to calculate
some other acoustic parameters, the frequency range 0-6400 Hz is
also measured. The rpm range to be measured does not exceed
6000 rpm (100 Hz). For each of the three frequency ranges auto
power spectra are produced. An auto power spectrum Pxx (fk ),
BW
fk = k400
where BW is the analysis bandwidth (400, 1600 or
6400 Hz) and 0 ≤ k ≤ 400, is calculated using a 1024 point real
FFT resulting in 401 spectral lines [2]. It is rare that the rpm r to
be estimated is the dominating frequency component in the measured signal. Instead, it is rather two series of harmonics, named
the A-series and the B-series, which characterizes the rpm. The
estimation of the rpm based on the harmonics is very often calculated in retarding or accelerating mode of the car. This implies
that the signal is not stationary. The effect on the spectral lines
of this non-stationarity is discussed later.
It is obvious that the rpm estimation will not be accurate if we
use a direct peak-picking approach on the spectral lines from an
FFT, solely. Some a priori knowledge has to be included in order
to make the rpm estimation robust and accurate.

2.1

The RPM interval

In the order analysis, both the accelerating and the retarding
modes of the car are utilized. Here, the rpm is accelerated from
a low number of revolutions rlow to a higher rpm rhigh and subsequently retarded from the higher rpm rhigh down to the lower

An Order Analysis Method for Interior Noise Measurements in . . .
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Figure 2: Illustration of the rpm interval where the estimation of
the order signal is located.
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number of revolutions rlow . For the order analysis the accelerationretardation cycle is carried out in a controlled manner during an
adequate time interval [tstart , tstop ].
Pertaining to our a priori knowledge, in each accelerationretardation cycle, is the fact that the true rpm value r(ti ) at each
time ti , i ∈ {1, . . . , I} and tstart ≤ ti ≤ tstop , is located within
a certain rpm range. This range is such that r1 (ti ) < r(ti ) <
r2 (ti ) for all ti , i ∈ {1, . . . , I} and tstart ≤ ti ≤ tstop , which implies that there is an upper and a lower bound for the estimates
r̂(ti ), i ∈ {1, . . . , I} of the rpm signal. Figure 2 illustrates typical rpm bounds. These limits will help to create a more accurate
and robust estimation method, and this a priori knowledge also
decreases the calculation complexity considerably. It is not necessary to carry out the calculation of ”uninteresting” values of the
rpm. Therefore, each interval r1 (ti ) to r2 (ti ) should be narrow,
but not too narrow.
For each ti a vector ~v (ti ) of discrete plausible rpm values is
formed as:
~v (ti ) = [v1 (ti ), v2 (ti ), . . . , vL (ti )] =
(1)
[r1 (ti ), r1 (ti ) + ∆r, r1 (ti ) + 2∆r, . . . , r2 (ti ) − ∆r, r2 (ti )]
For the calculations a certain resolution, ∆r, in the estimation of
the rpm is stipulated. The size of ~v (ti ) is thus
L=

r2 (ti ) − r1 (ti )
+1
∆r

(2)

Only one of all values in ~v (ti ) corresponds to the ”true” rpm. Our
task is to find out which one.

17
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Figure 3: A power spectrum from a measurement with the floor
function applied.
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2.2

Part I

Visible orders

Also pertaining to the a priori knowledge is the fact that the
visible spectrum peaks could relate to the rpm, resonances as well
as noise components. For the estimation procedure, only orders
or rpm-related signals are of interest. By using median filtering,
more clear peaks can be obtained [3, 4]. This method is powerful
but requires considerable computer power. Instead, a non-linear
filtering method using a floor function has been adopted. This
non-linear filtering methods has proven to be successful on the
available data. In Figure 3 a power spectrum from a measurement
with the floor function applied is illustrated.
The interesting orders are then given by full and half orders of
the engine rpm, series A, and integer orders of the wheels, series
~ containing the interesting orders for each series
B. Now a vector C
is produced according to:
"
#
1
n
1
m
~ =
C
···
···
m, n ∈ N
(3)
A
A γB
γB
Here, the constants A and B characterize the dominating order
series, A=2 corresponds to engine orders, and B corresponds to
wheel orders, the value of B is the rear axle gearing, e.g. B=3.73.
The factor γ describes the so called ”slip” in an automatic gear
box. For a manual gear box γ = 1, and for an automatic γ varies
between 0.8-1.2 depending on load conditions. A suitable selection
~ containing the interesting orders for each
of m, n gives a vector C
series.
Now a software function ”Peaks” is designed and for each time
~ the vector ~v (ti ) containing the plausiti it uses the order vector C,
F loor
ble rpm values and auto power spectra Pxx
(fk , ti ) with the floor
~ and the vector ~v (ti )
function applied. Based on the order vector C

An Order Analysis Method for Interior Noise Measurements in . . .
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containing the plausible rpm values the ”Peaks” function produces
a matrix O(ti ) as:


~o1. (ti )
 ~o2. (ti ) 
1

~ =
O(ti ) = ~v T (ti )C
(4)


..
60


.
~oL. (ti )
Where ~ol. (ti ), l ∈ {1, 2, . . . , L} are the row vectors of the matrix
O(ti ). Each row vector contains the plausible order frequencies
that corresponds to a separate plausible rpm value. For each
row vector ~ol. (ti ), l ∈ {1, 2, . . . , L} starting with row ~o1. (ti ) the
”Peaks” function starts with the first element of the row vector
F loor
~ol. (ti ), ~ol1 (ti ), and picks the level of Pxx
(fk , ti ) at the frequency
line closest to this order frequency and store the logarithm of this
~ l (ti ) at
power spectrum level in a new 1 × m + n row vector E
position 1. This procedure will be repeated up to and including
element m + n for each row l. This results in L 1 × m + n row
~ l (ti ) . Hence,
level vectors E
~ l (ti ) = P eaks(vl (ti ), C,
~ P F loor (fk , ti )), l ∈ {1, 2, . . . , L}
E
xx

(5)

Since the power spectrum is already expressed in dB, logarithm
is actually performed a second time! This is a very convenient way
to work around the tremendous dynamic variations in the original
sound power spectrum. The order character changes when the
rpm changes. This implies that an order which dominates at a
certain rpm might be low at another.
The location of the microphone is also very important. Depending on the geometry, it is possible to have dropouts, [8]. These
dropouts will hide some orders when the rpm is changing. Fortunately, there are measurement points where the dropouts affect
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ENGINE TYPE

PATENT GRANTED 1991-12-19:
Method to calculate true rpm
for engine/shafts/wheels
using one or two microphones
sample by sample.

DRIVING CYCLE:
Speed [km/h]

NOISE TEST START
NOISE TEST STOP
Time [s]

SPEED INTERVAL
Stop

Template: Expected engine orders
1.5

2

3

4.5

Start

Requirement

6

Noise level [dB]

i=1

Template: 6-cyl engine
Frequency [Hz]

Noise Spectrum, FFT No i:

RPMi

Spectrum No i
Engine revolutions [RPM]

Noise level as a function of RPM

Figure 4: Illustration of the measurement method. The spectral
information from the car is looked at through a car specific ”window”. The orders visible through this window are processed by the
system, rpm by rpm.
the orders one at a time. This is due to the fact that the acoustic
nodes for different orders seldom coincide in a cavity, like a car
compartment.

2.3

Engine type characterization by weights and
engine rpm estimates

Every engine type is characterized by the use of weights, which indicates how much a certain order will be visible at a specific rpm.
In this work, a ranking from {0 . . . 15} has been used, where fifteen
indicates that it is ”a completely dominating order”, and zero indicates that the order ”does not exist”. The weights have different
values depending on the rpm interval [r1 (ti ), r2 (ti )] and the load
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condition d, (up-hill or down-hill). The weights wp (r1 (ti ), r2 (ti ), d),
1 ≤ p ≤ n + m, are placed in a row vector w(r
~ 1 (ti ), r2 (ti ), d) with
length n + m.
This is also empiric a priori knowledge that is included and cor~ l (ti ) using the
related into the measurements by the level vectors E
previously defined weight vector w(r
~ 1 (ti ), r2 (ti ), d) so that a quality number P is achieved for each plausible rpm value vl (ti ), l ∈
{1, . . . , L} according to
~ l (ti ) w
Pl (ti ) = E
~ T (r1 (ti ), r2 (ti ), d)

(6)

The calculation is carried out by generating the matrix E(ti )
~ l (ti ) as a rows. Each column corresponds to a certain order.
with E



E(ti ) = 


~ 1 (ti )
E
~ 2 (ti )
E
..
.
~
EL (ti )







(7)

or in matrix form
³
E(ti ) = P eaks

~ P F loor (fk , ti )
~v (ti ), C,
xx

´
(8)

E(ti ) has the dimension L × (n + m) and
P~ (ti ) = E(ti ) w
~ T (r1 (ti ), r2 (ti ), d)

(9)

As the estimate r̂(ti ) of the number of revolution r(ti ) at time ti
the plausible rpm vl (ti ) that results in the highest quality number
Pl (ti ) in the quality vector P~ (ti ) is selected.
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Estimation quality points and resulting rpm

In the car there is more than one microphone and they are positioned at different measurements positions. For instance, if S
microphones and positions, (x1 , x2 , . . . , xS ), are used. This creates S estimates of the engine rpm, r̂xs (ti ), s ∈ {1, 2, . . . , S}, for
each time ti , i ∈ {1, . . . , I} in the acceleration-retardation cycle.
For a acceleration-retardation cycle each measurement position
generates a vector containing estimated rpm:s according to:
~ˆrxs = [r̂xs (t1 ), . . . , r̂xs (tI )]T , 1 ≤ s ≤ S

(10)

Also, for each measurement position xs a quality vector containing the quality numbers corresponding to the estimated rpm:s are
formed:
~P xs = [Pxs (t1 ), . . . , Pxs (tI )]T , 1 ≤ s ≤ S
(11)
Based on the S vectors containing estimated rpm:s and the
corresponding quality vectors the final estimates of the rpm:s are
produced. The selection of final rpm estimates are carried out
in two steps. First, for each measurement time t1 to tI r̂xs (ti )
is compared with r̂xq (ti ), q 6= s and q ∈ {1, 2, . . . , S}. For each
times ti when the S measurement positions result in identical rpm
estimates this rpm is selected as the resulting estimate r̂res (ti ).
Secondly, for each of the remaining measurement times ti the rpm
estimate rres (ti ) is given by rxs (ti ) that corresponds to the highest
quality value Pxs (ti ).
The quality numbers Pres (ti ) corresponding to each of the resulting rpm estimates rres (ti ) also indicates how well the algorithm
is able to estimate the the actual rpm:s. It is possible to define a
lower limit p0 for Pres (ti ), i.e. if Pres (ti ) < p0 then we have an indication that our estimate of r̂res (ti ) is poor. The number of r̂res (ti )
for which Pres (ti ) < p0 are summed to create a failure parameter
Nmiss .

An Order Analysis Method for Interior Noise Measurements in . . .

23

Empirically, it has been proven that if Nmiss > 2% of the
total number of spectra, the estimation of the rpm is poor, and
probably some of the assumptions are wrong. It could be that we
are measuring a different engine than the one we thought or that
the transmissions system is different from what we expected. The
possibility to detect similar problems makes this approach very
reliable and robust.

2.5

Continuity criterion

It is possible to assume that the rpm will follow a straight line.
A mean square fit of the rpm data gives a distance for each rpm
sample. If one rpm sample is too far off, it can be omitted and
replaced by an interpolation value between the preceding and the
next value.
Given the circumstance of running at constant acceleration or
retardation, the continuity criterion method has proven to be very
valuable for measurements in noisy environments.

2.6

Power cepstrum

When studying high loads at low rpm it is difficult to separate
the different orders. Furthermore, when automatic transmissions
are used, the γ-factor is far away from one. Also, it is important
to separate the different series (e.g. the A-series and B-series) of
harmonics. Power Cepstrum has been empirically proven to be a
useful tool for this separation, [5]. The Power Cepstrum gives two
distinct peaks that represent the A-series and the B-series. An
estimation of the γ-factor can also be calculated from these peaks.
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rpm

rpm value

error
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replacement
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t
time [s]

Figure 5: Illustration of the replacement of one faulty rpm based
on a mean-square fit of data.
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Non-stationarity

When you measure with an FFT, special consideration has to be
given to stationarity, [6]. In this measurement setup, no special action has been taken to compensate for the non-stationarity. However, when designing the test procedure a limit on the tolerable
variations for the fundamental rpm between consecutive spectra
has been placed. A rule of thumb is that the rpm change should
be less than 1/3 of the frequency bin. A non-stationarity will result in a smearing of the spectral peaks, which is not desirable.
By using a correct rpm change tolerance, the smearing effect is
negligible.
A possible way to compensate for this effect is to synchronize
the sampling, so-called true order-tracking or related sampling.
This is usually how this non-stationarity is handled [7]. In our
case, we do not know the rpm signal nor is it available to us. The
challenge consists, precisely, of estimating this signal!
Practical tests on cars in production have proven that the stationarity criterion does not effect our results, given that we fulfill
the above assumptions. The estimation of the rpm is then accurate
and robust.

3

Implementation

Figure 1 gives an overview of the system layout. The system has
been built up around a modular and flexible front end. It was
necessary, as described before, to measure with three frequency
bands in parallel (400 Hz,1.6 kHz, 6.4 kHz). This specific front-end
makes it possible to run three modules in parallel, with different
frequency ranges, the modules still being fully synchronized.
The car type, with the transmission and other options affecting
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the measurement, are entered via a bar code reader. The driver
tells the system to start after receiving a green light, by pushing
a button. The driver must then follow the drive curve given by
the Driver Guidance System. Measurements are taken by the two
microphones inside the car, and the data is pre-processed by the
front end and analyzed by the computer. The system has been
designed to do a simplified calculation procedure with the following
key factors:
• Noise and vibration tests in cars with a ”known” engine type.
• Roughly known starting speed of the car.
• Matching templet with an observation window when examining the expected rpm interval.
• A quality factor is established from peak values in the actual
observation window.
• Highest quality factor determines the ”true” rpm value for
this single spectrum.

4

Summary

When measuring cars in a production line it is very important
to be able to do measurements attaching as few transducers as
possible. Attaching the tachometer transducer is difficult and
time-consuming. In order to be able to do order analysis without a regular tachometer signal, a new method based on a virtual
tachometer was developed. By using as much a priori information as possible, a robust and accurate algorithm was developed.
The system solution is very fast, but still very reliable. Comparisons with other methods have been done, although the result are
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not presented in this paper. However, the system
ing very satisfactorily, and has helped Volvo Car
monitor the performance of the cars. It is also
tect variations from the Volvo standard and have
modified before delivery to the customer.

5
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A Fast Multi-plane Shaft Balancing
Method for 4-Wheel Drive Cars
Sven Olsson

Abstract
The procedure for dynamic shaft balancing in one plane is
quite well-known. Multi-plane balancing is more complex.
In production, it is most important to minimize the average number of measurements needed to perform balancing and still fulfil the requirement for residual imbalance.
A novel method has been developed taking these aspects
into account. By using a priori information about the
system together with linear system theory, namely making
assumptions about linear and time invariant functions, the
balancing procedure can be greatly improved. The reason
for improving the method is that time consumption is very
crucial in industry. The balancing time was decreased by a
factor of four with this novel balancing method. All the results acquired during the balancing process can be used to
update the linear system model, thus giving the approach
adaptive features. This enhances the performance even
more. In high technological products, like cars, individual components are coupled, giving rise to more complex
structures. The method was extended to deal with shafts
connected by free wheel and/or visco clutch. The balancing time was decreased by a factor of seven with this novel
balancing method.
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Introduction

In order to meet increased comfort requirements in many consumer
products, efforts to decrease sound and vibration have been intensified. As this often prolongs the life-time of mechanical parts and
reduces the need for maintenance and service, it adds economical
value to the end product.
Sound and vibration levels due to imbalance can be reduced
through two different strategies:
1. balancing moving parts
2. making the construction less sensitive to imbalance.
In high-performance products, both methods are often employed. In a rotating machine, for example, the shaft can be balanced and the structure made stiffer, both at the same time. In a
complex product, like a car, the tolerances for the different parts
are very small. Increased performance can be gained by balancing all the parts after they have been assembled. Even if all the
deviations are within the tolerances, the end result may be that
the vehicle does not comply with the specifications, if all the errors add up constructively. Statistically, this will happen now and
then, and these occurrences must be identified and dealt with.
Although the product design and construction may be good,
attaining the final few per cent regarding quality by adjustments
in production may be economically more feasible than implementing smaller tolerances for the individual components. It is not
likely that many cars will fall short of the specifications, and it is
therefore cheaper to deal with these few cases.
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Figure 1: A rotating disc
As the check must be carried out on every unit (car), it is
important that the measurements can be performed quickly. If
an imbalance is found, it is also desirable that the adjustment be
carried out rapidly.

2

Balancing in one plane - a disc

Imbalance is always due to the center of mass not coinciding with
the center of rotation. The remedy is to move the center of mass,
by adding or removing mass, so that the center of mass and the
center of rotation coincide. The preferred way to detect imbalance
is to rotate the body, called dynamic balancing. Considerably
small weights can cause tremendous forces. A good example of
this is the small weights of a few grams on a car wheel that can
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cause the whole car to shake. Sometimes it is not possible to
rotate the body except at very low speed. The acceleration due to
gravity is then the means of balancing - denoted static balancing.
When we study dynamic balancing, the body (mass center) is
moving around the center of rotation -the rotor spin axis- where
the latter is considered to be fixed. The trajectory for the mass
center is thus circular (or at least elliptic). This case could be
thought of as a disc rotating around a perpendicular stiff massless
shaft as depicted in Figure 1.

2.1

The mechanical model

The simplest lateral rotor vibration model that can handle radialplane orbital rotor motion is the point mass two degree-of freedom
model [1, 2] which can be illustrated with Figure 2. Here the
rotating disk with mass m is supported by two orthogonal springdamper systems, ky , cy and kz , cz . If we neglect mass moments of
inertia for the disk, the disk can be represented by a point mass m
whose location, the mass center (see Figure 2), does not coincide
with the center of rotation. The disk with radius rs rotating with
the angular frequency ω0 and the distance d between the mass
center and the center of rotation will cause a mass imbalance force
f to act on the disk and will, thus, introduce a disk motion in the
yz-plane. The application of Newton’s second law for the motion
of the mass center in both the y-direction and the z-direction yields
[1, 2]:
m

d2
d
(y(t)
+
d
cos(ω
t
+
φ))
+
c
y(t) + ky y(t) = 0
0
y
dt2
dt
(1)
2

m

d
d
(z(t) + d sin(ω0 t + φ)) + cz z(t) + kz z(t) = 0
2
dt
dt
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Figure 2: A mechanical model for a simple rotating disc
This imbalance in the yz-plane is possible to balance by adding,
or removing, mass in the plane. For convenience, this is normally
done on the surface of the disk either by drilling a small hole or
by attaching a small weight there. The imbalance of a flexibly
supported thin disc on a rigid massless shaft, rotating about the xaxis, can conveniently be described by the point mass two degreeof freedom model as described above, but with the point mass m
translated to the surface of the rotating shaft of radius rs and thus
transformed according to:
ms =

d
m (normally m À ms )
rs

(2)

Where m = md +ms and md is the mass of the disk without the
imbalance mass ms . Now, assume that it is possible to measure
the motion in the y direction of the rotation center with a suitable
sensor. By using equation 2, the equations of motion for the mass
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center of the disk, equation 1, may be rewritten, and for the motion
in the y direction the following equation is obtained:
m

d2
d2
d
y(t)
+
m
r
cos(ω0 t + φ) + cy y(t) + ky y(t) = 0
s
s
2
2
dt
dt
dt

(3)

which can be re-written as:
m ÿ(t) + cy ẏ(t) + ky y(t) = ms rs ω02 cos(ω0 t + φ)

(4)

If the above differential equation is solved in the frequency domain
a convenient method to balance the disk may be derived. The
solution is to put a weight (ms ) in the correct angle (φ). Even
though it might look like a hard job we should not despair. The
method is really neat and simple as soon as you are through!

2.2

Solving the differential equation

The Fourier transform of equation 4 may be expressed as:
Y (f ) =

1/m ms rs (2πf0 )2 1/2[ ej φ δ(f − f0 ) + e−j φ δ(f + f0 )]
(5)
−(2πf )2 + j2(2π)2 f fr ζy + (2πfr )2

where ζy = √cy
2

mky

is the relative damping and fr =

p
ky /m/2π

the undamped resonance frequency of the system in the y direction.
By defining
1/m rs (2πf )2
H(f ) =
−(2πf )2 + j 2(2π)2 f fr ζy + (2πfr )2
rs
f2
=
m fr 2 + 2j ζy f fr − f 2

(6)
(7)
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and because of the Dirac’s delta functions on the right hand side
of equation 5 it may be expressed according to:
1
1
Y (f ) = ms H(f0 ) ej φ δ(f − f0 ) + ms H(−f0 ) e−j φ δ(f + f0 )
2
2
(8)
The rotating mass may thus be viewed as the input signal to the
system with the frequency response function H(f ), at frequency
f0 , producing the output signal or response Y (f ) of the mechanical
system in the y direction.

2.3

Determining the unknown mass and angle

The expression in equation 8 is now really simple. However, with
only knowledge of Y (f ), obtained by means of measurements, it
is still not possible to balance the disk as neither the mass ms nor
its angular position φ are known. This problem might, however,
be solved. Now, we add a known weight (mass) m0 , m0 ¿ m,
at a known angle, e.g. φ0 = 0o . This weight is known as the
calibration weight. It will cause a change in the original imbalance
vibration Y (f ) to the modified vibration YC (f ). Since the mass m0
is attached to the disk it will increase the total mass of the disk and
introduce a new two degree-of freedom system which consequently
has a frequency function that differs from H(f ). However, as
m0 ¿ m we assume that the mass increase of the disk may be
neglected and that H(f ) is also valid for the new two degree-of
freedom system. Hence, the modified vibrations YC (f ) may be
expressed as:
1
1
YC (f ) = ms H(f0 ) ej φ δ(f − f0 ) + ms H(−f0 ) e−j φ δ(f + f0 ) (9)
2
2
1
1
+ m0 H(f0 )δ(f − f0 ) + m0 H(−f0 )δ(f + f0 )
2
2
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Here we benefit from the linear assumption that will be introduced
later in Section 4.1. If we form the difference between YC (f ) and
Y (f ) by using equations 8 and 9 we obtain:
YC (f ) − Y (f ) = Y0 (f ) =
1
1
m0 H(f0 )δ(f − f0 ) + m0 H(−f0 )δ(f + f0 )
2
2
consequently as both Y0 (f ) and m0 are known
Z ∞
2
H(f0 ) =
Y0 (f )df
m0 0

(10)

(11)

and similarly for negative frequencies H(−f0 ) can be obtained.
Finally, the original imbalance mass ms and its angular position
φ on the disk are produced using the equations 8 and 11 to:
Z ∞
jφ
−1
ms e
= 2 H (f0 )
Y (f )df
(12)
0
R∞
Y (f )df
= m0 R 0∞
(13)
Y0 (f )df
0
where the original imbalance mass is
¯R∞
¯
¯ 0 Y (f )df ¯
¯
ms = m0 ¯¯ R ∞
¯
Y
(f
)df
0
0

(14)

and the position (angle) is
µR∞
¶
Y (f )df
0
φ = ∠ R∞
Y0 (f )df
0

(15)

Eventually we have an analytical expression for ms and φ. However, it consists of a quotient between two integrals and it is not
very clear how we should calculate the result, but we are only a
few steps away!

A Fast Multi-plane Shaft Balancing Method for 4-Wheel Drive Cars 39

2.4

Mass and Angle using Sampled Vibration

In reality the vibration y(t) is measured and the sampled vibration
y(n) is recorded during a limit time interval, i.e. y(n), 0 ≤ n ≤
N − 1, t = n/Fs where Fs is the sampling frequency. By taking
the inverse Fourier transform of equation 8 we obtain the vibration
y(t) as:
y(t) = ms |H(f0 )| cos(ω0 t + φ + θ(f0 ))
(16)
Here H(f0 ) = |H(f0 )| ej θ(f0 ) . Thus, the discrete time Fourier
transform of y(n) is given by:
1
1
Y (F ) = ms H(f0 ) ej φ W (F − F0 ) + ms H(−f0 ) e−j φ W (F + F0 )
2
2
(17)
where F = f /Fs is the normalized frequency, F0 = f0 /Fs is the
normalized rotation frequency and W (F ) the discrete time Fourier
transform of the selected time window - in our case the Hanning
window. Consequently,
1
1
Y (F0 ) = ms H(f0 ) ej φ W (0) + ms H(−f0 ) e−j φ W (2F0 )
2
2

(18)

and assuming negligible window side-lobe levels, i.e. the contribution of the right term in the right hand side of equation 18 to the
vibration motion Y (F0 ) is neglected, resulting in:
1
Y (F0 ) = ms H(f0 ) ej φ W (0)
2

(19)

2
H −1 (f0 )Y (F0 )
W (0)

(20)

yielding that:
ms ej φ =

According to the theoretical derivation of balancing of a rotating disk, described in section 2.3, the information required to
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balance the disk may be obtained by using a calibration weight (a
known mass m0 ), m0 ¿ m, which we attach to the rotating surface of the disk at a known angle, e.g. φ0 = 0o and subsequently
measure the modified vibration yC (t). By neglecting the mass
increase imposed by the attached mass m0 to the original unbalanced disk mass, we may write the discrete time Fourier transform
of modified vibration, YC (F ), as:
YC (F ) =
(21)
1
1
ms H(f0 ) ej φ W (F − F0 ) + ms H(−f0 ) e−j φ W (F + F0 )
2
2
1
1
+ m0 H(f0 )W (F − F0 ) + m0 H(−f0 )W (F + F0 )
2
2
The difference between YC (F ) and Y (F ) is given by
YC (F ) − Y (F ) = Y0 (F ) =
1
1
m0 H(f0 )W (F − F0 ) + m0 H(−f0 )W (F + F0 )
2
2

(22)

assuming negligible side-lobe levels of the selected window yields
1
Y0 (F0 ) = m0 H(f0 )W (0)
2

(23)

and, thus, since both Y0 (F ) and m0 are known
Y0 (F0 )
m0 W (0)

(24)

H(f0 )W (0)
2

(25)

H(f0 ) = 2
Thus, by defining:
HB (F0 ) =
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Figure 3: A rotating stiff shaft
the original imbalance mass ms and its angular position φ on the
disk may be calculated as:
ms ej φ = HB−1 (F0 )Y (F0 )
Y (F0 )
= m0
Y0 (F0 )

(26)
(27)

As we have promised previously, we have now reached a very neat
and simple expression for the balance weight:
¯
¯
¯ Y (F0 ) ¯
¯
ms = m0 ¯¯
Y0 (F0 ) ¯

(28)

and the angle is
µ
φ=∠

3

Y (F0 )
Y0 (F0 )

¶
(29)

Generalization to two or more planes

Car tires can often be balanced in one plane, however, very wide
tyres like on sports cars need to be balanced in two planes: the
inside and the outside.
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x

Figure 4: A rotating compliant shaft
A rotating shaft can be thought of as a massless, stiff beam
with two planes, similar to those described in the previous section,
one in each end. This implies that two planes must be balanced.
The two planes can actually be chosen arbitrarily along the x-axis
as long as they do not coincide. The smallest adjustment needed
will, however, occur if the planes are chosen to be at the ends of
the shaft, Figure 3.
If the shaft can not be regarded as stiff, the balancing method
becomes much more complex. The most common approach is to
section the shaft into a number of ”sub-shafts” which can be individually regarded as stiff, Figure 4. The number of computations
needed will typically grow as N 2 where N is the number of planes.
Often, some a priori information can be used which will reduce
the number of calculations.
Another not unusual situation is having two stiff shafts joined
mechanically, but rotating at different speeds. This is the case
when a free wheel or a visco clutch is used for the transmission of
torque. There is in these cases a slip, often expressed in %, between the two shafts. The slip depends on the torque transmitted
through the shaft. A free wheel can transmit torque in only one
direction, as shown in Figure 5. In the case of a visco clutch, the
slip increases to a certain level with increasing torque, as shown
in Figure 6. In both cases, the resulting imbalance is changing
over time as the two shafts rotate differently. Since the two shafts
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Figure 5: Torque transmitted by a free wheel
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Figure 6: Torque transmitted by a visco clutch

10

44

Part II

are joined, it is of course not possible to measure the individual
imbalance of each shaft, only the resulting vector sum.

4

Mechanical models vis-à-vis linear system theory

The mechanical models for rotating shafts, especially for large N ,
tend to be rather extensive. Changes in the construction require
changes in the model. Often, experimental results must be employed to verify or update the model. The traditional method is
therefore very cumbersome [3, 4, 5]. If a number of assumptions
are made regarding the mechanical system, the model and the
computations will be very simple. These assumptions are often
valid, within certain limits.

4.1

Four assumptions about the system

To benefit from the powerful tools of system theory some fundamental assumptions must be made [6, 7]:
1. Causal. The system is causal, as all real-world systems are
causal.
2. Linear. Linearity is often a desired quality, yet one which is
not always fulfilled. The remedy for this may be to consider
small variations or to apply the non-linear system theory
[8, 9]. In the cases examined in this report, all the imbalances
are small. In cases where they are not small, something has
gone wrong earlier in the production process. There must be
a real defect in some component of the car if the imbalance
is large.
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H(f)
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Figure 7: A simple system model
3. Stationary. Not all parameters in a car are stationary. It
is therefore important to know the system so well that it is
possible to control the variations in these parameters. Parameters that effect the system in this way are, e.g. operation temperature, age and wear of components (bushings,
bearings etc.), and operating conditions (rpm, loads etc.).
All these parameters must be in a known status, the system
is then stationary, at least during the measurement process.
4. Time-invariant.Time-invariance is a requirement, since measurements are repeated, and as we shall see later a condition
that we rely on when we apply results from the ”average car”
to other cars.

4.2

The simple model

The assumptions made above leave us with a very simple model, as
depicted in Figure 7. According to equation 8 in which we model
the single-degree-of-freedom motion of a disk with a imbalance
point mass attached to the rotating surface of a disk, the input
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signal to the mechanical system may be viewed as a rotating mass.
The input signal (X) to the system (H) is a rotating mass,
resulting in a vibration, the output signal (Y ).
Y (f ) = H(f )X(f )

(30)

The balancing problem is in principal the inverse: By measuring
the vibration we can calculate the imbalance weight causing the
vibration. That means we do know Y and want to compute X.
X(f ) = H −1 (f )Y (f )

(31)

Before we can calculate H −1 we must estimate H. The mechanical system (the car) is very complicated, exhibiting many
modes, resulting in resonant behavior. To simplify the estimation, it is sufficient to perform measurements at n discrete points
(frequency lines) in the frequency plane
Y (fi ) = H(fi )X(fi ),

i = 0, 1, . . . , n

(32)

Actually, according sensationally simple results in equation 28 and
29 on page 41, one frequency is enough to characterize and correct
the imbalance. This frequency, however, shall be selected with
care. The theory presumes that exactly the same frequency is
applied all the times for the results to be comparable. This strict
demand is of course never fulfilled in a factory situation. The
strategy is thus to find a frequency range where both the amplitude
and the phase variations, as a function of frequency, are small. In
accordance with the 10th corollary to Murphy’s law [10], these two
regions do not coincide. A compromise will, however, be presented
in the next section.
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4.3

Supercritical speed

It is a well-known fact, and one which has been investigated for
more then a century [11], that rotating machinery can operate at
supercritical speed. Although, normally, the phenomenon is associated with H.H. Jeffcott [12], the Swedish inventor and engineer
Carl Gustaf de Laval already in 1882 introduced a flexible shaft
single stage steam turbine. An analytical study can be found in
more contemporary textbooks [13].
A simplified discussion concerning the operation of rotating
machinery at supercritical is given in the text below.
If a rotor, as that in Figure 1 with a small (resulting) imbalance of
mass m at the distance of d from the center of rotation starts to
rotate, the mass (or more precisely the whole disc) is moved out
from the center with a radial deflection r. At any angular speed ω0
the ”centrifugal force” due to the rotation and the restoring force
due to the spring constant k in the rubber bushing and bearings
are in the radial direction equal. This can be expressed
k r = m(r + d)ω0 2

(33)

where the left side is the restoring force and the right side of equation 33 is the ”centrifugal” force. The radial deflection r of the
rotation center can be solved:
r(ω0 ) =

d ω0 2
d ω0 2
d Ω2
=
=
(k/m) − ω0 2
ωc 2 − ω0 2
1 − Ω2

(34)

p
ωc = k/m is called the critical angular frequency. In the last
equality the Critical Speed Frequency Ratio Ω = ω0 /ωc is used instead. Equation 33 can be recognized as a simplification of equation 1 on page 34. This simplified relation is of course not valid
for the resonances angular frequency ω0 ≈ ωc , i.e Ω ≈ 1, but
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indicates some important facts about the behavior for speeds below Ω = 1 (subcritical) and above (supercritical). For frequencies
where Ω ≈ 1 the full complex solution stated in chapter 2 will
be applied instead. For Ω ¿ 1 the denominator is dominated by
the 1 and r ∝ Ω2 . For Ω À 1 the denominator is dominated by
Ω2 and r goes asymptotically toward a constant (d). This latter
situation is recognized as self balance. This will be explained more
in detail below. If the disc rotates around let us say the x axis the
vibration occurs in the yz-plane with the amplitude r as stated
above.
4.3.1

Amplitude accuracy

It is often convenient to measure the vibration velocity, e.g. in the
y direction, vy (t) = ẏ(t). The vibration velocity of the rotation
spinn center may be written as follows:
vy (t) = −r(ω0 )ωc Ω sin(ωc Ωt)
The amplitude vyamp (ω0 ) = r(ω0 )ωc Ω of the
function of rotation speed and

Ω3 :

amp
undef ined :
vy (ω0 ) ∝

Ω :

(35)

vibration velocity is a
Ω¿1
Ω=1
ΩÀ1

(36)

For Ω ¿ 1 the amplitude for v(t) is essentially proportional
to Ω3 and for Ω À 1 it is (asymptotically) proportional to Ω as
depicted in Figure 8. This explains why it is beneficial to estimate
the vibration at supercritical speed - the variations are negligible
since there is a region where the vibration velocity is independent
of the frequency (Ω). At subcritical speed, it is proportional to
speed to the power of 3!
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Figure 8: The magnitud of the frequency function; between input
rotating mass and the output displacement, between input rotating mass and the velocity and between input rotating mass and
the acceleration, for the point mass two degree-of freedom lateral
rotor vibration model as functions of rotation frequency.
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Figure 9: The phase of the frequency function; between input rotating mass and the output displacement, between input rotating
mass and the velocity and between input rotating mass and the
acceleration, for the point mass two degree-of freedom lateral rotor
vibration model as functions of rotation frequency.
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These results can of course be obtained using the two degree-of
freedom model of the motion of the rotation center of the rotor
used in previous sections. By taking the inverse Fourier transform
of equation 8 and producing the derivative of this expression yields
the velocity vy (t) in the y direction of the rotation center according
to:
vy (t) = −ms |H(f0 )| 2πf0 sin(2πf0 t + φ + θ(f0 ))
(37)
Which may be expanded using equation 6 as
vy (t) =

(38)
¯
¯
2
¯
¯
( ffr0 )
¯
ms rs fr ¯¯
¯ 2π( f0 ) sin(2πf0 t + φ + θ(f0 ))
−
2
¯
m ¯ 1 + 2j ζy ( f0 ) − ( f0 ) ¯¯
fr
fr
fr

Thus the amplitude of the velocity in the y direction may be written as a function of the rotation frequency f0 . To ease the comparison with the above said the critical speed frequency is used,
where Ω = ( ff0r ) according to:
¯
¯
¯
ms rs fr ¯¯
Ω2
amp
¯ 2πΩ
vy (f0 ) =
(39)
m ¯ 1 + 2j ζy Ω − Ω2 ¯
From equation 39 we find

Ω3 : Ω ¿ 1

(= dckyy ) : Ω = 1
vyamp (f0 ) ∝

Ω : ΩÀ1

(40)

For Ω ¿ 1 the amplitude for v(t) is proportional to Ω3 and for
Ω À 1 it is proportional to Ω as we have already seen. The
difference is now the the velocity is defined at the resonance Ω = 1.
For the phase of the velocity it is, however, important to take the
full complex representation into account as will be shown in the
next section.
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Table 1: Efficiency of the balance weight with deviations in angle
Deviation
Efficiency
angle
00
100%
0
1
98%
50
91%
0
10
83%
0
30
50%
4.3.2

Phase accuracy

It is very crucial to find the right angle for the imbalance. The
compensation weight will not work properly even with small deviations from the correct angle, as shown in Table 1.
To see the phase shift Φ of the velocity it is enough to study
the inside of the absolute sign from 39, as the rest is real:


Φs (Ω) ≈

0 : Ω¿1
−90o : Ω = 1

−180o : Ω À 1

(41)

There is a subscript s used to indicate that this is the phase of
the displacement. To get the velocity we will have to add an extra
90o due to the derivation. The phase for the velocity goes thus
through a shift from 90o to −90o when passing the critical speed.
This can be seen in Figure 9. The resonance is the region where
the phase shift is steepest. It is thus again important to move well
away from the critical speed, either up or down. Considering the
amplitude accuracy as described above, supercritical speed is the
only acceptable choice.
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4.3.3

Frequency selection

Since it is impossible to always measure at exactly the same frequency, the best strategy is to select a frequency interval where
the first derivative with respect to frequency of the amplitude and
phase is zero or close to zero.
We have found that in the supercritical region of the frequency
range the first derivative of the vibration velocity amplitude has a
zero. This is thus the ideal frequency range for measurements of
amplitude. The phase will asymptotically go to −90o as the frequency goes to +∞. This calls for a frequency as high as possible.
A good compromise has proven to be a selection of the region
where the amplitude estimation is optimal. We can actually estimate the vibrations at any frequency as long as it is the same. The
residual phase shift and distance to the asymptote can be handled
with the transfer function H(f ). A complicated mechanical system like a car has of course several resonances, but a reasonable
assumption is that the first resonance of the shaft is dominating
in the range Ω ∈ {1.0 : 2.0}.
When a single frequency, f0 , is found, the model is very simple:
Y (f0 ) = H(f0 )X(f0 )

(42)

H becomes a complex constant B defined by
Y (f0 ) = BX(f0 )

5

(43)

Why is low time consumption so important?

The time required to balance a shaft in production is crucial. All
resources in a factory, i.e. the machines, the storage space and the
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personnel etc, represent costs and must thus be exploited sensibly. One important factor in performing a balancing operation is
the number of measurements that must be carried out. Having to
measure once, twice or a few times might seem irrelevant but is, on
the contrary, really crucial. For the performance of one measurement, several steps are involved. The car has to be lifted about
1.5 m so that the sensors can be attached, and then lowered again
to the ground. The engine is then started and run up to the appropriate rpm (frequency). The measurement system supervises the
vibration and when the stable situation is achieved the measurement is triggered. After the measurement is completed a message
is sent to the driver to stop and then the car is lifted to detach the
sensors. The appropriate action will be taken and then the cycle
starts from the beginning again. The measurement itself might
take only a few seconds but a whole measurement cycle requires
several minutes. If only two measurements are required, a car will
be ready in 5 − 10 minutes, but for ten measurements we need
an hour or more. During this time at least one person and some
(expensive) equipment are occupied.
In this report fast means that the number of measurements is
low. The classical approach when balancing a shaft is to deal with
one plane at a time. After each plane has been balanced once, it is
necessary to go back and check the planes that have already been
balanced, since they are part of a coupled system. Therefore, to
balance one plane, at least four measurements are needed.
1. Measurement of vibration level before balancing, Y0
2. Measurement of vibration level, YC , with a known (calibration-)
weight, XC . This allows the estimation of B according to
equation 43 above
(YC − Y0 ) = B

XC

(44)
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B is computed via
B = XC−1 (YC − Y0 )

(45)

We now introduce the balancing factor, A, defined by:
A = −B −1 , if a weight is attached

(46)

A = B −1 , if a weight is detached

(47)

The correct balancing weight is then calculated as
X0 = AY0

(48)

3. Depending on how the weight is attached (detached), one or
two more measurements will be necessary: one, if the weight
is permanently attached (by welding or drilling), and two,
if it is possible to make a preliminary measurement of the
residual vibration level, Y1 , with the computed weight. This
vibration should then be zero (low). If not, further iterations
must be performed. The new weight Xn is then computed
as:
Xn = Xn−1 + AYn
(49)
4. After permanent modification of the weight, a measurement
is performed to ensure that the operation was successful.
If no iterations are required, the least number of measurements
is four for each plane. If the planes are treated successively, we
will have to go back to the previously balanced planes to do a
final check measurement the total number of measurements for
each plane will be five (except for the last plane where four is
enough). Knowing that we are dealing with a coupled system, we
can certainly expect more than five, as is the case in real life.
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6

Improvements

As discussed above, a shaft with only three planes still requires
between 10 and 20 measurements and a two-plane shaft about 10
measurements to obtain balance. This is a high number, making
the process both labor- and time-consuming.

6.1

The first improvement: multi-plane balancing

The different planes in a shaft form a coupled system. It is thus
possible to estimate the transfer functions between the planes. It
is not necessary for the measurement planes and the adjustment
planes to be the same, as long as the number of adjustment planes
is sufficient. For an N -plane balancing operation X and Y becomes
column vectors of length N and the balancing factor A turns into
a matrix of dimension N × N . The N new balancing weights (X)
are calculated:
~ = AY~
X
(50)
where (according to 46 and 47 above)
A = −B−1 , if weights are attached

(51)

A = B−1 , if weights are detached

(52)

and B is estimated in a procedure similar to that described for one
plane in equation 44 and 45. The difference for N planes is that
one estimation per adjustment plane has to be performed. Thus

A Fast Multi-plane Shaft Balancing Method for 4-Wheel Drive Cars 57

estimating one colon in B at a

 
B11 B12 .
Yc1
 Yc2   .
. .

 
 .   .
. .
 

 . = .
. .
 

 .   .
. .
 

 .   .
. .
Bn1 Bn2 .
Ycn

time
B1k
B2k
.
.
.
.
Bnk

.
.
.
.
.
.
.

. B1n
.
.
.
.
.
.
.
.
.
.
. Bnn












0
0
.
Xck
.
0
0






 (53)





With this first improvement the number of measurements is
decreased from 5N − 1 to N + 3. The above figures are valid if the
off-diagonal elements of A are small ( i.e. the interaction between
planes is weak). If they are not, the original method will require
even more measurements than 5N − 1, but the improved method
will still only need N + 3! See Table 6.3 below.

6.2

The second improvement: Using a priori
information

All units in production (cars) are supposed to be identical. This is,
nevertheless, not the case, even if they are manufactured according
to the same specifications. However, the dynamic properties are
similar. It is therefore possible to construct an average balancing
matrix A0
L
X
Ai
A0 =
(54)
L
i=1
This means that when the behavior of a new model is determined,
the model-specific balancing matrix A0,model can be calculated.
There is then no need for the normalization procedure. The results
are presented in Table 2.
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Table 2: Number of measurements required
Improvements
implemented
N planes
2 planes 3 planes
None
5N − 1
9
14
st
1
1+N +1+1
5
6
1st , 2nd
1+1+1
3
3
st
nd
rd
1 , 2 , 3
1+1
2
2

6.3

The third improvement: Using flexible permanent weights

The purpose of the final measurement is merely to check that the
result was the desired one. However, it must also be performed
to ensure that the adjustment is correct after the weight is permanently attached (or detached) by welding, drilling, or whatever
means is used. If the weight is attached permanently but can be
moved, for example fitted with a screw, the final measurement will
not be necessary.
As one measurement before and one after the adjustment are
required, it is not possible to decrease the number of measurements
further. The average number of measurements performed with
the original method was about 9 for 2-plane balancing. When all
three improvements had been implemented, the average number
was reduced to two or even less!

6.4

The fourth improvement: The adaptive balancing matrix

The performance of one specific unit (car) is better when a normalization procedure is performed, compared to using the average
balancing matrix. That is if the A matrix is ”far away” from the
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average. It is even possible that the sign (direction) of a transfer function can be different. The gradient will then point in the
wrong direction for that plane. This is the price that must be paid
for the high performance of the proposed method.
We found that the need for a normalization procedure presents
itself so seldom that it is possible to perform this every time the
”improved” strategy does not work correctly and still gain 80%
performance on average. To deal with this problem, a fourth
improvement has been added. When the balancing matrix, A,
does not agree with the average, A0 , the weight has to be moved
(phase error) or replaced (amplitude error) with a different weight.
The number of measurements required will then exceed two. It is
sometimes possible to deduce more information from the following
measurements and thus update A0 to A1 etc. If only one weight
(one plane) is changed, it is possible to update one column in B
according to:
~0
Y~1 − Y~0 = B X
(55)
thus giving A1 according to equation 51 or 52 above.

7

A model for coupled shafts

The term coupled shafts is used for shafts that can rotate independently, at more or less different angular frequency, but with some
type of mechanical connection, e.g. a visco clutch or free wheel as
described in section 3 . The linear, stationary, time-invariant and
causal model is still valid for coupled shafts. From this follows one
of the most important properties: that the imbalance is additive.
Since the shafts are rotating independently the total imbalance is
Y m = e j Φ 1 Y1 + e j Φ 2 Y2 + . . . + e j Φ n Yn

(56)
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where Yi denotes imbalance of the i:th shaft. It is not possible
to measure the individual Yi . For every measurement we will
get new values for Φi . Since Y m is the only parameter we can
observe, it will never be possible to solve equation 56 analytically,
no matter how many times we measure. The argument for Y m can
be related to any of the shafts, let us say Y1 and since all quantities
are complex we can set Φ1 = 0.
Y m = Y1 + ej Φ2 Y2 + . . . + ej Φn Yn

7.1

(57)

Two shafts

In the case of two shafts, the measurements will always result in a
circle as the shafts rotate. Equation 57 will become
Y m = Y1 + e j Φ 2 Y2

(58)

If the argument Φ2 is measured, the imbalance Y1 and Y2 can be
determined from two measurements (Y 0 , Φ02 ) and (Y ”, Φ2 ”) only.
0

ej Φ2 Y ” − ej Φ2 ” Y 0
Y1 =
0
e j Φ2 − e j Φ2 ”
(59)
0

Y2 =
or in matrix form

·
M=
µ

Y0
Y”

Y −Y”
0
ej Φ2 − ej Φ2 ”

1
1

0

ej Φ 2
e j Φ2 ”
Ã

¶
=M

Y1
Y2

¸

!

(60)
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Figure 10: Typical 2-shaft measurement

To solve Yi we need to invert M. As long as Φ02 and Φ2 ”
are not too close, M is not singular. If we can not measure Φ2
it is still possible to determine Y~ = (Y1 , Y2 ). As mentioned before, the consecutive estimations of Ym will appear on a circle in
the complex plane. With enough estimations in different angles
the result will look like Figure 10. All asterisks represent measurements (Y 0 , Y ”, . . . ). The center of the circle represents the
imbalance in the 1st shaft. This can be used to balance the shaft.
The radius of the circle is the total absolute value of the imbalance
for the 2nd shaft. This value can not be used for balancing since
the argument is not known. It can, however, be used to estimate
the maximum imbalance for the two shafts, with or without the
first shaft being balanced. The ”correct” origin from the circle is
marked with an ’o’. The average is marked with a ’+’. Often, the
average gives enough precision.
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Three or more shafts

The results in equation 59 can be generalized to higher number of
shafts. The matrix form is shown in equation 60. The number of
measurements must be equal to the number of shafts.
Y~ m = M Y~

(61)

This last expression is very convenient. We need N measurements
for N shafts. M is not singular as long as the Φm are separated.
If the number of measurements exceeds the number of shafts the
system will be over-determined. This is often desired to cope with
measurements errors.

8

Summary

Saving time in the shaft balancing procedure is very important
for production purposes. If the properties of the product are well
known, it is possible to reduce the number of measurements by
at least a factor of five (in practice sometimes more) even for a
two-plane shaft. The more complex the system, the more efficient
the proposed method will be.
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[6] J. G. Proakis and D. G. Manolakis. Digital Signal Processing Principles, Algorithms and Applications. Prentice Hall, third
edition, 1996.
[7] J.S. Bendat and A.G. Piersol. Engineering Application of
Correlation and Spectral Analysis. John Wiley & Sons, second
edition, 1993.
[8] J.S. Bendat. Nonlinear System Analysis & Identification
From Random Data. John Wiley & Sons, 1990.
[9] M. Ali G. Nader.
Nonlinear system analysis and
identification- an implementation in matlab (r). Master’s thesis, Signal Control Sweden AB, Lund, Sweden, 1997.
[10] Arthur Block. Murphy’s Law and other reasons why things go
wrong. Price/Stern/Sloan Publishers, Inc. Los Angeles, CA,
1980.

64

Part II

[11] W.A. Rankin. On the centrifugal force of rotating shafts.
Engineer (London), 27, 1869.
[12] H.H. Jeffcott. Lateral vibration of loaded shafts in the neighborhood of a whirling speed-the effect of want balance. Philosophical Magazine, 37:304–314, 1919.
[13] R.C Eisenmann Sr and R.C Eisenmann Jr. Machinery Malfunction Diagnosis and Correction. Prentice Hall PTR, New
Jersey, 1998.

Part III

Custom Designed Filters
through Time-Window
Modification

Part III has previously partly been published as:
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Custom Designed Filters through
Time-Window Modification
Sven Olsson

Abstract
When performing measurements according to standards
defined, for example, by the PTTs, it is most important
to have an exact filter bandwidth and shape, as defined by
these standards. The shape and bandwidth of the filters
generated by an FFT do not always coincide with the filter
properties prescribed by a given measurement standard.
Therefore, there is a need to change the FFT frequency
bin appearance. By modifying the standard time window,
it is possible to generate a desired equivalent bandwidth
for each bin, BEq . The BEq for the Hewlett-Packard proprietary Flat Top P 401 window was changed from 3.81
to 4.00 (6.00, 8.00, or 24.00) with the flatness and steepness of the main lobe as well as the side lobe suppression
preserved. However, it is not obvious how such changes
should be made, and using the wrong approach will lead
to deterioration in flatness (accuracy), slope and/or side
lobe suppression. In this paper, a method for changing the
standard windows is presented, in which new bandwidth,
slopes and side lobe suppression can be handled. This
method was used and implemented on a Hewlett-Packard
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Table 1: Requirements for bandpass filters
Pass band width
Frequency range
10 Hz
0 – 4 kHz
125 Hz
0 – 25 kHz
300 Hz
0 – 20 kHz
1 kHz
0 – 100 kHz
3 kHz
0 – 100 kHz
3562 Dynamic Signal Analyzer and procedures will be presented for the implementation of this method on other analyzers.

1

Background

Extensive tests are carried out to certify products in order for
them to be electrically connected to the telecommunication cable
network. In Sweden alone about 250 products are tested every year
by the Swedish National Testing and Research Institute, (SP) in
Borås.
One of the tests performed measures the electrical power emitted into the telephone network.The test standards specify that the
spectral content of the line power should be measured. Bandpass
filters must be designed to meet this requirement, in hardware and
in software. Examples of desired filters are given in Table 1.
The FFT itself can be regarded as a number of parallel bandpass filters of equal bandwidth. The characteristics of the filters
are determined by the choice of window. Modifying the time window results in a corresponding change in the frequency transform,
which can be used to design a desired filter.
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Desired qualities of a window

Many factors must be taken into account when choosing a window.
The factors can be divided into two main groups: those related
to the main lobe and those related to the side lobes. Many textbooks [1, 2] provide detailed information on the subject. Some
fundamental facts are discussed below.

2.1

Difference between ∆f and bandwidth in
the FFT

The purpose of an FFT is to transform a time signal into its counterpart in the frequency domain. As mentioned above, an FFT
can be regarded as a number of bandpass filters, all with the same
bandwidth and shape. The number of bins (filters)
N , is equal to the number of (complex) samples in the time signal.
The total sample time, T , will give the frequency resolution, ∆f ,
where:
1
(1)
∆f =
T
The bandwidth (B) for one bin is not the same as ∆f . Every
window gives a constant quotient of B/∆f . For the common time
window Flat Top P401 window, this constant is 3.82. This means
that a perfectly sinusoidal wave will appear not only in one bin,
but almost in four.
B = BEq. ∆f
(2)
The correction factor BEq. , Equivalent Bandwidth, is also called
”line shape squared”. It is a measure of how wide the main lobe
is. The Rect window has a narrow main lobe and the Flat Top a
wide one. In Table 2, the equivalent bandwidths of some common
windows are listed. However, ∆f is often determined by choosing
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fN

Time series

f3
f2
f1

Figure 1: The parallel filters of an FFT.

Table 2: Correction factors for various windows
Window name
Eq. Bandwidth, BEq
Flat Top P401
3.81
Hanning
1.5
Hamming
1.9444
Rect
1
Flat Top P301
3.4242
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the frequency span, S, and the number of bins, L, on a commercial
FFT analyzer.
∆f =

2.2

S
L−1

(3)

Main lobe properties

The main lobe has three important properties: flatness, width and
steepness of the sides, or filter slope. The flatness is usually desired, especially for amplitude measurements. For frequency measurements, a narrow main lobe is desired. It is an advantage in
both cases to have steep slopes.

2.3

Side lobe properties

The two most important features of the side lobes are the suppression and the roll-off. Roll-off means how much they are attenuated
far away from the main lobe.
The features of suppression and roll-off are important if the
dynamics in the signal is significant, i.e. if we are interested in
small signals in the frequency domain, with larger signal components nearby. A window can be designed to meet various needs.
The Hamming window is an interesting compromise. It is ideal
for studying close signals. An example is a zero that is placed
in the middle of the first side lobe, dividing it into two smaller
lobes. The main price paid is a slow roll-off, only 20dB/decade.
Generally speaking, it is often desirable to have high suppression
and fast roll-off.
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The type of signal

It is also important to consider what type of signal we will measure, as for example, random noise, sinusoidal or mixed signals.
If noise is measured, a wide main lobe ”collects” more power and
the result must be divided by the correction factor. If the signal
is sinusoidal and the maximal magnitude of the window main lobe
is 1, regardless of whether the tone is within the main lobe or not,
the result should not be divided by a correction factor. If we want
to measure noise, the Equivalent Noise Bandwidth should be used.

3

Designing the window

If the time window is changed, the resulting frequency transform
is affected, which can be used to design a filter. Assume that a
bandpass filter of 125 Hz is required to carry out a certain measurement. Using a span of 25 kHz and an FFT of 801 lines and a
Flat Top P401 would be close to this requirement:
∆f = 25 kHz / 800 = 31.25 Hz ; from eq. 3
B = 3.82 ∗ 31.25 Hz = 119 Hz ; from eq. 2
We want to find a window giving the correction factor of 4.00
while preserving the qualities of the Flat Top window.

3.1

Criteria for an improved window

The goal is to obtain the bandwidths listed in Table 1. In all
measurements, the power (amplitude) was to be determined. If the
equivalent bandwidth is disregarded, the Flat Top P401 would be
chosen for the measurements. The requirements were transformed
into five criteria:
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1. BEq. must be 4 (6, 8, 24)
2. The main lobe must be flat
3. The main lobe must have steep sides
4. The side lobes must be well suppressed
5. The side lobes must have a fast roll-off
Criterion 1 is the main focus of this paper. To quantify criteria
2-5, we decided that the Flat Top P401 could serve as a model.

3.2

The general idea

The general idea was to make use of the fact that a ”wide” time
window results in a ”narrow” frequency response, and vice versa.
Compare Rect (wide) and Flat Top (narrow) in Table 2.
The strategy was therefore to scale the window in the time
domain. This induces another effect: as the window is narrower
in the time domain, a smaller portion of the data is used. This
calls for a larger overlap of time data.

3.3

Implementation

Through simulations in M atlabr the windows with BEq. equal to
4.00 (P401-4), 6.00 (P401-6), 8.00 (P401-8) and 24.00 (P401-24)
were found.
A time window w(t) with fundamental period Tp can be written
as a Fourier series:
w(t) = a0 + 2

n
X
k=1

ak cos(2πk t/Tp )

(4)

74

Part III

Line shapes squared
P401
P401 BAD

0
−20

|W2(bin)| [dB]

−40
−60
−80

−100
−120
−140
0

1

2

3

4

5

6

7

8

9

10

11

12

Bin

Figure 2: The magnitude of the frequency functions of the windows
P401 and P401-BAD. Observe the difference in side lobe magnitude.
where the number of coefficients, n and the values of ak are unique
to every window. To scale the window a factor η ∈ [0 : 1] was
created in the simulations.
w(t) = a0 + 2

n
X

ak cos(2πηk t/Tp )

(5)

k=1

This general idea satisfied criterion 1, but the suppression of
the side lobes, criterion 4, was not fulfilled at all. In Figure 2,
both line shapes are illustrated.
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Figure 3: The 10 first samples of the window P401 and the window
P401-BAD in the time domain.
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The original Flat Top has a side lobe suppression of -100 dB
and the ”bad” modified (dashed) only -80 dB. This defect was
traced back to the fact that the original Fourier series being defined is periodic with period Tp . So upon shrinking the time scale,
the ”neighboring” periods contributed to the scaled window, i.e.
the magnitude of the beginning and the end of the time window
increases, see Fig. 3. Thus increasing the discontinuities at the
beginning and the end of the window in the time domain. Hence,
causing a convolution in the frequency domain between a rectangular window and the ”shrunk P401” thus increasing the side
lobes. A smooth function applied to ”bend” the window towards
zero made the properties of the window very similar to those of
the Flat Top P401, as shown in Figure 4.

4

Evaluation

All criteria as stated above were fulfilled:
1. The Equivalent Noise BandwidthBEq. was very close to 4,
(computed to be 4.0009).
2. The flatness was best on the small bandpass filter widths.
However, the overall deviations are very small. The top of
the main lobe for BEq. = 8.00 is shown in Figure 5.
3. The steepness is as shown in Figure 5 and is similar to that
of the Flat Top P401, but only when taking into account the
fact that the derivative is double when the width is half.
As shown in Figure 4 criteria 4 and 5 are almost the same
as the Flat Top P401. We have now created time windows with
equivalent bandwidths of 4, 6, 8, and 24. With these windows,
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Figure 4: The magnitude of the frequency functions of the windows
P401 and P401-4.
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Figure 5: The magnitude of the frequency functions of the window
P401 and the window P401-8 in the peak region of the main lobes.
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Table 3: Frequency spans and the corresponding FFT-related settings and window bandwidth requirements.
Pass Freq.
Meas.
∆f
BEq.
band Span
Span
S/800
[Hz] [kHz]
[kHz]
[Hz]
10
0–4
0–2
.5
4
10
0–4
2–4
.5
4
125
0–25
0–25
31.25 4
300
0–10
0–20
25
6
1k
10–100 0–100
125
8
3k
0–100 0–100
125
24
it is possible to construct all the filters listed in Table 1. The
combinations of frequency span and windows are shown in Table 3.

5

Post-processing algorithm

In Table 3 above, it is shown that a window with a 24.00 Hz bin
bandwidth is required. A very wide main lobe in the frequency
domain originates from a ”narrow” window in the time domain.
This means that only a few of the time series samples of the data
will be used. This is the case for the P401-24 window. We therefore recommend another method based on the above discussed
windows. The P401-4 window is essentially a window that brings
the power of a sinusoidal wave in the time domain to five bins in
the frequency domain. The power in these five bins is 12 , 1, 1, 1, 21 .
(The bins in the middle are the flat part.) Thus, if we require an
P-8 for the frequency f we could use P-4 in f-2 and f+2.
In Table 4 we present how a P-8 power is generated out of
P-4 by adding the bins in f-2 and f+2. This example shows the
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Table 4: Adding
Freq.
f-4 f-3 f-2
P-8(f)
1/2 1
1
P-4(f-2) 1/2 1
1
P-4(f+2)

power from filters together
f-1
f
f+1 f+2 f+3 f+4
1
1
1
1
1
1/2
1 1/2
1/2
1
1
1
1/2

principle of the post-processing algorithm. To generate a P-24
power we use a P401-6 window and add four bins together:
P − 24f = P− 6f −9 + P− 6f −3 + P− 6f +3 + P− 6f +9

(6)

It is important to use the magnitude-squared
√ values in the above
formula. If amplitude values are used (V / Hz), the expression
becomes:
P − 24f = (P− 6f −9 2 + P− 6f −3 2 + P− 6f +3 2 + P− 6f +9 2 )1/2 (7)
The implementation can cope with all the requirements and can
fulfil all five criteria above except one: a flat main lobe. The errors
of P401 are around 0.01dB, which is a deviation of 0.01dB from
the 0 dB level. This deviation is often negligible.

6

Summary

The method proposed in this paper is appropriate for any application where the width of the main lobe is important, e.g. when
a measurement must be performed according to a given standard.
The method will be useful in situations where the result must
be accurate and easy (fast) to acquire. Such applications are often found in quality-related testing in industrial production. It is
somewhat time-consuming to develop the window, but this time
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is saved if the algorithm is used many times, for example in automated testing.
Any spectrum analyzer can be used, provided it is possible to
employ a ”user-defined” time window. Some advanced dynamic
signal analyzers, e.g. Hewlett-Packard’s HP3562, have this capability. Using software-controlled data acquisition boards on a VXIor PC-platform will also provide this feature.
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Active Vibration Control of Cutting
Operations
Sven Olsson

Abstract
Due to recent research results in at Blekinge Institute of
Technology, a new approach to controlling vibrations in
cutting operations in a lathe has been implemented in a
product, developed by Active Control Sweden AB. The
new method controls vibrations in the cutting direction.
The implementation of the method involves an embedded
piezo actuator. Different control algorithms are applied.
Peaks in the vibration spectrum are attenuated more than
40 dB, and sound peaks more than 30 dB. The surface of
the working piece has been improved by a factor of 3-8.
The new technology is believed to enable an increase in
the productivity of machine tools and has a potential of
being part of every standard lathe in the future.
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Problem

Work-around

Rough surface
Poor precision
High sound levels
Equipment wear out
Difficult to control
production
Long setup time
Some materials and
geometries ”impossible”

Run slowly
Decrease cutting depth
Use hearing protection
Repair, buy spare parts
Invest in extra capacity
Invest in extra capacity
??

Table 1: Problems due to vibration

1

Introduction

In all cutting operations, like turning, boring and milling, vibrations are induced due to the deformation of the workpiece. This
implies several disadvantages, economical as well as environmental. Some examples are listed in Table 1.
Many different work-arounds have been developed but the fundamental problem remains. The true nature of the vibrations, its
causes, and implications were revealed in a doctor’s thesis in 1999
[1]. The findings have led to a breakthrough in this research area.

2

The new approach

One of the basic conclusions from above mentioned research was
that the vibrations occur not in the cutting depth direction but
in the cutting speed direction, as indicated in Figure 1. Another
significant observation was that the vibration spectra were not
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Rotation
speed

Cutting speed direction

Cutting depth direction

Figure 1: Vibration directions
correlated to the speed of the workpiece (the rpm), but to the
eigenfrequencies of the first bending mode of the tool holder. This
gave the idea to a new approach: to stiffen the toolholder for
that eigenmode. The concept of active noise control was used.
That means that the (primary) vibrations are inhibited by ”antivibrations”, i.e. secondary vibrations that are applied through an
actuator that is electrically controlled. See Figure 2.

3

The development of the product

A piezo actuator and a sensor were embedded into the tool holder
and an adaptive control system was developed. The system can
be described as schematically shown in Figure 3. Several different
control algorithms were used. The results shown in this paper are
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Primary
excitation

Secondary
excitation

Figure 2: Secondary excitation.

Vibration
sensor

Secondary
excitation

Figure 3: Schematic of the Control System.
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produced with a filtered-x LMS (Least Mean Square) algorithm. It
has proven to be a good compromise as it is fast, stable and accurate, yet very easy to implement. The adaptive FIR filters using a
steepest-descent method to minimize the error are frequently used
in active noise control applications. This time, however, a feedback, instead of a feed-forward, configuration is employed. The
stability of the algorithm is further improved by using a so called
leakage factor. The algorithm is thus called the leaky filtered-x
LMS algorithm [2, 3, 4, 5].

4

Results

The tests have been run in a normal production lathe (Mazak
Quickturn 250). As expected, the vibration spectrum without active control applied is narrow-banded, as shown in Figure 3. The
fundamental frequency is found at 1.5 kHz and the first harmonic
at 3 kHz. The remarkable thing is that these vibrations are completely suppressed. The attenuation of the fundamental frequency
is more than 40 dB, which means that 99% of the vibration is canceled. One interesting thing is that even when only the first mode
(1.5 kHz) is controlled, all harmonics are canceled. This is not
surprising since the cause of non-linear behavior of the clamped
toolholder is reflected by the harmonics. When the first mode is
controlled these tones disappear. The phenomenon becomes even
more obvious when the sound field is studied. See Figure 5.The
normal squeaking sound from the cutting disappears totally. The
only hearable thing is the sound from the electrical engine and
from the bearings and belts etc. The surface of the work piece
is significantly improved. The surface roughness measured by Ra
went from 9 µm down to 1 µm and Rmax from 38 µm to 8 µm. This
means that the surface can be ≈5-10 times better when the active
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Vibration Power Spectral Density [dB rel. (m/s2)2/Hz]
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Figure 4: Vibration Power Spectral Density with control on (solid
line) and with control off (dashed line).
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Power Spectrum [dB SPL]
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Figure 5: Sound Power Spectrum with control on (solid line) and
with control off (dashed line).
system is applied.

5

Implications

The implication of these results is that the application of this technology to a normal lathe would improve the productivity, decrease
the consumption of tools, decrease the wear of the machine, enable higher speeds, and thinner geometries of the workpiece. All
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Figure 6: Photo of work piece surface with active control on and
off during operation.
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these features have been proved in the laboratory. However, not
all lathes look the same, the dimensions vary significantly and
they operate differently. This means that some adaption has to
be performed before the technology can be part of every lathe.
Nothing has been said about the limitations of this technology.
There are of course limitations; some machines do not have vibration problems; the quality requirements do not call for a need to
improve the result; there could be other limitations than vibrations, like the machine power or the machine already running at
maximum speed; we might be a vibration problem in some other
part that exceeds the problems in the cutting tools; the producer
does not desire to increase the productivity. An active control
system is not needed in any of these cases.
These installations seem, however, to be a small part of existing
machines in the industry today.

6

The future

The technology is now ready for tests in real applications. One
reference installation is planned for the second quarter of 2001.
There is need for a few more reference installations before the
system can be shipped anywhere. The first investigations made
were only on turning operations (external machining), but the
development of a method for boring (internal machining) is now
under development. According to the time schedule, a reference
installation will be shown during the third quarter of 2001. The
same type of control system can be used for turning and boring.
The actuators will, however, be different.

94

Part IV

References
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Adaptive Vibration Control of a Large
Dimension Carbon Fiber Boring Bar
Sven Olsson

Abstract
In cutting processes vibrations are often very destructive
for tools, cutting edges and workpieces. Tools and cutting
edges get worn out and the surface of the workpiece becomes poor. In order to avoid vibration problems, cutting
parameters often need to be carefully adjusted. This is a
time-consuming task that slows down the overall production rate. Carbon fiber is a low density material and thus
easier to handle compared to steel. However, the low mass
makes it more apt to movement than steel.
An ODS measurement was performed on a 1.5 m long
carbon fiber boring bar. The diameter of the bar was
80 mm. The principal deflection shapes, frequencies and
directions for the bar in operation were mapped. The
main deflection direction was in the cutting speed direction. Tests on the dynamic behavior of the bar showed
that there existed an optimal point on which to apply a
secondary force.
A high voltage piezo actuator was mounted in the bar.
The actuator was able to produce considerably large forces.
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An error sensor was mounted and a filtered-x LMS adaptive controller was used. The bar was tried out in an industrial environment. In operation, the active bar was able
to attenuate up to 15 dB of the vibrations.

1

Introduction

In the boring operation, the tool and tool holder shank are subjected to a dynamic excitation due to the deformation of work
material during the cutting operation. The stochastic chip breaking formation process usually induces vibrations in the machinetool system. Energy from the chip formation process excites the
mechanical modes of the machine-tool system. Modes of the workpiece may also influence the tool vibration. The relative dynamic
motion between cutting tool and workpiece will affect the result of
the machining and, in particular, the surface finish. The process
of setting up the cutting parameters is sometimes time-consuming.
This effects productivity negatively. As production becomes more
and more flexible with small production series and complicated
geometries, the setup time is crucial. Furthermore, the tool life
is correlated to the amount of vibrations and the acoustic noise
that are introduced. The noise level is sometimes almost unbearable. These problems can be reduced by applying active control.
In the active control system for the control of tool vibration, a
tool holder construction with integrated piezo ceramic actuators
is used. The system thus becomes more stable and insensitive to
cutting parameter variations.
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Rotation
speed

Workpiece

Cutting speed direction

Toolholder
Cutting depth direction

Figure 1: The internal boring bar is inside the workpiece, cutting
inside. The cutting depth direction is orthogonal to the cutting
speed direction.
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Rotation
speed

Workpiece

Cutting speed direction

Toolholder
Cutting depth direction

Workpiece

Top view

Toolholder

Figure 2: The length of the boring bar has to be several times
larger than the diameter to be able to reach into the workpiece,
thus making the construction more apt to vibrations.
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Figure 3: Measurement. Carbon Fiber Boring Bar with twelve
accelerometers attached.

2

System Setup

The system setup is shown in Figure 1. The cutting edge is moved
into a rotating workpiece. Since the workpiece is formed like a
tube, the tool holder has to reach in. This makes the length of
the bar several times larger than its width (diameter). In Figure
2 the same system is shown from above. In the case studied the
bar was made of carbon fiber.
The toolholder is thus easier to handle compared to a regular
steel bar due to its low density. However, the carbon fiber bar was
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not stiff enough to reach the quality requirements. A picture of the
bar is shown in Figure 3. The length of the bar was approximately
1.5 m and the diameter 80 mm.

3

ODS measurements

The first measurement made on the boring bar aimed to investigate the linearity of the accelerance along the length of the bar
(x-direction). The bar was mounted in a free-free setup and excited with a hammer. In Figure 4 the accelerance between one
response positions and four different excitation points in the cutting speed direction are shown. The frequency shift of the resonance frequency at 20 Hz in the accelerance functions observable
in Figure 4 indicates a non-linear dynamic behavior of the boring
bar.
The main reason for doing an ODS (operating deflection shape)
measurement was to find out the direction and magnitude of the vibrations. The mode shapes were also of interest for the placement
of the actuators. The vibrations were measured with 12 accelerometers and a multi-channel DAT-recorder. The accelerometers were
put all along the length of the bar (x-direction) in six planes, separated by 0.2 m, as shown in Figure 3. Six of the accelerometers
measured the vibrations in the y-direction, which is the cutting
depth direction, and six in the z-direction, which is the cutting
speed direction. The measurements showed that the z-direction
dominated, which was expected. The result was beneficial. However, some vibration in the y-direction was observed.
Some dominating operating deflection shapes were found at 54,
66, 68, 71 and 75 Hz. The ODS at 68 Hz is shown in Figure 5.
The y-direction modes are hardly visible. The operating deflection
shapes of the z-direction show that maximum vibration occurs at
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Vertical excitation
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xp3
xp4

Accelerance [ms-2/N]

Blue:
Red:
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Figure 4: Accelerance function estimates from one response and
four hammer excitation positions in the cutting speed direction.
The hammer excitation points were varied in the x-direction (along
the boring bar).
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Figure 5: Operating Deflection Shape (ODS) of the boring bar at
68 Hz, showing that the z-direction is dominating.

Adaptive Vibration Control of a Large Dimension Carbon Fiber . . . 105

the end of the bar (where the cutting edge is placed). A large
amount of data was collected during the ODS measurements. The
cutting parameters were varied for cutting depth, feed, and rpm.
The vibrations were different for all parameter sets.

4

Implementation

The boring bar was modified according to the results in the ODS.
A twin actuator consisting of two high-voltage piezo ceramic actuators, each capable of a 42 kN force at the frequency range of
interest, was mounted in the bar. An accelerometer was then
added at the tip of the bar. The modified boring bar is shown in
Figure 6.
To mount the twin actuators some material of the carbon fiber
boring bar had to be removed, see Figure 7. In order to get maximum force out of the actuators they where preloaded by a mechanical fixture (not shown in the picture).
The controller was running a filtered-x LMS adaptive algorithm. The whole system was installed at Baker-Hughes Inteq in
Celle, Germany.

5

Results

The system was tried under several different running conditions.
The result was evaluated from two aspects: vibration damping
and surface improvements. The most important parameter is the
surface finish, but the vibrations are interesting since they cause
bad surfaces and bring other disadvantages. The surface roughness
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Figure 6: The boring bar mounted in the lathe. A sensor used
for error estimation by the controller is mounted at the tip of the
boring bar. The twin actuators are partly embedded in the bar.
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Figure 7: Placement of the twin actuators.
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Figure 8: The picture shows the vibration pattern made when not
using active control. When the active system was turned on this
pattern did not show up.
can be estimated with several different standards. One of the
most common is Ra which estimates an average of the magnitude
of surface roughness along short (1 mm) one-dimensional line in
the feed direction (x-direction, perpendicular to the cutting speed
direction). One of the most severe problems with this application
was the variation of the cutting depth over 10 - 30 mm in the feed
direction. This problem created a pattern, clearly visible for the
eye. However, this variation is not detected in an Ra measurement
since Ra is measured only over a mm.
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Measurement of Ra
Running condition no
1
2
3
4
5

Active
[µm]
3.1
3.2
4.2
3.4
4.8

Regular
[µm]
3.6
2.8
3.4
6.3
4.4

Diff
[µm]
.5
-.4
-.8
2.9
-.4

Table 1: The table shows Ra at different running conditions both
with and without active vibration control. The active system
sometimes improves the finish, and sometimes it does not.
The pattern is shown in Figure 8. This pattern completely
disappeared when the active system was running. Thus, the active
boring bar demonstrated an important advantage compared to the
regular one. The surface roughness was also estimated with an Ra
measurement. The requirement for the particular workpiece used
at the try-out was 2 µm, but the requirement was not satisfied with
the active system (and of course not without it). The accuracy
limit was 3 − 4 µm and could not be improved below that. When
harder running conditions were used (e.g. running condition 4 in
Table 5), the regular boring bar showed higher Ra -levels.
The conclusion was that the carbon fiber construction was too
weak and the improved stiffness received from the active system
was not enough. Regarding the vibrations it was clearly proven
that the system was able to damp the vibrations. The attenuation at the dominating peak (first mode) was up to 15 dB. (Data
not shown.) The conclusion was that the force was large enough
and that the actuators were placed correctly. The bar itself was,
however, not stiff enough to benefit from the full advantage of the
system. When the actuators were mounted, the carbon fibers had
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to be cut. This procedure could effect the stiffness in all directions
since the fibers are overlayed in all directions. The project also led
up to the conclusion that carbon fiber is not a suitable material
for boring bars.
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[6] L. Håkansson et al. Active control of machine tool chatter.
In IMAC-XVII, International Modal Analysis Conference, Orlando, Florida, February 1999.
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