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Abstract
Noise and vibrations have over the last two decades been regarded as signiﬁcant environmental health problems. Regulations regarding acoustic as well as vibration
levels have therefore become more stringent. This thesis embraces two diﬀerent
techniques to reduce unwanted noise and vibrations, spectral subtraction and active noise and vibration control. The applications treated for noise and vibration
problems are mainly means of transportation driven by combustion engines as for
example, helicopters, boats, and cars. All these vehicles have low-frequency noise
and vibration problems which are diﬃcult to solve by means of passive isolation,
hence alternative methods must be sought.
Two diﬀerent scenarios are studied. First, the high noise level in the interior of
the vehicle is accepted and the humans inside are equipped with headsets utilizing
both passive as well as active noise control. If the means of transportation employs some kind of communication equipment, such as for a cellular telephone or
an intercom radio, the noisy speech signal picked up by the microphone is cleansed
by spectral subtraction, which is a non-linear ﬁltering method employed in the
frequency domain. In the second scenario the entire interior of the vehicle is subjected to noise and vibration reduction by means of active noise and vibration
control. Active noise and vibration control is the art of reducing a primary sound
or vibration ﬁeld by interference with a secondary anti-ﬁeld.
The thesis focus on real-life applications which implies that a lot of measurements and practical diﬃculties must be treated for both scenarios, especially in
the area of active noise and vibration control. In this area, the basic idea seems
straight-forward, but implementing it in large and complex structures, such as
vehicles, is extremely diﬃcult, in particular if high attenuation is required.
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Preface
This doctoral thesis summarizes my work within the ﬁeld of applied signal processing. The thesis embraces the areas of active noise and vibration control as well as
speech enhancement.
The goal with my research is to solve advanced industrial problems and in this
way create new or improved products. Therefore, all work has been carried out
in close cooperation with the industry. Theoretical work combined with practical
measurements and installations has been the natural method of interchange during
my years as a Ph.D. student. The main concern of the thesis is the attenuation
of periodic low-frequency noise typically generated by internal combustion engines.
The application areas span over a wide variety of ”vehicles”, from rescue helicopters
to naval submarines.
Speech contaminated with noise is a common problem and as such signiﬁcant
to this thesis. Spectral subtraction, a popular algorithm, is here employed in a new
shape with non-parametric noise estimation. The improvement has resulted in a
world-wide patent currently held by Ericsson Mobile Platforms.
In applications of active noise and vibration control a comprehensive investigation to the noise and vibration problem is done, this in order to gain a good
understanding of the physical properties of the vehicle that cause the disturbance.
Active noise and vibration control can then, probably, be implemented in a more
successful way. The thesis covers new control concepts and strategies in order to
improve the computational complexity as well as the performance. An inertial
mass actuator used in a variety of applications has been given special attention.
The thesis comprises four stand-alone parts. Part I deals with the enhancing
of a noisy speech signal, using a novel method based on spectral subtraction. The
second part covers the development of a new hybrid headset combining analog and
digital active noise control with speech enhancement. Part III present my work
done in the AVIIS (Active Vibration Isolation in Ships) project which deals with
the application of active noise and vibration control in a leisure boat. Part IV
addresses the problem of submarines that radiate engine vibrations into the water.
One possible solution is presented based on an active engine mount with vibration
control in all six degrees of freedom. Most of the work has been conducted at the
Department of Signal Processing at Blekinge Institute of Technology. The research
related to submarines was partly performed at the Department of Mechanical Engineering, University of Adelaide.
The four parts that constitute the thesis are:
Part I: Spectral Subtraction with Extended Methods
Part II: A New Passive/Active Hybrid Headset for a Helicopter Application.
Part III: AVIIS, Active Vibration Isolation In Ships: A Pre-Analysis of the Sound
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and Vibration Problems
Part IV: Active Control of Engine Vibrations in a Collins Class Submarine
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Introduction

High levels of sound and vibration in diﬀerent means for personal transportation
are often regarded as a signiﬁcant environmental problem. The public awareness
of health risks in conjunction with sound and vibration exposure has indirectly,
become an important sales argument for manufacturers. Governments and health
organizations are already regulating the time and level of sound and vibration that
the human body is allowed to be exposed to. These regulations are becoming more
and more strict, wherefore new methods for sound and vibration attenuation always are in demand. The new directives from the European Union (EU), from
2005, regarding heavy vehicles (loaders, trucks etc.) constitute an example. Such
regulations state that it is not the manufacturer of the heavy vehicle but the employer who has to ensure that the maximum sound and vibration dosages, both on a
daily and weekly basis, are not exceeded. This thesis focuses especially on extreme
personal transportation means driven by combustion engines, such as helicopters,
submarines and luxury boats, which from now on will be denoted vehicles. Here,
periodic low frequency noise and vibration are dominating components. The ideas

Figure 1: Illustration of a tank, model 122 used by the Swedish defense, a typical
application high noise and vibration levels especially at low frequencies.
and algorithms have also successfully been applied to other similar applications as
for example textile machines, hydraulic piping systems, train bogies. This material
and results are, however , not included in the thesis.
The development of personal transporting vehicles shows a trend for lighter
bodies and more power-intensive engines. Weight reduction and increased power
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requirements often have adverse eﬀects on the vibratory behavior, greatly increasing the vibration and noise levels. Almost all vehicles are equipped with some kind
of communications system, such as inter-com systems on a helicopter or submarine,
or a mobile telephone communication system in a car. The masking eﬀect which
low frequency noise has on human speech also reduces the speech intelligibility.
For personnel working in such vehicles, low speech intelligibility is perceived as
disturbing and irritating, and can also be dangerous.
Two main areas have been considered when conducting the practical and theoretical work in this thesis; speech enhancement based on spectral subtraction where
the noise inside the vehicle aﬀects the signal picked up by the microphone in the
communication system, here the noise is reduced in the electrical signal; active
noise and vibration control where some parts of the vehicle are made extra silent
and/or given extra low vibrations based on destructive interference between two
sound or vibration ﬁelds.

2

Spectral Subtraction

Noise denotes unwanted or annoying sound, such as car noise or helicopter noise.
Ideally, a ”quieter” environment is the goal. Less noise makes it easier to communicate and yields less discomfort. The masking eﬀects which low frequency noise
has on speech also reduces speech intelligibility, [1], [2]. Low speech intelligibility
is perceived as disturbing and irritating, and as a consequence an increase in the
over-all communication level is often obtained. Acoustic noise reduction can be applied to an entire physical environment, in this case a vehicle, and is often obtained
by introducing passive mechanical dampers [2], [3] or applying active noise and vibration control [4]-[8]. The use of such methods is costly and it is diﬃcult to obtain
a high noise reduction, especially in vehicles where weight and cost are important
factors. For communication systems it is often suﬃcient to reduce the background
noise sent to the listener at the other end (far-end speaker), and additionally a
passive/active headset may be used by the speaker if the sound levels are harmful
or uncomfortable. Spectral subtraction is a non-linear method for reducing noise
in an electrical signal, as for example, in a microphone signal.
A classic ﬁltering method for attenuating noise from signals is the Wiener ﬁlter
[9], invented by Norbert Wiener in the 1940’s. The Wiener ﬁlter is optimal in the
least square sense for a stationary signal and is given by
H(w) =

Psx (w)
Pxx (w)

(1)

where Psx (w) is the cross-power spectral density of the desired speech signal s(n)
and the noise-contaminated speech signal x(n). Further, Pxx (w) denotes the auto-
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power spectral density of the noisy speech signal. The speech and noise are assumed
to be additive and uncorrelated, which is a valid assumption for most applications.
As an example, the noise from the rotor in a helicopter is independent of the speech
produced by the crew. Hence,
x(n) = s(n) + v(n)

(2)

where v(n) denotes the noise signal. The Wiener ﬁlter equation could now be
rewritten as
Psx (w)
Psx (w)
=
(3)
H(w) =
Pxx (w)
Pss (w) + Pvv (w)
There are two drawbacks by using the Wiener approach. First, the only accessible
signal is typically x(n) containing both speech and noise and not the separate signals
of speech-only and noise-only. However, if the noise can be considered stationary,
it may be estimated during periods of speaker silence.
Secondly, the spectra in the Wiener ﬁlter need to be estimated which results
in only an approximated Wiener ﬁlter. The Wiener approach assumes that the
signal is stationary but a speech signal only poses the property of quasi-stationarity
meaning that speech can only be considered stationary for time window durations
of 10 − 30 ms. Therefore, a short-time Wiener ﬁlter needs to be applied, where a
new ﬁlter needs to be calculated for each time segment.

2.1

Historical Review of Spectral Subtraction

The basic spectral subtraction algorithm resembles the short-time Wiener ﬁlter. In
fact, the ﬁrst reference to spectral subtraction was in a patent ﬁled by Schroeder[10]
in 1965. Schroeder was well known in the area of speech processing and had,
a couple of years earlier, ﬁled a similar patent where the noisy speech signal was
ﬁltered in such a way that at frequencies where the speech energy was low the signal
was attenuated[11]. Schroeders algorithm used an analysing ﬁlter bank where the
noisy speech signal was divided into frequency bands of a width of 300 Hz. The
signal from each band is low-pass ﬁltered to give the short-term power in each
band. During noise only (speaker is quiet) sections the noise power is estimated
in each band. The noise power is then subtracted from the noisy speech power in
each frequency band during speech periods. If any negative power in any bands was
achieved a rectiﬁcation was performed. This method resulted in that the varying
power of the speech signal in each frequency band was estimated. The algorithm
so far corresponds well with spectral subtraction as presented today, the diﬀerence
being mainly in the synthesization. The pitch in the incoming speech noise signal
was determined and used as excitation signal together with the harmonics. This
excitation signal was subsequently ampliﬁed with the previously calculated speech
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power at each band. In this way, the noise was attenuated and the ﬁrst spectral
subtraction algorithm had been born.
The next step in the evolvement towards contemporary spectral subtraction
was presented by Weiss in 1974 [12] where he had exchanged the ﬁlter bank with
Fourier transformation, and, more importantly, the excitation signal was taken
directly from the input signal. Weiss conference paper [12] presents the algorithm
in a non-detailed manner but according to [13] a corporate report [14] describing
the algorithm more extensively existed but is unfortunately no longer available.
In April 1974, Boll published an article [15] that generally is considered to be
the basic spectral subtraction algorithm. This thesis builds on the algorithm by
Boll and develops it further

2.2

The Spectral Subtraction Algorithm

Starting by assuming that the noise and speech are uncorrelated and additive to
each other we obtain
x(n) = s(n) + v(n)
(4)
where x(n), s(n) and v(n) are noisy speech, speech and noise respectively. Thus,
the short-time power spectral densities (PSD) are also additive
Pxx (w) = Pss (w) + Pvv (w)

(5)

The speech power spectral density can now be estimated by subtracting the noise
PSD from the noisy speech PSD,
P̂yy (w) = Pxx (w) − Pvv (w)

(6)

where P̂yy (w) is the estimated noise-reduced speech PSD. Speech is a non-stationary
signal, though it can be considered quasi-stationary or short-time stationarity. Due
to this property, the segmental power spectra can generally be used in place of the
power spectral densities, and calculated as
Pxx (w) = |XM (w)|2
Pvv (w) = |NM (w)|2

(7)
(8)

where M is the segment length. The short-term spectra are preferably calculated
by the use of the FFT algorithm which is most eﬃcient if M is a power of two.
If telephone bandwidth is assumed a sample rate of 8000Hz is typical. Hence, M
equals 256 samples gives an equivalent segment time length of 32 ms. Replacing
the spectral densities in Eq. 6 with the segmental FFT:s according to Eqs. 7 - 8,
yields
(9)
|YM (w)|2 = |XM (w)|2 − |NM (w)|2
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and
|YM (w)| =



|XM (w)|2 − |NM (w)|2

(10)

The background noise power spectrum can be estimated during speaker inactive
periods. During these periods several segments of power spectra are exponentially
averaged in order to get a good estimate of the background noise. The number of
averages that will be used to calculate the noise spectrum depends on how fast the
noise environment changes.
To ensure a high quality spectral subtraction algorithm it is important to determine when speech is present or not, in order to correctly update the noise estimate.
This determination usually done by a separate algorithm denoted a Voice Activity Detector (VAD). If the spectral subtraction algorithm should be available in a
mobile telephone, the VAD used in the GSM for discontinuous transmission can
be used [16]. Another approach would be to make a separate spectral subtraction
algorithm for the VAD. Here a rough subtraction is made with very high noise
reduction and high speech distortion and that focuses on detecting whether speech
is present or not [17].
The spectral subtraction algorithm presented does not aﬀect the phase information of the noisy speech signal. The phase of the noisy speech signal can be reused
for the signal with the reduced noise, since the phase is not considered that important from a perceptual point of view. The phase function of the noisy speech signal
is extracted from the FFT components before the power spectrum components are
squared in order to form Eq. 10. This yields,

(11)
YM (w) = |YM (w)|ejΦx (w) = |XM (w)|2 − |NM (w)|2 ejΦx (w)
where φx (w) is the phase function of the input signal. Once the inverse FFT is
performed on the noise-reduced speech spectrum the corresponding time signal is
obtained. The relation in Eq. 11 can be viewed as a ﬁltering operation similar to
the Wiener ﬁlter,
(12)
YM (w) = H(w)XM (w)
where H(w) is the frequency function of the ﬁlter with zero-phase,

|XM (w)|2 − |NM (w)|2
H(w) =
|XM (w)|2

(13)

The major diﬀerence is that the Wiener ﬁlter is a linear system while the ﬁlter
derived from the spectral subtraction approach is non-linear. A more general form
can be obtained by introducing

H(w) =

|XM (w)|a − k|NM (w)|a
|XM (w)|a

 a1
(14)
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where a is the exponentiation parameter and k is the subtraction factor. The
subtraction factor is a positive constant usually in the range from 0 − 1. The
exponentiation parameter is, in most papers, either 1 or 2.
Spectral subtraction is a very robust speech enhancement method that can handle high noise attenuations, but, unfortunately, when the algorithm is exaggerated,
artiﬁcial noise is introduced in the background, sounding like ”musical tones” [18],
[15]. The musical tones consist of tones with the same duration as the short segments and with changing frequencies for each segment. These musical tones are a
result of high variability in both speech and noise spectral estimates which in turn
build blocks in the ﬁlter function. Another way to explain the musical tones would
be to say that the noise component is estimated diﬀerently in the noise spectrum
and in the input(noisy speech) spectrum. When the two are subtracted, a residual noise is created, which may contain spectral components with a negative sign,
which are zeroed, a half-wave rectiﬁcation [15] or they may have, merely, a signshifted, a full-wave rectiﬁcation, which was suggested already in Schroeders ﬁrst
patent [10]. Several diﬀerent techniques besides rectiﬁcation have been suggested in
order to reduce the eﬀects of the musical tones. The most common method used is
to introduce a noise ﬂoor where the ﬁlter is limited downwards so that a maximum
noise reduction is imposed. In 1979, Berouti [19] used a noise ﬂoor in combination
with over-subtraction, i.e. using a a-value greater than 2. The proposed method
implied that frequency bands with low speech energies were be set to a constant
level - the noise ﬂoor. Hereby, the musical tones can be masked, but, unfortunately,
weak speech signals are also reduced. The method proposed here is to reduce both
the variability both in the noise and the noisy speech estimates, which leads to a
residual noise with a much smoother character and less musical tones. Gustafsson
et al. continued the work with algorithms presented in this thesis in [20] where an
averaging of the total ﬁlter function was also performed.

2.3

Windowing and Circular Convolution

In the early spectral subtraction algorithms a rectangular window was used to divide the incoming time sequence of noisy speech into the shorter segments, however
producing audible ”clicks” at each segment border. Conventionally, these eﬀects
are masked by introducing a smoothing window, such as the Hanning window by
an overlap-and-add method. In order to maintain all the information in the incoming noisy speech signal the windowed segments should overlap, with 50 percent
overlap being a good rule of thumb. The overlap results in an unwanted time delay
of as much as the overlap. Furthermore, the algorithm is block-based by nature
which already imposes a delay, why it is of outmost importance to keep any extra
delays minimal. A total system delay over 50 ms start to become very annoying in
a normal speech conversation.
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The discontinuities have their origin in the circular convolution which comes
from the FFT and IFFT operations resulting in a time domain aliasing. A perfect
x(n)

Windowing

M-FFT

M-IFFT

Overlapp
and add

y(n)

Filter
function

Figure 2: A bock diagram of the ﬁltering process working with segments or blocks
instead of sample by sample. Windowing combined with overlap and add are
imposed
linear convolution can be obtained if the input x(n) is divided into sub blocks, XL
of length L where L < M which is the FFT block length. To perform the M-point
FFT, the XL segment is zero padded up to length M . The goal is here to make
a ﬁlter function H(w) that has a corresponding impulse response of a maximum
length of K = M − L + 1, with a minimum phase instead of zero phase [20] so
that the convolution length of the output, M equals L + K − 1. In other words,
the ﬁlter function needs to have a lower resolution K than the FFT length M .
This is accomplished by using the Bartlett method as presented in Part I of the
thesis. Bartlett’s method for reducing the resolution is performed by averaging,
which also results in a smother spectrum, which in its turn has positive eﬀects on
the musical tones. The resulting output, y(n), is obtained by using an inverse FFT
and overlap-add in the time-domain.

2.4

Two Microphone Spectral Subtraction

In some applications extremely high sound levels were present and the noise spectrum exhibits fast-changing spectral content. In such cases, it might be advantageous to use also a second microphone. This would be the case for a ﬁghter aircraft
or a military tank. In such a scenario, the extra microphone is placed at an extra
distance from the mouth, e.g. on the headset, so that the extra microphone mostly
picks up noise. As a result, the VAD is unnecessary and the noise spectrum can
be estimated at the same time as the noise speech spectrum is calculated. This in
turn leads to less residual noise and less artiﬁcial noise is introduced. Care must be
taken if the background noise disappears or is decreased signiﬁcantly, since speech
also enters the extra microphone.
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This type of algorithm has been developed and tested for its use in armed
vehicles by the author in relation to a speciﬁc order to a subcontractor to the
Swedish defense organization.
Another two-microphone spectral subtraction algorithm was presented by Gustafsson [21], where both speech and noise are allowed at both microphones. In this
approach three spectral subtraction algorithms are used. The ﬁrst two spectral subtraction blocks are combined in a sequential manner to estimate the background
noise amplitude spectrum, while the third block uses the noise spectrum estimate
to enhance the microphone signal picked up close to the mouth.

3

Active Noise and Vibration Control

Low frequency noise and vibration problems inside diﬀerent types of vehicles are
often diﬃcult to solve by means of conventional passive methods. Passive methods
in the low frequency area may employ some kind of resonant absorbers, [1], which,
unfortunately is a less attractive solution inside a vehicle. Other passive approaches
include putting to put absorbtion material on the interior of the body, which actually is the most common solution, or to put an absorbent at some distance from
the interior body, [2] and [3]. This is, however, also a problematic solution, since
the absorbtion material needs to be approximately one quarter of a wave length.
This implies that the absorbtion material needs to be approximately 425 mm thick
at a frequency of 200 Hz. Consequently, the use of passive methods to attenuate low frequency noise and vibrations, below 400 − 500 Hz, is often impractical,
since considerable extra bulk and weight is required. Additionally, in all areas of
transportation large weight and size is associated with high fuel consumption.
One attractive alternative solution is to apply active noise and vibration control, [4]-[8]. Today, active techniques are evolving from research labs into actual
products. In applications of active noise and vibration control, the fundamental
principle is to create a secondary sound or vibration ﬁeld that interferes with the
original, primary ﬁeld. The superposition of these two ﬁelds will lead to destructive
interference if the amplitudes are identical and the two ﬁelds have opposite phases.
In theory, the reduction of the sound or vibration ﬁeld can be total, but in practice there are several limitations. The technique of active control has been known
for almost 70 years, but it is not until the recent 20 years that the technique has
become feasible, enabled by the development of the digital signal processor. Today
ordinary PC-computers are fast enough to host an active controller. However, the
PC needs to be equipped with a powerful sound card that can handle the number
of inputs and outputs required. The ASIO (Audio Streaming Input and Output)
standard gives room for the processor to communicate with the sound card in such
a way that small delays are maintained between input and output.
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In a noisy vehicle, two main diﬀerent approaches are considered, namely; to
achieve global control where the noise in the entire vehicle is attenuated. This
approach is often very diﬃcult since it is the noise source that needs to be targeted directly. In real-life active noise and vibration applications local control is
predominant. By local control we attenuate the noise only in certain areas of the
vehicle, preferably around the ears of the passengers and/or operators. Though,
local control usually creates higher sound levels outside the control area this is
often acceptable. As an example, in a car application passengers would beneﬁt
from a 10 dB lower sound level around the head but 10 dB higher around their
feet. This could be achieved in numerous ways but a possible approach is to use
loudspeakers to create the secondary sound ﬁeld and to use control microphones
to measure the sound ﬁeld that has to be minimized. This approach is known as
pure active noise control, [29]. Active control can also be applied to change the
modes of vibration in a structure in order to reduce the radiated sound power. In
this case the solution is called ASAC, Active Structural Acoustic Control, where
the structure is driven by structural exciters with the objective to minimize the
sound pressure inside the vehicle, [22]. This method is covered in the AVIIS, the
Active Vibration Isolation In Ships Project, presented in Part III of the thesis.
In AVC, Active Vibration Control, it is only the structure of the vehicle that is
subject to control, [32]. Accelerometers are used as error sensors measuring the
vibrations that have to be minimized while structural exciters are used to create
secondary forces. This concept will reduce structural vibrations and, if correctly
designed, the radiated sound power in the interior will also be attenuated. AVC
has been used with success in the Submarine Project, Part IV of the thesis, where
the radiated sound power to the external environment was targeted.
A diﬀerent perspective would be to accept that a noisy internal environment
exists, and simply equip passengers and crew with ear cups utilizing a combination
of both passive and active noise reduction techniques. In order to enable the crew
to communicate with each other with high speech intelligibility and at low levels,
the microphone signals are cleansed from the surrounding noise by using spectral
subtraction. Such techniques are presented and evaluated in the Helicopter Project,
Part II.

3.1

Historical Review of Active Noise and Vibration Control

The ﬁrst publication on what today is regarded as active noise control was done
by Paul Leug in 1933 when he ﬁled a patent on active noise control in a duct,
[24]. The basic idea seems simple today but was a big breakthrough in the thirties
when he generated a secondary sound ﬁeld using a loudspeaker that interfered with
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the primary fan noise. A microphone was used to detect the fan noise traveling
downstream through the duct. The sound targeted by the controller was the tonal
components (single frequencies) cased by the blades of the fan passing through the
air. The microphone signal was fed into a controller that calculated the driving
signal to the loudspeaker. The controller at that time consisted of an ampliﬁer
and a delay unit so that the phase and amplitude could be adjusted and with a
properly adjusted, controller the sound level would be attenuated downstream the
duct. This is a so-called feedforward technique. Lueg also made experiments where

Air flow

Air flow

Controller
Amplitue

Delay

Figure 3: Feedforward ANC as presented by Paul Lueg
silent zones in front of the secondary loudspeaker in a three-dimensional sound ﬁeld
were created, [24].
The next classical paper on active noise control was presented by Harry Olson
and Everet May in 1953, where Olson and May presented what they denoted the
”Electronic Sound Absorber.” What they introduced and experimented on, however
was feedback active noise control, [23]. Instead of placing the microphone at a
distance from the loudspeaker, in order for it to sense the sound ﬁeld long before this
reaches the loudspeaker, the microphone was placed very close to the loudspeaker.
The output signal from the microphone was then fed back to the controller designed
to drive the loudspeaker to produce an output. This resulted in an attenuation of
the sound ﬁeld in the vicinity of the microphone. With this kind of installation close
to a human being’s ears, the experience would be a reduction in the sound pressure

27

Introduction

level. This technique has been successful in airplanes and automobile seats, but the
best known application utilizing feedback technique has been the active headsets.
Active headsets are commercially available, and are almost always based on an
analog controller, since it is very important that the delay within the controller is
short, which is more diﬃcult to achieve with a digital controller. Carme presented
in 1988, [25], an eﬃcient analog control ﬁlter (clover-leaf ﬁlter) with low delay and
high loop gain resulting in a very high attenuation. The active headsets based on
this analog feedback technique have been on the commercial market for almost 10
years.

Control Unit

Control Unit

Figure 4: Feedback ANC applied to a headset. Note how closely together the error
sensor and the secondary source are located
In 1954 William Conover presented another important paper, [26], on active
noise control in which the subject of control was electrical transformer noise. Transformer noise is, also, an application very suitable for active noise control, mostly
due to the fact that the noise is extremely narrowband, low-frequent (the ﬁrst
harmonic is approximately at 50-60 Hz depending on the state) and periodic. As
a secondary source, Conover also used a loudspeaker placed in the vicinity of the
transformer. Furthermore, Conover used the feedforward technique as presented by
Lueg, but instead of using a microphone as reference sensor, a non-acoustic reference sensor was proposed. In order to monitor the residual sound ﬁeld, the concept
of error or control sensor (microphone) was introduced. The phase and amplitude
of the reference signal within the controller were manually adjusted in such a way
that a high noise attenuation was achieved in the error microphone. Unfortunately,
higher sound levels were also encountered in other positions. Conover’s idea forms
the basis of the modern narrowband feedforward active control and it is these same
ideas that have been used in the projects presented in this thesis and that are
subjected to active noise and vibration control.
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To be able to perform adaptive active control, an adaptive algorithm is needed
in order to track changes in the primary noise and vibration ﬁeld. A considerable
advance towards a suitable controller was made in 1960 when Widrow and Hoﬀ
developed the Least Mean Square (LMS) algorithm, [5]. The approach provides
a powerful approach to digital ﬁltering in situations where a ﬁnite length ﬁlter
is applicable. The LMS algorithm is a member of the stochastic gradient algoritm family and is, due to its simple nature, often used as a benchmark to other
algorithms.
Kido continued on the work of electrical transformer noise and presented the use
of multiple secondary sources in 1975, [27]. Here, a noise attenuation of 12 dB was
measured. Kido also worked with duct noise, where new and more advanced control
algorithms were investigated. Both Kido and Caplin were working on controllers
implemented on digital signal processors which automatically (adaptively) adjusted
the phase and amplitude of the driving signals to the secondary sources. The
problem here was that at this point of time, the digital signal processor lacked the
computational power needed for achieving a good performance for systems using
multiple secondary sources.
In the eighties a lot of diﬀerent research groups started to work within the ﬁeld
of active noise and vibration control. But one of the most important breakthroughs
was done by Widrow in 1991 when he presented the Filtered-x Least Mean Square
algoritm (Filtered X-LMS), [8]. The algoritm compensates for the physical path
between the secondary sources and the error sensors. Without this compensation,
the LMS algorithm often leads to instability and slow adaptation. The active control algoritms presented in this thesis all make use of the Filtered-x LMS algoritm
or versions thereof. An active control system with multiple error sensors and multiple secondary sources, together with the Filtered-x LMS algorithm, was presented
by Steven Elliot in 1987 in order to attenuate the sound pressure level of an entire
enclosure, [28]. In the nineties, active noise and vibration systems emerged from
research labs into commercial products, mostly due to the rapid development of
the digital signal processor.
Theoretical work, computer simulations and practical experiments carried out
in a wide range of applications have been presented [30]-[35].

3.2

The Concept of Active Control

Active noise and vibration control is achieved by letting a secondary sound or
vibration ﬁeld interfere with a primary ﬁeld, [4]-[8]. The secondary ﬁeld can be
generated by loudspeakers if the application used is noise control or by structural
exciters(shakers) if the application is vibration control. The task of the active
control system is to create a secondary ﬁeld that has equal magnitude and an
opposite phase to the primary ﬁeld. The secondary sources are driven by a control
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system (controller) which, generally, is a mathematical algorithm implemented on a
digital signal processor. The algorithm is often adaptive to its nature and can react
to time variations as well as characteristic changes in the primary sound or vibration
ﬁelds. The sound or vibration ﬁeld to be controlled(attenuated) is measured with
control(error) sensors, typically microphones or accelerometers. In order to adjust
the output of the controller a relevant optimization criteria is minimized, e.g. the
sum of the squared error sensor signals if the algorithm is based on the LMS
algorithm in order to attenuate the primary ﬁeld.
The concept of active control according to the above principle may seem simple
but in the general case it is extremely diﬃcult to use. In practical transportation
applications, where high attenuations of the primary ﬁeld are expected and several
secondary sources and error sensors are required, reality often reduces the value of
too complicated techniques.
When designing an active control system, there is a number of design issues
that need to be handled before the actual system could be implemented and the
experiments initiated. These issues will entirely decide the over-all performance in
terms of attenuation, stability, cost, and feasibility of the active control system,
[36] and [37]. A lot of design issues can be answered if a thorough investigation,
or pre-analysis, is performed on the application targeted by active control. This
includes both a study of the mechanical structure, transmission paths etc. but
the primary ﬁeld also needs to be measured and analysed for diﬀerent driving
conditions. Below the most important design issues are listed together with a brief
description. Additionally, these issues are treated in practical experiments in the
diﬀerent projects presented in the thesis, Part III and Part IV.
Error Sensors: What should be minimized, vibrations or sound? This choice
determines the type of error sensors and monitor sensors that will be used.
The concept of monitor sensors, or evaluation sensors, means that the performance of the active system is evaluated in these evaluation positions and
not in the error sensors positions [38]. It is also important to notice that
the evaluation sensors, usually, constitute no part of the control loop. The
importance of the evaluation position is maybe best illustrated by an example. In airplane applications, where active noise control is imposed, the error
sensors(microphones) and secondary sources(loudspeakers) are usually placed
in the trim panels but the evaluation of the active system needs to be done
in the vicinity of the passengers ears. Thus, in an implementation and test
phase, the seats are equipped with monitor microphones in order to tweak the
active system for optimum performance. These sensors are then removed in
the commercial product. In some applications the error sensors and monitor
sensors do not need to be of the same type, one set could be microphones
and another might be accelerometers. If the sound pressure level is to be
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minimized, microphones will typically be used as monitor sensors and most
likely also as error sensor. The exception could be in a scenario where the
sound is structure-born, where the vibratory energy in the structure could be
minimized by means of accelerometers and structural exciters. This would
indirectly lead to reduced noise radiation and an attenuated sound ﬁeld. Additionally, this case requires that microphones be used as monitor sensors for
the evaluation. The AVIIS project, constitute Part III of the thesis, further
discusses this matter.
Secondary Sources: The most common secondary source used for active noise
control is the loudspeaker. The fact that the loudspeaker is almost linear is
important but so is also the fact that it could be driven by a normal HIFI
ampliﬁer, with quite low power consumption. However, the ampliﬁer needs
to have a low THD(Total Harmonic Distortion) in order to work well with
the controller. There are numerous of applications where ANC has been
successfully implemented using loudspeakers as secondary sources [4], [34],
[39]. There are drawbacks using the loudspeaker; ﬁrst of all, it is quite heavy
and, secondly it will be rather large if it is used to target really low frequencies
as, for example, below 40 Hz. Such limitations can cause problems in some
vehicle applications, due to both weight and space requirements. Therefore
other types of acoustic actuators have also been developed, especially in the
cases where only a few frequencies are to be generated. One such actuator
investigated by the author consisted of a thin carbon plate with piezo ceramic
actuators mounted on the back. This method makes it possible to make the
plate move in certain modes creating one or several single frequencies. The
advantage with this type of actuator is that it is very light and requires a low
driving power.
Returning to structural actuators, the electro dynamic shaker is commonly
used, since it can produce rather large outputs with high forces. A speciﬁc
type of electro dynamic shaker, the inertial mass actuator, is often preferred,
since the inertial mass actuator only needs to be attached to the structure in
a single point as compared to the normal shaker. The inertial mass actuator
is used in both the AVIIS project as well as in the Collins Class Submarine
project, Part III and Part IV respectively. In contrast, if large forces are
required at small amplitudes the pizeo ceramic stack actuator is outstanding.
This actuator consists of several layers of piezo ceramic material all connected
in parallel. The piezo actuator has a very high capacitance from an electrical
point of view, hence ordinary HIFI ampliﬁers can not normally be used.
There is a wide variety of diﬀerent actuators developed over the years, [22]
and [5].
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What Attenuation Can be Expected: If the likely attenuation could be determined very early in the design phase of an active system, a decision could
be taken to whether it is worthwhile to proceed with the design. As a rule of
the thumb, narrowband or tonal components can typically be reduced 30 dB
or more, while broadband or random noise and/or vibrations can typically
be reduced by amount 15 − 20 dB, [?].
The attenuation depends mostly on the coherence between the reference signal and the primary noise or vibration ﬁeld. The theoretical limit in steady
state for the attenuation in a single point is given by the relation


2
(f )
(15)
A(f ) = −10 log10 1 − γdx
2
where A(f ) is the attenuation in dB, and γdx
(f ) is the ordinary coherence
between the reference signal x and the the noise d. The ordinary coherence
function is given by
| Pxd (f ) |2
2
(16)
(f ) =
γdx
Pxx (f )Pdd (f )

where Pxd (f ) is the cross-spectral density between the reference signal x and
the primary ﬁeld d. Pxx (f ) and Pdd (f ) denote the power spectral density of
the reference signal and the primary noise or vibration ﬁeld, respectively.
This relation for the attenuation is valid for broadband control. In the case
of narrowband applications, the reference signal consists of sinusoidal components which are also present in the primary sound or vibration ﬁelds. Between
two sinusoidal components with the same frequency there will always be a
coherence of 1 if the eﬀect of measurement noise is omitted. Part III of
the thesis presents one way to estimate the performance for a narrowband
controller.
Narrowband or Broadband Control: Does the primary noise or vibration ﬁeld
consist of narrowband or broadband noise or a combination of the two? The
answer to this question will entirely decide the type of controller that needs
to be used and this task should be solved in the pre-analysis. In many
applications the primary noise is generated by rotating machinery, engines,
propellers etc, which also are the type of applications studied in this thesis.
This type of noise is periodic and contains harmonic components related to
the rotational speed. Broadband noise can occur in many applications, such
as in jet aircrafts, and in cars as wind and tyre noise. If the noise is classiﬁed
as narrowband, a non-acoustic/non-vibratory sensor can often be used, such
as a tachometer signal. A major advantage is that the reference signal can
be internally generated from the synchronization signal and in this manner
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the control algorithm can, very easily, be made selective to which harmonics
to be controlled. An engine rotating at a speed of 1500 rpm might generate a
tacho meter signal (synchronization signal) with a frequency of 600 Hz with
24 pulses per revolution. If the goal is to cancel the 3d and 6th order of
the engine, the reference signal can be calculated from the synchronization
pulses and would contain two frequencies of 75 and 150 Hz only. In the case of
broadband control, accelerometers or microphones, or a combination thereof,
are often used as reference sensors. Additionally, if feedforward broadband
control is to be used, the reference sensors should be placed as close as possible
to the noise or vibration sources in order for the reference signals to contain as
much information of that particular source as possible. In some applications,
several reference sensors are needed. Care must be taken using broadband
feedforward control since occurrence of undesired feedback from the secondary
sources to the reference sensors is at risk.
Feedforward or Feedback Control: An active control system could either be
based on feedback or feedforward technique or a combination of the two.
Feedforward control is used in applications where the noise and vibration
sources(s) are well known and synchronization signals or reference ’signals
derived from the sources are available. On the other hand, feedback control is usually used when reference signals are not available or the generation
of a suitable reference signal may be impractical or too costly. For example,
there might be a large number of diﬀerent noise sources with reference signals
produced by accelerometers, microphones, tachometers, optical or inductive
sensors all of which have to be fed to the controller. Feedback control is
based on that the signal form the error sensor, sensing the resulting summation of the original and the secondary disturbance, is feed back to the
controller which in turn produce a control signal to the control path or plant
which results in a cancellation at the error sensor. By letting the feedback
controller loop gain assume large values the sound or vibration quantity under control approaches zero. In practice, however, physical paths, such as the
electro-acoustic response of e.g. a loudspeaker and the acoustic path from the
loudspeaker to an error microphone, introduce time delay due to propagation
time and this will introduce increasing phase shift with frequency and thus
limit the performance of the control system. The performance of an active
feedback control system is limited by closed loop stability requirements, i.e.
the Nyquist stability criterion [41]. Hence, the frequency range of the control
system where the loop gain can be large is usually upper limited by the frequency where the net phase shift in the open loop frequency response for the
feedback control system approaches [41]. Here, the magnitude of the open
loop frequency response for the feedback control system must be less than
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one in order to remain stable. In broadband applications the performance of
a feedback controller is largely determined by the delay in the feedback loop.
To obtain high performance a small delay in the feedback loop is required
[6]. This delay aﬀects the length of the prediction interval of the controller,
i.e. how far into the future the controller has to produce an estimate of the
error signal [6]. Due to the inherent delay in digital controllers associated
with their processing time, A/D- and D/A- conversion processes, and analog
anti-aliasing and reconstruction ﬁltering, analog feedback controllers are usually preferred for use in broadband applications [6]. However, in narrowband
applications the performance of a feedback controller is less sensitive to delays in the control loop since narrowband signals exhibit more deterministic
behaviour. For example, in the active control of tool vibration in turning
an adaptive digital feedback controller may provide up to 40 dB attenuation
[42].
Global or Local Control: In local control, the focus lies on the reduction of
the disturbance in a certain volume, or at certain points of the system, and
no considerations are made outside this volume or these points. If ANC
is considered, the volume usually consists of the positions of heads or ears.
In local control, a number of error sensors are employed in this volume or
enclosure in order to sense the sound or vibration ﬁeld. The inaccuracy in
the positioning and/or insuﬃcient spatial resolution provided by the error
sensors, to represent the sound ﬁeld in the entire enclosure, will limit the
achievable sound attenuation produced by the ANVC system
Global control is when an entire enclosed space, or a complete structure, is
considered. In global control, modes of an enclosed sound ﬁeld, or a structure,
are subjected to active control. Usually only a few modes are dominant and
could be sensed by only a few well placed error sensors.
In applications of transportation vehicles driven by combustion engines the
r.p.m. of the engine/s is often varied in a wide range, which results in that
almost all modes of the enclosure are exited at one point or another depending
on the rotational speed of the engines. Therefore, local control is the most
used and suitable approach.
Single or Multi Channel Controller: In most environments of transportation
it is not suﬃcient to enable active control using only a secondary source
and a single error sensor. These applications involve more complex physical properties, such as larger enclosures or structures with many degrees of
freedom. In order for the controller to achieve a good attenuation, a multichannel controller is needed. One example would be a vehicle compartment
where a tonal primary source (engine) excites many diﬀerent acoustic modes
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of the enclosure. In principle, the number of secondary sources needed to
obtain perfect sound cancellation in the enclosure is the same as the number
of acoustic modes present. Since the modal density increases rapidly with
frequency, active control of large enclosures is particularly diﬃcult as the
frequency increases.
Single or Multiple Reference Controller: In many means of personal transportation, the primary noise of the interior is periodic and produced by rotating engines and propellers. A single periodic source produces noise containing
essentially harmonic components related to the rotational speed of the engine. However, several rotating sources running at almost constant speed
give rise to beating sound ﬁelds. Running conditions with a very slight difference in rotational speed is often unavoidable, for example in a luxury boat
equipped with two engines. In more sophisticated vehicles, for example an
aircraft, a synchro-phaser, or some kind of device synchronizing the engines,
may be used in order to avoid the beating sound ﬁelds. Unfortunately, such
synchronizing devices often limit the engine power and need to be switched
of when extra power is needed, for example when an airplane takes oﬀ. Bearing this discussion in mind, the controller needs to be able to handle cases
with multiple reference signals when several engines are used. How successful
the controller is on handling beating sound ﬁelds depends on the structure
of the controller. A multi reference controller is generally based on either a
single-ﬁlter structure or a parallel-ﬁlter structure, employing several ﬁlters.
In the single-ﬁlter case, the reference signals are added in order to form a
composite reference signal which subsequently is used in the same manner as
in the single reference controller.
Placement of Error Sensors an Control Sources: The spatial arrangement of
error sensors and secondary sources in the enclosure, or structure, targeted
by active control is perhaps the most important step in the design. The properties of the frequency responses between the error sensors and the secondary
sources, in combination with the primary ﬁelds, will completely determine the
maximum obtainable attenuation [38]. The way to solve this problem is to
ﬁrst localize all possible locations for the secondary sources and error sensors.
The number of possible locations should of course be larger than that which
later will be used by the controller. The primary sound and/or vibration
ﬁelds are recorded in these positions together with the control paths(transfer
function between secondary sources and error sensors). A subset of locations
is chosen and the performance is calculated for this subset. This performance
calculation is repeated for all possible subsets of error sensors and secondary
sources. The subset with the best attenuation is chosen. The problem is
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usually that the number of possible combinations gets very large and some
kind of optimization algorithm must be used, such as simulated annealing
[38]

3.3

Control Algorithms

In order to use active control of either sound or vibration, an adaptive controller
is usually needed. The adaptive properties are required in order for the controller
to adjust to variations in the primary sound or vibration ﬁelds.
The algorithms used in the thesis are all based on the well-known Lest Mean
Square(LMS) algorithm, [43] and [44]. A block diagram of the single channel(one
input and one output) LMS controller is shown in ﬁgure 5. The task of the cond(n)
x(n)

W(n)

y(n)

e(n)
LMS
Algorithm

Figure 5: Fundamental block diagram of a simple ﬁlter controlled by an LMS
algorithm.
troller is to adjust the ﬁlter weights, w(n) to mimic a desired signal d(n) by letting
a reference signal, x(n), pass the adaptive ﬁlter to produce the output, y(n). In
an active control application the primary noise or vibration is given by the signal
d(n) while y(n) is the output signal from the adaptive ﬁlter and input to the secondary source, and, ﬁnally, e(n) is the error signal measured by the error sensor.
The LMS algorithm implies that the error signal, e(n), is the diﬀerence between
the primary sound or vibration ﬁeld and the output of the controller, y(n). A
complication arises, since there is usually a ”control path” between the controller
output and the error sensor (or to be correct, the controller input). In the case
of active noise control, the control path will consist of transfer functions of the
ampliﬁer, the loudspeaker, the acoustic path between the loudspeaker and the microphone and ﬁnally the microphone itself. ”Forward path” or ”secondary path”
are also frequently used terms of the control path. Thus, in order to guarantee
convergence of the LMS algorithm, this forward path needs to be compensated for.
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LMS algorithms with this compensation are denoted ﬁltered-x LMS algorithms. A
time domain version of a single reference ﬁltered-x LMS controller is presented in
a compact vector notation for a multi-channel application in the following section.
This controller is used in the submarine project presented in Part IV of the thesis. Additionally, a multi-reference time domain controller is also shown, mostly
as a comparison to a frequency domain version as used in Part II. If only tonal
components (single frequencies) are targeted by the controller, the frequency domain version of the ﬁltered-x LMS controller will require much less computational
power, which is particularly important in a multi-channel controller. Furthermore,
the controller structure will also be less complex with the frequency domain multireference ﬁltered-x LMS controller.
3.3.1

Single Reference / Multi-Channel Filtered-x LMS Algorithm

In Applications where only a single engine is present, a single reference controller
is suﬃcient. It is also possible to use a single reference controller if several engines
are used but then the engines need to be synchronized to run at the same speed
(r.p.m.). In some multi-engine cases, each engine might be treated separately
implying that one engine does not aﬀect the other. This is usually not true if
the radiated sound power is targeted by the controller, but in the case of active
vibration control (vibration isolation) it could very well make sense. This line of
thinking is used in the submarine project. In many practical applications several
secondary sources as well as error sensors are needed lending them, usually, the
name of a multi-channel control algorithm.
A block diagram of a single reference multi-channel Filtered-x LMS controller
is shown in Fig. 6. This controller is intended to be used in an ASAC application
where the secondary sources consist of structural actuators and the error sensors
used are microphones. The reference signal, for a narrowband controller, is usually
derived from a synchronization signal picked up by a non-acoustical sensor of the
engine, such as a tacho signal. This is done in such a way that the reference signal
will contain all the frequencies(tonal) components that are to be attenuated by
the active control system. In a broadband application the reference signal usually
consists of one or several microphone signals and/or accelerometer signals. In the
case of a single reference controller, the reference signal is denoted x(n). If assuming
controller FIR ﬁlters each with J weights the reference signal vector is given by
x(n) =



x(n) x(n − 1) · · · x(n − J + 1)

T

(17)
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Figure 6: Fundamental block diagram of a single reference multi channel controller
to be used for an ASAC(Active Structural Acoustic Control) application.
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The primary noise or vibration ﬁeld can be attenuated by minimizing the sum
of the squares of the residual noise and/or vibration signals measured by M error
sensors. The error sensor signal vector e(n) is formed by the M error microphones
and/or accelerometer outputs and is deﬁned as
T

(18)
e(n) = e1 (n) e2 (n) · · · eM (n)
A set of L secondary sources is used, which might be loudspeakers or structural
actuators. The output signal vector from the controller y(n) containing the L
secondary sources control signals is deﬁned by
T

(19)
y(n) = y1 (n) y2 (n) · · · yL (n)
To each secondary source and reference signal(one in this case) a FIR control ﬁlter
is associated, yielding L control ﬁlters. The output to a single secondary source
yl (n) is calculated as a weighted linear combination between the reference signal
and the ﬁlter weights yl (n) = xT (n)wl (n). The JL × 1 vector w(n) represents the
adaptive weights associated with all L adaptive ﬁlters yielding,

T
w(n) = w1T (n) w2T (n) · · · wLT (n)
(20)
Each ﬁlter wl (n) has the length J which is determined by the physical properties
of the application in question. Thus, each ﬁlter weight vector may be written as:
wl (n) =



wl0 (n) wl1 (n) · · · wlJ−1 (n)

T

, l ∈ {1, . . . , L}

(21)

The output vector y(n) can now be expressed in a compact vector form as
y(n) = XT (n)w(n)
where X(n) is an LJ × L block-diagonal reference signal matrix deﬁned as


x(n)
0
···
0
.. 

x(n) · · ·
. 
 0
X(n) =  .

.
..
 ..
0
0 
0
···
0 x(n)

(22)

(23)

The error signal vector measured with the M error sensors can be expressed as
e(n) = d(n) − yC (n)
where d(n) is the primary ﬁeld measured with the error sensors given by
T

d(n) = d1 (n) d2 (n) · · · dM (n)

(24)

(25)
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and yC (n) is the cancelling sound or vibration vector at the error sensors so that
yCm (n) is the superposition of the contribution of all the L secondary sources
at error sensor m. Assuming that the control paths can be described with Ithorder FIR ﬁlters, with coeﬃcients cml (i), i ∈ {0, . . . , I − 1}, m ∈ {1, . . . , M } and
l ∈ {1, . . . , L}, the vector yC (n) can be expressed as
I−1

C(i)y(n − i)

yC (n) =

(26)

i=0

where




C(n) = 


c11 (n)
c21 (n)
..
.

c12 (n)
c22 (n)
..
.

···
···
...

c1L (n)
c2L (n)
..
.







(27)

cM 1 (n) cM 2 (n) · · · cM L (n)
is the matrix containing the 
impulse
 responses of the control paths. The element
yCm (n) is given by yCm (n) = Ll=1 I−1
i=0 cml (i)yl (n − i). By combining Eq. 24 with
Eq. 22 and Eq. 26, the error signal vector, e(n) could be expressed as
I−1

e(n) = d(n) −

C(i)y(n − i)

(28)

C(i)[XT (n − i)w(n − i)]

(29)

i=0
I−1

= d(n) −
i=0

In order for the algorithm to adjust the ﬁlter weights to yield the output signals,
a minimization criterion is needed. The LMS algorithm minimizes the sum of the
squared error signals measured at the M error sensors. Hence, the cost function to
be minimized is given by
M

ξ(n) =

e2m (n) = eT (n)e(n).

(30)

m=1

The weights are updated in the negative direction of the instantaneous gradient
based on the minimization of the cost function.
µ
(31)
w(n + 1) = w(n) − ∇ξ(n)
2
The instantaneous gradient estimate in the LMS algorithm consists of the derivative
of the cost function ξ(n) with respect to the weights of the ﬁlter. A step size µ is
also introduced in order to ensure convergence. For simplicity, we start by looking
at one of the l weight sub-vectors wl (n) in the JL × 1 vector w(n), where wl (n)
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is the ﬁlter weights for the ﬁlter producing the output yl (n). The gradient of the
cost function ξ(n) with respect to the weight vector wl (n) is given by
M

∇wl (n) ξ(n) =



2 ∇wl (n) em (n) em (n)

(32)

m=1

where








∇wl (n) em (n) = 






∂em (n)
∂wl0 (n)
∂em (n)
∂wl1 (n)
..
.
∂em (n)
∂wlJ−1 (n)















(33)

The derivative of the error signal with respect to each coeﬃcient is taken and given
by
 
∂(dm (n) − Ll=1 I−1
∂yl (n)
∂em (n)
i=0 cml (i)yl (n − i))
=
= −cml (n) ∗
(34)
∂wlj (n)
∂wlj (n)
∂wlj (n)
where ∗ denotes linear convolution. Here, we have used the fact that the desired signal dm (n) is independent of the ﬁlter weights, and we have assumed that
wlj (n), l ∈ {1, . . . , L} and j ∈ {0, . . . , J − 1}, are time invariant. The partial
derivatives on the right hand side are expanded, yielding:
∂em (n)
= −cml (n) ∗ x(n − j)
∂wlj (n)

(35)

The sub-gradient vector of the instantaneous cost function can now be written as



x(n)



M 
 x(n − 1) 



∇wl (n) ξ(n) = −2
(36)
 em (n)
cml (n) ∗ 
..




.
m=1 


x(n − J + 1)
By assembling the L sub-gradients to form the gradient vector yields
∇ξ(n) = −2XC (n)e(n)

(37)
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where XC (n) is given by

c11 (n) ∗ x(n) c21 (n) ∗ x(n)
 c12 (n) ∗ x(n) c22 (n) ∗ x(n)

XC (n) = 
..
..

.
.
c1L (n) ∗ x(n) c2L (n) ∗ x(n)

···
···
...

cM 1 (n) ∗ x(n)
cM 2 (n) ∗ x(n)
..
.







(38)

· · · cM L (n) ∗ x(n)

This yields our weight update equation according to Eq.31 for the single reference
multi-channel ﬁltered-x LMS controller
w(n + 1) = w(n) + µXC (n)e(n)

(39)

In order to prevent the LMS algorithm from experience divergence, a leakage coefﬁcient is introduced, giving a new update equation
w(n) = γw(n + 1) + µXC (n)e(n)

(40)

where γ is the leakage factor limited by 0 < γ < 1. The leakage factor causes the
ﬁltered-x LMS algorithm to behave as if low level white noise was added to the
reference signal. Hence, it improves the positiveness of the correlation matrix and
thus have the eﬀect of increasing the robustness to errors within the estimates of
the control paths [6, 8].
The update equation for the l speciﬁc control ﬁlter could be expressed as
M

cml (n) ∗ x(n)em (n)

wl (n + 1) = γwl (n) + µ

(41)

m=1

In real applications, the control paths needs to be estimated and the control path
matrix C(n) is replaced with Ĉ(n). For convergence in the mean of the adaptive FIR-ﬁlters, from a theoretical point of view, the step size µ is bounded by
0 < µ < 2/λmax [8] where λmax is the greatest eigenvalue of the correlation matrix
E[XC (n)XTC (n)]. However, using estimates of the control paths and thus an estimated control path matrix Ĉ(n) yields a correlation matrix E[XĈ (n)XTC (n)]. As
a consequence, for convergence in the mean of the adaptive ﬁlters, the step size
µ is now bounded as 0 < µ < 2(Re(λlj + α)/|λlj + α)|2 )min , [6, 8], where λlj is
an eigenvalue of the correlation matrix, α is a real positive constant related to the
leaky coeﬃcient as γ = 1 − µα.
The length of each FIR ﬁlter describing the control path depends, of course,
on the sampling rate and the physical properties of the vehicle. The length of the
FIR ﬁlters for the control paths and the FIR ﬁlters in the control are independent
of each other.
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Multi Reference / Multi-Channel Filtered-x LMS Algorithm

In applications where several sources are present, such as in a twin engine propeller
boat, a multi-reference controller is usually advantageous to control the vibration
and sound responses excited by the separate sources. For instance, in the twin
engine boat application it is almost impossible to control the engines to run at the
same r.p.m. continously and thus in terms of the engine orders and the propeller
blade pass frequencies the engines may not be considered as a ”single” source. A
general multi-reference multi-channel ﬁltered-x controller is presented with R reference signals. A block schematic of the multiple reference multi-channel Filtered-x
LMS controller is shown in Fig. 7. The reference signal vector is deﬁned as
T

(42)
x(n) = xT1 (n) xT2 (n) · · · xTR (n)
where xr (n) is deﬁned as for the single reference case

T
xr (n) = xr (n) xr (n − 1) · · · xr (n − J + 1)

(43)

The big diﬀerence here, compared to the single reference case is that there is one
adaptive ﬁlter for each reference signal and each output resulting in a total of L×R
adaptive ﬁlters. The secondary signal output to the lth secondary source consists
of the contribution from the ﬁltered R reference signals according to
R

yl (n) =

R
T
wlr
(n)xr (n),

ylr (n) =
r=1

l = 1, 2, ..., L

(44)

r=1

In analogy with Eq. 22 for the single reference case, the output can be written as
y(n) = XT (n)w(n)
where




X(n) = 


x(n)

0

···

(45)
0
..
.




x(n) · · ·

(46)

...
0
0 
0
···
0 x(n)
T

is now a RLJ×L block-diagonal matrix, where x(n) = xT1 (n) xT2 (n) · · · xTR (n)
The weight vector is a RLJ × 1 vector contaning RL ﬁlters each of length J according to

T
w(n) = w1T (n) w2T (n) · · · wLT (n)
(47)
0
..
.

where each vector wl (n) is composed of the coeﬃcients of the adaptive FIR ﬁlters
controlling the secondary source l according to
 T
T
T
T
(n) wl2
(n) · · · wlR
(n)
wl (n) = wl1
(48)
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Using this formalization the weight update equation can be derived in a similar
manner as for the single reference case according to
w(n + 1) = γw(n) + µXC (n)e(n)

(49)

where XC (n) are derived as in Eq. 38. The weight update equation for the speciﬁc
control ﬁlter, ﬁltering the reference signal xr (n), could be expressed as
M

[cml (n) ∗ xr (n)]em (n)

wlr (n + 1) = γwlr (n) + µ

(50)

m=1

Again, a lot of FIR ﬁlters are needed and with long ﬁlters (a common length in
active control application would in the range from 2-512 taps) a large computational
capacity is sometimes required. For convergence in the mean of the adaptive ﬁlters,
the step size µ is now bounded as 0 < µ < 2(Re(λlrj + α)/|λlrj + α)|2 )min , [6, 8],
where λlrj is an eigenvalue of the correlation matrix E[XĈ (n)XTC (n)], α is a real
positive constant related to the leaky coeﬃcient as γ = 1 − µα. Moreover, a
variety of diﬀerent versions of this standard multi-reference multi-channel ﬁlteredx LMS controller has been developed over the years. Such versions are presented
in Part II of the thesis. This frequency domain version shows a large reduction
in computational complexity with maintained convergence speed for narrowband
control.
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Figure 7: Fundamental block diagram of a multiple reference multi channel controller used in a ASAC(Active Structural Acoustic Control) application.
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Thesis Outline

The thesis consists of four publications, denoted Part I - Part IV. This section
gives an overview of the publications.
Part I may be seen as the odd duckling of the four. In this part speech enhancement algorithms are studied and in particular spectral subtraction. The algorithms
are intended for use in a car hands-free situation as an add-on kit to a mobile telephone. The variability in both the speech estimate and the noise estimate are
reduced in a non-parametrical way which leads to high noise attenuation with only
moderate speech distortion. The project started out in collaboration with a small
company in Blekinge, Celltech AB, which sells and manufactures accessories for
mobile telephones. The work resulted in a patent application. Celltech AB, however, did not want to go all the way to implement the algorithms in a commercial
product. Instead, the patent rights went to Ericsson Mobile Platforms AB for
implementation in mobile telephones. The patent is today held in some twenty
diﬀerent countries.
In 1996 the Swedish defense health organization found that several of the helicopter pilots suﬀered from hearing damages. Investigations were conducted where
the noise level inside the ear-cups of the headset(inside the helmet) were measured.
The result showed no harmful noise level, but still the pilots ended up with severe
hearing loss. A project group was formed to investigate the background of the
health problem, and possibly to design, apply and evaluate a suitable solution.
Part II addresses the deeper analysis of the sound problems in the Super Puma
Rescue helicopter. The problem was found to be a speech intelligibility problem.
The noise levels inside the ear cups originating from the main and tail rotors were
not harmful by themselves. The noise was merely masking the speech in the intercom system and in order for the pilots to hear the communications correctly the
level of the intercom system was put at maximum level, which in its turn lead to
harmful sound levels. The solution was to apply three diﬀerent techniques; active
noise control to reduce the sound level inside the ear cups which would decrease
the masking eﬀects; spectral subtraction as presented in Part I in order to reduce
the noise entering the intercom system via the headset microphones; directional
hearing, where the diﬀerent users of the intercom system could be placed in different virtual locations in the spatial domain resulting in that approximately 6 dB
lower sound levels of the speech could be used with the same speech intelligibility.
During the work with the helicopter project my interest in sound and vibration
problems, as well as in active noise and vibration control, grew. In the year of
1997 the AVIIS (Active Vibration Isolation In Ships) project started where the
goal was to reduce the sound and vibration levels on a luxury cruiser. Part III
describes the extensive pre-analysis of the sound and vibration from an active
control perspective. It is my belief that if active control should be applied to a
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complex structure, such as a luxury boat, with successful results, a very thorough
investigation of the physical properties to the underlying structure and the primary
sound and vibration ﬁelds needs to be performed. In this project four diﬀerent
passive engine mounts in combination with a thrust bearing were evaluated in
order to ﬁnd transmission paths, sound distribution, vibration levels etc. The
pre-analysis ends with a prediction of the performance for a narrowband active
control system based on recorded vessel data. The AVIIS project was evaluated
as one of six particularly successful projects from ﬁfty projects founded by the
KK-foundation (Knowledge and Competence) in their “Hög-satsning”, presented
in “Utvärdering av högskoleprojekt”
During my years as a Ph.D.student working with active control, and especially
with the AVIIS project, a lot of insight was gained in practical active noise and
vibration installations. The inertial mass actuator became an everyday tool to
work with. Professor Colin Hansen at the Department of Mechanical Engineering
at the University of Adelaide took contact, and asked us to bring the actuators
used in the AVIIS project, for them to be applied in the ”largest” active vibration
control project down under. The goal in this project was to attenuate low order
harmonics generated by the main diesel engines in a Collins Class submarine. Part
IV describes the active installation using seven inertial mass actuators at each
mount, hence minimizing the transmission of vibratory energy in all six degrees of
freedom from the engines to the hull. An exhaustive evaluation of the practical
experiments is also presented.

Part I - Spectral Subtraction with Extended Methods
Speech is probably the most important means of communication between humans
and in the near future also between humans and machines. High speech intelligibility and sound quality are important and can be improved by means of signal
processing. In Part I, a novel method based upon spectral subtraction is presented
to enhance a noisy speech signal. Spectral subtraction employs estimates of the
noise spectrum and the noisy speech spectrum to form a frequency selective gain
function, based on the Signal to Noise Ratio, SNR(f). The incoming signal spectrum is multiplied with the gain function, thus suppressing frequency components
with low SNR(f). The main disadvantage of using conventional spectral subtraction algorithms where high noise attenuation is required is the annoying “musical
tones” which are very disturbing to the listener. The musical tones are mainly due
to variance in the spectrum estimates. To solve this problem Bartlett’s method can
be used in order to reduce the variability in the spectral estimates. The Bartlett
method utilizes the fact that the current input block is divided into several subblocks and a lower resolution estimate is performed, which has reduced variability.
Two diﬀerent approaches are considered; one where only the variance in the noise
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spectrum estimate is reduced and the other where the variance in both the noise
spectrum estimate as well as the noisy speech spectrum estimate are reduced. The
noise estimate should only be updated when no speech is present, hence a robust
speech detector or voice activity detector was also designed.
The method was originally intended to use in a hands-free car mobile telephone
but has also showed excellent results in helicopter intercom systems as presented
in part II. Also the JAS Gripen ﬁghter aircraft ground-clearing intercom system
has made use of a special variant of the algorithm. Although a wide variety of applications exist, Part I only evaluates a real-time implementation of the algorithm
on a Texas Instruments C31 DSP in a car environment. The evaluation is done
before the speech is coded and transmitted over the telephone network as well as
on the receiver end.

Part II - A New Passive/Active Hybride Headset for a Helicopter Application.
Part II addresses active noise control in a headset application. The headset proposed is based on the ANC system used in combination with a communication
system to enhance speech intelligibility and improved audibility within a noisy
environment. The headset combines several techniques. The passive ear-cups attenuate both broadband and narrow-band noise, in particular at higher frequencies.
The level of the remaining low frequency noise inside the ear-cups is not normally
harmful to the human ear, but such noise often masks and corrupts communication. For this reason one tends to turn up the volume of the intercom system to
high level, which leads to sound levels which are harmful to the human ear. In order to reduce the volume of the intercom system and increase speech intelligibility,
the level of the lowfrequency background noise inside the ear-cups was attenuated.
This was partly done by applying active noise control. The active control system
consists of a feedback and feedforward part. The analog feedback controller attenuates low frequency broadband noise while the digital feedforward controller reduces
harmonic low frequency noise. The control algorithm used to attenuate the harmonic components is the complex ﬁltered-x LMS algorithm. Furthermore, in order
to increase speech intelligibility, spectral subtraction as presented in Part I is also
performed on the output signal from the communication microphone, resulting in a
higher signal-to-noise ratio (SNR) in the intercom signal. The unprocessed microphone signal contains a considerable amount of helicopter noise which is injected
into the communication system. During communication the noise picked up by the
microphone from one pilot is fed directly to the other pilot’s headset. To conclude,

48

Introduction

no matter how good attenuation the ear-cups yields, a lot of low frequency noise
still enter the ear-cups via the intercom system. Hence, low noise levels are obtained
inside the ear-cups even during communication. Spectral subtraction reduces the
low frequency noise entering from this path.
Results are presented from an evaluation of the hybrid headset using data
recorded in an AS332 Super Puma MKII helicopter. The data was recorded during
ﬂight. The evaluation shows that a combination of the diﬀerent methods results in
an eﬃcient noise attenuation. The attenuation is approximately 20 dB broadband
in the frequency range 50 − 400 Hz, and further a 20 dB attenuation is obtained for
the controlled tonal components. At the same time, spectral subtraction improves
the SNR in the outgoing speech signal by approximately 20 dB with only moderate
speech distortion.

Part III - AVIIS, Active Vibration Isolation In Ships: A
Pre-Analysis of the Sound and Vibration Problems
The main objective with this project was to reduce the low frequency noise in
the saloon (cabin) of a middle class leisure boat, thereby increasing the passenger
acoustical comfort. This approach can of course be applied to any compartment
onboard the boat.
Measurements showed that low frequency tonal components dominate the noise
inside the saloon and that these components originate from the two engines and
the two propellers, for frequencies up to about 500 Hz. If these tonal components
could be reduced, a signiﬁcant reduction in dBA level is possible. It is also shown
that the dominant sound in the saloon is due to structural borne noise, and only
to a small extent directly due to radiated sound from the engines. The proposed
method for reducing the amount of transmitted vibration power into the hull was to
use a combination of passive isolators and dynamic vibration actuators, a so-called
combined passive/active engine mount.
The engine vibrations propagate primarily through the engine mounts into the
hull. For the propellers there are two alternative transmission paths; either through
the water into the hull or through the propeller shaft into the engine and through
the engine mounts to the hull. If the dominating vibration paths were through the
engine mounts, it would be possible with properly designed engine mounts, to handle both vibration sources, i.e. (engines and propellers). In order to establish the
transmission paths for the vibrations, several passive engine mounts in combination
with a thrust bearing were evaluated.
In one of the test conﬁgurations the engines were mounted rigidly to the hull,
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which facilitates the possibility to calculate the vibration attenuation for each of the
other passive engine mount installations. It is shown that for an engine mount with
adequate attenuation, measured as the diﬀerence between the vibratory energy on
the engine side versus the hull side, still could have a very low insertion loss. In
other words, the passive engine mounts almost have no vibration attenuation at all
below 300Hz which is somewhat surprising.
When the engines were rigidly mounted, the vibrations were measured in all
three directions in order to decide whether it would be necessary for the active
system to work in all directions or if there was a dominating direction for the
vibrations. Hence a much simpler active control system could be applied working
perhaps in only a single direction.
Shipyards usually use the engine mounts recommended by the engine manufacturer when designing a vessel. In this investigation inquiries were done in order
to see how much sound and vibration attenuation could be gained if passive engine mounts were optimized and combined with a thrust bearing. The design of
the optimized system aimed at ﬁnding the right stiﬀness for the engine mounts
for just this boat/engine combination. The results turned out to be somewhat
unexpected........
At the ﬁnal part of the pre-analysis, a prediction of the performance for a
potential active system is evaluated. The prediction is based on narrow-band feedforward control since it is only the tonal components originating from the engines
and propellers that will be targeted by the controller. The prediction algorithm
uses measured transfer function between actuators and error sensors in combination with measured primary ﬁelds for some diﬀerent driving conditions. The results
are quite satisfying, and an implementation of an active control system onboard is
recommended to be outlined.

Part IV - Active Control of Engine Vibrations in a Collins
Class Submarine
Submarine manufacturers invest considerable eﬀort and money in improving the
attenuation of noise radiated by submarines into the water. A number of diﬀerent
noise sources contributes to the total acoustic signature on an advanced submarine, such as the Collins Class submarines. The last part of the thesis focuses
on the problem associated with low order harmonics generated by the main diesel
engines, transmitted through the engine mounts into the hull, and subsequently
radiating into the water. Traditionally, when engines are mounted on light and
ﬂexible structures, passive engine mounts, usually made of rubber or neoprene, are
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used to reduce the transmission of vibratory energy from the engine to the supporting structure. In the case of the Collins Class submarine, a two-stage isolation
system with an intermediate mass is used. To even further reduce the vibration
transmission, passive isolators can be augmented with an active vibration isolation
system. In the current Collins Class submarines, each diesel engine is supported by
eight two-stage mounts, allowing independent control of each mount, which would
signiﬁcantly reduce the complexity of the active control system required. To implement the active system, the intermediate mass would be equipped with seven
actuators and seven error sensors in order to reduce the vibration in all six degrees
of freedom, assuming that the intermediate mass only moves in rigid body modes
in the frequency range of interest.
The actuators suggested to be used are of an inertial mass type. A thorough
investigation is conducted into how the electrical and mechanical systems interact
in an inertial mass actuator, in order to be able to tune the actuator in terms
of resonance frequency and output force. The investigation also facilitates the
dimensioning of the ampliﬁers that driving the actuators. In this manner, the total
power consumption used for the active installation can be predicted.
A test rig was built to mimic the real engine mount onboard the submarine. The
intermediate mass weighed 490 kg. A static load of 580 kg was also used, situated on
top of the test rig to simulate the static load of the engine. The test rig was exited
with vibration levels similar to the measured levels on the submarine, in order to
provide more reliable results regarding the issue if actuators can handle the reallife forces or not. Experiments were conducted in order to evaluate the behaviour
when fewer actuators were used on each intermediate mass. Observe that if all the
intermediate masses (24, three engines and 8 mounts for each engine) should be
equipped with 7 actuator a total of 168 actuators is needed, which, probably, is an
unrealistic number of actuators.
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Abstract
This report presents a novel method based upon spectral subtraction
to enhance a noisy speech signal . Two new ideas on how to reduce the
variability in both the speech and noise estimates are evaluated. The method
is aimed for use in hands-free car mobile telephones as an add on kit. A
noise suppression of at least 20dB is obtained when no speech distortion is
allowed. A realtime evaluation, with a TMS320C31, in a car environment
is done. Studies have been made to investigate the performance when the
speech is transmitted over the telephone network. The report also presents
a robust speech detector working in the frequency domain.

1

Introduction

One of the fastest growing means of communication is the mobile telephone. However, in the car environment a major problem is the background noise and we propose a novel spectral subtraction method to enhance the audibility. Many methods
have been proposed to enhance the speech [1-5]. The intention with this report is
to describe a cheap and simple single microphone solution to improve the speech
quality in a handsfree car telephone system. The major demand on the system is
that it should be easy to install as an add-on feature on existing handsfree units
at a reasonable cost. With respect to the above conditions a ”single microphone
solution” was implemented. Spectral subtraction suﬀers from artiﬁcial background
noise and, under adverse conditions, severe speech distortion. In this connection we
propose an improvement of this algorithm yielding acceptable results. The main
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Figure 1: A handsfree system with typical disturbances.

feature and improvement consists of minimizing the variability both in the noise
and speech signal estimates.

2

A Car Handsfree System

Background acoustic noise and acoustic echoes represents some of the major problems in mobile voice communications, in particular in hands-free mobile telephone
systems. Starting with the microphone which picks up the speech and feeds it into
the telephone, the microphone not only captures speech but also background noise
and sound arriving from the loudspeaker. The background noise mainly originates
from tires and engine. The loudspeaker signal comes from the far-end talker, who
often experiences an acoustic echo. Diﬀerent types of noise reduction and echo
cancellers have been proposed [1-8]. In this report the focus is on the speech enhancement problem only. An important issue is where the noise canceller should
be connected. There are two possible positions, directly after the microphone or
between the handsfree system and the telephone. The latter is chosen, since the
signal level is higher here and the matching between the microphone and ampliﬁers in the handsfree system is not disturbed. In ﬁgure 1.1 a handsfree system is
depicted.

3

Theory

Speech enhancement and recognition is either model-based, where typical solutions includes Markov Models, Predictors and Lattice ﬁlters [9] or non-parametric
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based on a spectral description of speech, such as Short-Term Spectrum or Cepstral
techniques[10]. The method presented here is a non-parametric method based on
the additive feature of noise in the magnitude of the FFT coeﬃcients.

3.1

Spectral Subtraction

This method enhances noisy speech by estimating a noise bias in the magnitude
in the frequency domain. The speech is modeled as a random process to which
uncorrelated random noise is added. The noise estimation is bound to be done
during ”talker inactive” (silent) time frames and the magnitude of the estimated
noise power spectrum is subsequently subtracted from the Fourier transformed
near-end ”talker active” time frames. Let s(n), w(n) and x(n) be stochastic shorttime stationary processes representing speech, noise and noisy speech, respectively.
From
x(n) = s(n) + w(n)
(1)
and by assuming that s(n) and w(n) are uncorrelated processes it follows that
Rx (f ) = Rs (f ) + Rw (f )

(2)

where R denotes the power spectral density of a random process. The power
spectral density magnitude for w(n) is estimated and subtracted according to
R̂s (f ) = Rx (f ) − R̂w (f )

(3)

To estimate the power spectrum density we start with the simple periodogram
which is evaluated with
2
1 

R̂x (f ) = Px,N (f ) =
(4)
X̂(f
)


N
where X̂(f ) is the short time Fourier transform of x(n) and N denotes the block
length. If we combine (3), and (4) we get

2

2




2
(5)
Ŝ(f ) = |X(f )| − Ŵ (f )
This is the conventional squared (power) form. Alternatively, the straight-forward
amplitude spectrum is often used








(6)
Ŝ(f ) = |X(f )| − Ŵ (f )
However, the phase must also be estimated. Speech is rather insensitive to
phase distortion, which encourages certain simpliﬁcations [10]. There is no straightforward way to compute the clean speech phase spectrum φS , but it is often suﬃcient to use the noisy speech phase spectrum φX , as an estimate yielding
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φŜ  φX

(7)

Finally, the estimate of the frame of speech resulting from the spectral subtraction is recovered from the FFT estimate


2  12





 iφŜ
2
· eiφX
Ŝ(f ) = Ŝ(f ) e = |X (f )| − k · Ŵ (f )

(8)

A more general expression is

a  1


 a iφX
Ŝ(f ) = |X (f )|a − k · Ŵ (f )
·e

(9)

This is the common general form of spectral subtraction with extra parameters
added to make the subtractor more versatile [10]. The power exponent a is typically
chosen to be one or two and further the amount of subtraction can be varied by the
parameter k. Some form of rectiﬁcation is also common, see below. The variance
of the estimates limits the performance and thereby limits the SNR improvement
on the output signal. We therefore rewrite the expression as follows

a  1

a
 |X (f )|a − k · Ŵ (f ) 
· |X (f )| eiφX
(10)
Ŝ(f ) =


|X (f )|a
The curly brackets term is merely interpreted as a multiplicative factor for each
frequency on the incoming spectrum X(f ) = |X (f )| eiφx . The main idea is now
to reduce the variability in this multiplicative term in frequency by reducing the
resolution and blocksize, while full block size must be maintained in the trailing
part in Eq. 10 representing the original incoming speech signal.

3.2

Variance Reduction in Spectral Estimators

The simple FFT Periodogram is not a consistent estimate of the true power spectrum although it is an asymptotically unbiased estimator of the spectrum. Since
low-resolution estimates of the spectra forming the multiplicative term is suﬃcient
and smoothness and low variance is needed, the Bartlett (or Welch) method is
used here. We simply average windowed periodograms by subdividing the Master
Block Length (MBL) N into K nonoverlapping (overlapping with Welch) segments
of length M and we then average the individual periodograms that results from
each of the K data segments. By using this method we reduce the variance in a
conventional spectral estimate by a factor of K. With Welch’s method a larger K
can be obtained by allowing overlap, but the variance is improved by a factor less
than K, although larger than the K-value for the Bartlett method.
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We now assume that we are working with a data vector x(n) with master block
length N and subdivide the N-point sequence into K nonoverlapping segments,
where each segment has length M. For each segment we compute the periodogram
and average yielding
K−1
1
Pxx,M,k (f )
(11)
Pxx (f ) =
K k=0
By using this method we reduce the variance in return for a lower resolution in the
frequency domain. Assuming uncorrelated subblocks the variance is given by
1
var[Pxx (f )] = 2
K

3.3

K−1

var[Pxx,M,k (f )] =
k=0

1
var[Pxx,M (f )]
K

(12)

Further variance reduction

The variance in the noise estimate can be further reduced by averaging over several
master blocks, usually with an exponential block number decay
PL (f ) = α · P(L−1) (f ) − (1 − α) · Pnew

(13)

and by choosing α close to 1, a more robust noise estimate is obtained.

4

Algorithms

Two diﬀerent algorithms based on the spectral subtraction method are presented.
The ﬁrst algorithm, denoted (SAN) is reducing the variance in the multiplicative
factor, both for Signal And Noise. The second algorithm, denoted NO (Noise
Only) reduces the variance in the noise estimate forming the multiplicative factor
in Eq. 10. The two algorithms give diﬀerent results in noise reduction and speech
distortion. The telephone bandwidth is 300 Hz to 3,4 kHz implying that a sampling
rate FS = 8KHz is suﬃcient. Speech can be regarded as approximately stationary
over 20-40 ms [10]. This gives a typical block length of 256 samples, which is
denoted the MasterBlockLength N .

4.1

Speech And Noise Algorithm, SAN

The block diagram in Fig. 2 depicts the ﬁrst algorithm. Observe that the separation into phase and amplitude information can be avoided when writing spectral
subtraction as a multiplicative term on the incoming spectrum. This saves calculation time and makes the algorithm faster. Another advantage is that this algorithm
also reduces the variance of the speech term in the multiplicative term. In the other
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Figure 2: Speech And Noise Algorithm, SAN.

algorithm, NO, we only reduce the variance in the noise estimate. However, care
must be taken in order to avoid problems when the denominator is close to zero.
Boxes in shaded regions are explained in more detail below. The noise estimate
should only be updated while no speech is present, thereby the speech detector.
We divide the original sequence x(n) into blocks of length N , the Master Block
Length (MBL). Putting the block length as an index in Eq. 10 we obtain
1

YN = ŜN = (|X|aN − k · |W |aN ) a ·

YN = ŜN =

|X|aN − k · |W |aN
|X|aN

 a1

XN
|X|N

(14)

· XN

(15)

By subdividing into K smaller segments of length M and by using the Bartlett
method and zeropadding we can reduce the variance in the multiplicative term by
K both in the speech estimate and the noise estimate. Further reductions can be
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Figure 3: Variance reduction based on the Bartlett method combined with zeropadding.

obtained with the exponential decay averaging over Master Blocks. We obtain

YN = ŜN =

|X|aA,M ↑N − k · |W |aA,M ↑N
|X|aA,M ↑N

 a1
· XN

(16)

where (A, M ↑ N ) denotes an Averaged M-to-N interpolated (zeropadded) frequency function. We now have a simple algorithm on the form

YN = GA,M ↑N · XN

where GA,M ↑N =

k · |W |aA,M ↑N
1−
|X|aA,M ↑N

 a1
(17)

Only the constant GA,M ↑N is calculated in reduced resolution yielding less variability. The phase is not needed here.
4.1.1

The Noise Estimation

To illustrate a noise estimation with low variance, the Bartlett method is used.
The input signal divided into blocks of Master Block Length (MBL) N , is further
chopped into K smaller smaller subsegments, each with equal length M , denoted
the Averaging Block Length (ABL). Every subsegment is then zeropadded to N
samples ﬁtting the upper incoming FFT-length N as shown in Fig. 3. Chopping

64

Part I

|W| A,M

A,M N

|X|

|X|
A,M N

N

Bartlett

|X|A,M

N

X

1-Alfa

+

N

Z -1
X
Alfa

Figure 4: Exponential averaging over Master Blocks with decay factor alfa.

the Master Block Length into smaller segments and performing FFT on each segment and averaging will lower the frequency resolution and reduce the variance
in the estimate by the same amount. The zeropadding does not increase the frequency resolution, it merely performs an interpolation back to the the Master Block
Length, N .
Finally, a simple exponential averaging over several Master Blocks is performed,
Fig. 4. This is done individually for all frequency points on the FFT-grid.

4.2

Noise Only-Algorithm, NO

A block diagram of the Noise-Only algorithm is shown in Fig.5. Algorithm NO
reduces the variance in the noise estimate only.

4.3

Controlling Parameters

In the algorithms parameters which are vital to choose appropriately in order to
obtain optimum behaviour are:
• The subtraction parameter k which selects the amount of noise which is
subtracted from the speech signal. Typical values for k is ranging from 0.6
to 1.0. If too large values are used, ”musical tones” can be heard.
• N , MBL is the Master Block Length with typical values (powers of two) 128,
256, 512, 1024.
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• M , ABL is the Averaging Block Length and controls the frequency resolution in the weight estimation and the variance reduction. Typical values are
16,32,64,128, also conﬁned to a power of two.
• The exponential decay parameter α controls the temporal averaging of noise
estimates over frames. The eﬀective averaging time can be approximated
with N/(1 − 2α). Typical value of α are 0.98-0.999. If α is very close to one
it might not be necessary to use a speech detector since most of the time,
there is no speech present. Hence the noise dominates the noise estimate
suﬃciently.
• The power factor a, is the parameter that strongly inﬂuences the amount
of ”synthetic background noise” the listener experiences. Typical values are
ranging from 0.5 to 2. Implementation aspects limit the value set to 0.5,1,2.
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4.4

The Speech Detector

In order to robustly detect when speech is present, a speech detector was developed.
Since we have access to the frequency spectrum of the input signal, we let the
detector work in this domain. In Fig. 6 the noise and the speech + noise spectrum
can be observed. From this picture, the diﬀerences in the spectra is more marked
at higher frequencies. The detector is therefore set to operate on frequencies from
2.0 kHz to 3.5 kHz. Further a long time noise estimat, W L is calculated with the
exponential decay factor, Lα much closer to one than for the normal noise estimate.
If Eq.18 is fulﬁlled, there is speech present.
3.5

3.5

|W |A,M ↑N (f ) ≥ γ
f =2.0

|W L|A,M ↑N, (f )
f =2.0

The factor γ in Eq. 6 is empirically determined to 1.1.

(18)
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Figure 7: The car microphone original input sequence. Sound ﬁle is rek0.wav

5

Choice of parameters

This chapter concentrates on how to choose the diﬀerent parameters and how they
aﬀect the SAN algorithm and output signal. The original sequence comes from
a live conversation in a car while driving at 120 km/h and the sentence that is
read is in Swedish and says ” Det var det inte”. The car is a rather noisy Ford
Fiesta XR2. Each parameter is varied, one at a time around a nominal parameter
setup choice while the others are kept constant. All plots are supplemented with
sound ﬁles (in .wav format) which is done to give the reader an opportunity of a
subjective evaluation.

5.1

The subtraction parameter k

The most vital parameter is the subtraction factor k and we ﬁgure that it is a
good idea to let the talker control this parameter with a knob. To illustrate how it
aﬀects the algorithm, a number of plots and soundﬁles are given. Fig. 7, is done
with k equal to zero, i.e. no subtraction at all is performed. The other parameters
are throughout this section chosen as, Master Block Length N = 1024, Average
Block Length M = 64 and the Power Factor a = 1.
In ﬁgure 8 the subtraction is increased to k = 0.6, and it is clearly visible and
audible that the noise is reduced. When k = 0.6, the speech, as can be heared, is
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Figure 8: SAN algorithm with k = 0.6. Corresponding sound ﬁle is rek06.wav

essentially intact.
An interesting question is how much can k be increased until the the speech is
severely distorted? In Fig. 9 k is chosen to 0.9. The noise is reduced further, and
the speech quality is lower, although acceptable. Finally, in ﬁgure 10, the factor k
is increased to 1.5. The speech is now distorted to an unacceptable level. Diﬀerent
tones can be heard, a phenomena denoted ”musical tones” which often occurs when
k exceeds 1.0. A suitable choice is in the range of 0.6 − 0.95 and should be adjusted
be the operator, since under some conditions it might be preferrable to lower the
noise level and accept more speech distortion, while under other circumstances and
to certain talkers, it is not acceptable to have any distortion at all.

5.2

Master and Averaging BlockLengths

In this section we discuss the choice of Master Block Length,N and Averaging Block
Length. The essential evaluation must be performed on the sound ﬁles, since noise
suppression is not the central issue here. Instead, it is the speech quality that is in
focus. The following table summarizes the combinations any which combinations
that yield good results.
The Master Block Length N = 2048 has not been taken into account,since it
would give unacceptable delays. Shorter Averaging Block Lengths, makes the noise
estimate smooth and robust, since it is averaged more times.
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Figure 9: SAN algorithm with k = 0.9. Corresponding sound ﬁle is rek09.wav
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Figure 10: SAN algorithm with k = 1.5. The name of the sound ﬁle is rek15.wav
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Figure 11: Results on the SAN algorithm for diﬀerent combinations of the Master
(on vertical axis) and Averaging Block Lengths (on horizontal axis).
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Figure 13: SAN algorithm with a = 1. Corresponding sound ﬁle is rea1.wav.

5.3

The power factor a

The third parameter which is varied is the power factor a with values [0.250.51.02.0].
The most common case is when a is equal to 1.0 which refers to a spectral subtraction on spectral magnitudes directly. The other parameters in this section are
chosen to, N = 1024, ABL = 64, k = 0.8, while a is varied. We continue with
performing the subtraction on the power spectra, a=2. We obtain Fig. 14. This
approach is sometimes denoted correlation subtraction. As both can be seen and
heard the noise level has increased when we use a=2 instead of a=1.
We take the opposite direction and choose a=0.5 yielding surprisingly good
results, see Fig. 15 This choice gives a clear improvement on the noise level. It is
diﬃcult to observe the amount of distortion on the speech, and as can be heard from
the sound ﬁle, only moderate distortion is obtained. Finally, Fig. 16 illustrates
the results for a = 0.25. The noise has been further reduced but now the speech is
severely distorted. In conclusion, we recommend that the power factor a is chosen
to 0.5-1.0. This will also facilitate a real-time implementation.
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Figure 14: SAN algorithm with a=2. Corresponding sound ﬁle is rea2.wav.
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Figure 15: SAN algorithm with a = 0.5. Corresponding sound ﬁle is rea05.wav
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Figure 16: SAN algoritm with a = 0.25. Corresponding sound ﬁle is rea025.wav.

6

Measure of Noise Suppression

In order to compare algoritms, subjective evaluations are the most valuable, but
raise problems when repeated, since no repetivity is guaranteed. An objective
measure is

x(n)2Af ter

(19)
Noise-suppression =
x(n)2Bef ore
over a noise-only interval. The degree of speech distortion is left for subjective
evaluations, since no good objective measure is obvious here [11], [12]. The sound
ﬁles are however included giving the reader an opportunity to listen to the results.
Matlab was used to perform the computer evaluations and the best results for both
the SAN and the NO algorithms are shown below.

7

Implementation

This chapter will focus on how the system is conﬁgurated to run in real time and
describe the program ﬂow. The algorithms are written in C++ and compiled
with the Texas compiler. The whole system is centered around a TMS320C31
signal processor. This CPU is using ﬂoating point representation which facilitates
program coding.
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Figure 17: The original sequence, recorded in a car at 120km/h.
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Figure 18: NO algorithm with a = 1, k = 0.9, N = 1024, M = 64. Noise suppression is 5.8dB and speech is undistorted. Corresponding sound ﬁle is reka091.wav
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Figure 19: NO algoritm with a = 0.5, k = 0.8, N = 1024, M = 64. Noise suppression is 15.3dB and the speech is slightly distorted. Corresponding sound ﬁle is
reka0805.wav.
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Figure 20: SAN algoritm with a = 1, k = 0.9, N = 1024, M = 64. Noise suppression is 12.6dB and speech is undistorted. Corresponding sound ﬁle is rek09.wav.
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Figure 21: SAN algoritm with a = 0.5, k = 0.8, N = 1024, M = 64. Noise suppression is 23.6dB and speech is moderately distored. Corresponding sound ﬁle is
reka2085.wav

7.1

System Configuration

The system used to develop the realtime algorithms is depicted in ﬁgure 22. The
signals used as inputs originates from DAT (Digital Audio Tape) recordings in a
car, with a typical speed of 110 km/h on a paved road. A conventional handsfree
microphone was used and placed near the visor. The noisy signal is limited to
telephone bandwidth 300-3400Hz. The signal processor is located on a Loughbury
PC card, containing both A/D and D/A converters and the memory used by the
signal processor. The communication between the PC and the card is done by an
in-house developed program denoted UDL (Universal Dsp Lab) [13]. This program
enables monitoring of variables in the signal processor during runtime.

7.2

The Program

The main diﬀerence between an ordinary mainframe computer program and a
program for signal processors is the handling of the inputs/outputs and timing
considerations.
Spectral subtraction works blockwise, putting several samples from the A/D
converter into blocks. The calculation time for a speciﬁc block can not exceed the
time it takes to ﬁll a block with samples. We are not working sample by sample in
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Figure 22: System overview

this application although that is a common technique.
The program ﬂow goes as follows, see ﬁgure 23:
1. The A/D-converter is triggered by the interrupt handler and puts a sample
into Block A. This process goes on until block A is ﬁlled.
2. When block A is full, incoming samples are redirected to block B. Simultaneously the spectral subtraction algorithm, starts to process the data gathered
in block A.
3. The output from the algorithm is put into block C.
4. When block B is ﬁlled, we start to ﬁll block A again. Block B is now being
processed by the algorithm while block C feeds data to the D/A-converter.
5. The working procedure results in a slight delay from input signal to the output
signal. The time delay is 2* MasterBlockLength. The time delay in seconds
will be given by the expression:
T =

8

2 ∗ M asterBlockLength
FS

Real-time evaluation

During the evalution MBL and ABL were frozen to 1024 and 128 respectively. The
factors α, Lα, and a where also ﬁxed at 0.9 , 0.997 and 0.5. This leaves us only
one parameter to vary during the evaluation namely k. The SAN algoritm tends
to give better results. Hence, we concentrate on this algorithm in the sequel.
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Figure 24: Orginal sequence. Corresponding sound ﬁle is lab1aa.wav

8.1

Laboratory environment

The unprocessed original sequence at the microphone is shown in ﬁgure 24. Figure
25, will show the output that is intended to go to the telephone. Two diﬀerent
values of k have been tested and the result for both k values is presented in ﬁgure
25. At the ﬁrst half of the sequence a noise suppression of 16.5dB where obtained
and at the second half 13.5dB were obtained. The results are not as good as the
one from the computer evalution in MatLab. This comes from the fact that the
total noise level (SNR) is lower and therefore it is harder to obtain the same noise
suppression and it is of course not necessary.

8.2

Car environment

To get an idea of how the system works when it is combined with the mobile network, where several diﬀerent operations are performed such as coding, transmission
and ﬁltering, the whole system was moved out into the test car. At this ﬁnal measurement the most relevant point to measure at, is at the far end speaker. The
signal is not considered before and after the system as before. Instead we study the
behaviour with the algorithm for diﬀerent values of k and the algorithm turned oﬀ.
This implies that it is not the same sequence that is read but all the measurements
are taken in a consecutive order and the noise is therefore assumed to be at the
same level. Figure 26 is considered as the original sequence. What can not be seen
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Figure 25: SAN algoritm with k=0.72 and k=0.55. Corresponding sound ﬁle is
lab1bb.wav
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Figure 26: ”Original” sequense obtained by setting k=0.
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Figure 27: SAN algoritm with k=0.55. Corresponding sound ﬁle is lab2c.wav

but heard from the sound ﬁle, is that the speech is a bit distorted even though
the algorithm is turned oﬀ. This comes from the fact that the noise level is very
high and the speech coder tends to regard all signals as speech. This conclusion is
based on the observation that when stopping the car, with no car noise present, the
speech is intact. In Fig. 27 some noise reduction is made but the speech is almost
intact. The noise suppression is 12.8 dB using the same expression as earlier on.
Finally, in Figure 28 almost all the noise is suppressed and the speech is moderately
distorted. The noise suppression is now as high as 17.2 dB, which is a surprisingly
good result.

9

Conclusions and Future Work

A novel method to improve the speech quality in a car handsfree system have been
developed based on spectral subtraction. The system is constructed so it should be
easy to install as an add-on feature to an existing handsfree car telephone system.
The method reduces the variability both in the speech and noise signals. The study
of spectral subtraction has gained insight into which parameters aﬀect the noise
suppression and give talker signal distortion. To make the system work properly a
speech detector was also designed based on a frequency domain comparison. Work
have also been done to keep the complexity of the algorithm down in order to make
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Figure 28: SAN algoritm with k=0.72. Corresponding sound ﬁle is lab2b.wav

a cheap realisation possible. The method has also been tested in a real environment,
in a car, and has shown good results. The noise is suppressed at least 20dB when
moderately speech distortion is tolerated. This means that for the far- end talker it
is hardly audible to note that you are travelling in a car. When the system actually
is manufactured the idea is that the EPROM containing the program should be
easy to replace so that new program versions could be installed as the research
and development proceeds. Therefore the DSP processor used should be at least
as versatile as a TMS320C31.
Further work is also needed to reduce the ”synthetic” background noise (some
sort of tones) created by the spectral subtraction method or by the FFT and IFFT.
Another aspect is how the system works with for diﬀerent types of microphones
and handsfree sets. To improve the over-all quality the spectral subtraction method
should be complemented with some form of echo canceller to relax the switching
between the two talkers when half duplex is used.
Recordings from only a single car were use during tests to determine the optimal
parameters for the algoritm. Before the actual system is submitted to production
evaluation, further validation is needed in diﬀerent types of test cars.
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[13] P.Sjösten, “A Windows based Interactive Program for on-line Control and
Monitering of DSP-Hardware”, Ronneby 1996

Part II

A New Passive/Active Hybride
Headset for a Helicopter
Application.

Part II is published as:
Mathias Winberg, Sven Johansson, Thomas Lagö and Ingvar Claesson, “A New
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Abstract
In helicopters, the low frequency noise generated by the rotors and engines
often masks and jeopardizes safe communication. In addition, pilots are
likely to suﬀer from damage to their hearing due to the high sound levels
in the headset produced in compensating for the noise caused by increased
speaker levels. A feasible approach is to reduce the low frequency noise by
using active techniques combined with a method for reducing the noise in
the intercom microphone signal, with lower speaker levels as a result.
Helicopter noise consists of tonal components embedded in broadband
noise. In order to achieve an eﬃcient attenuation of the primary noise inside
the headset, a combination of a digital feedforward controller and an analog
feedback controller is employed. Spectral Subtraction is used to suppress the
background noise in speech signals. This paper evaluates a combination of
the two techniques and their application to real data.

1

Introduction

There are substantial noise levels in the Super Puma helicopter, especially at low
frequency [1]. The noise level is not normally harmful to the hearing, although
low frequency noise generated by the engines and rotors (main and tail rotor)
masks and corrupts speech. Noise with dominant frequency distribution just below,
or within the lower frequency range for speech, disturbs speech recognition and
intelligibility [2]. For helicopter pilots it is important to hear radio communication
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Figure 1: Power Spectrum of the sound pressure level inside the helicopter during
ﬂight. The total sound pressure level is 103 dBA.

correctly during ﬂight. Pilots thus tend to select the maximum hearing volume
in the communication system. The sound levels produced are harmful to the ear,
inducing fatigue and loss of hearing. This phenomenon is denoted Noise Induced
Hearing Loss (NIHL), a condition in which high sound pressure levels (SPLs) are
possible. The level of risk NIHL will occur depends on the frequency content of
the noise.
In order to increase speech intelligibility the noise level inside the ear cups must
be reduced. Since the noise has low frequency characteristics, it cannot be substantially reduced by employing passive techniques since the passive earcups cannot
be made large enough due to the fact that they must ﬁt inside the helmet. The
helicopter pilots and the rescue personnel are required to wear a helmet for safety
reasons. Had there been no such stipulation, larger earcups such as the Bilsom 747
which provide good low frequency attenuation could be used. A more feasible approach is to reduce the noise by employing Active Noise Control (ANC). As ﬁgure
1 shows, noise up to 100 Hz inside the helicopter, is normally dominated by tonal
components while the noise is more broadband between 100 Hz to 400 Hz. The
total sound pressure level inside the helicopter is 103 dB(A). This paper treats the
concept of a hybrid ANC headset which combines both feedforward and feedback
ANC techniques [3]. The adaptive feedforward controller is based on a digital system, while the feedback system is based on an analog system. The principle of the
hybrid headset is depicted in ﬁgure 2. This type of ANC headset is used in order
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to improve noise attenuation. The feedback controller reduces broadband noise,
while the feedforward controller reduces tonal components (harmonics of the main
and tail rotor). The feedback controller is based on a commercial analog headset.

Tacho

Feedforward
Controller

Tacho

Feedback
Controller

Control Unit

Control Unit

Spectral
Subtraction
Communication
signal

Figure 2: The principle of the hybrid ANC headset based on feedforward and
feedback control combined with spectral subtraction to reduce the noise in the
communication signal
Pure analog feedback technique will not be discussed in the paper, which focuses
on the adaptive algorithm used in the digital feedforward controller, as well as the
combined performance of the hybrid headset.
Even though the hybrid headset eﬃciently reduces the low frequency noise
inside the earcups, high noise levels are still produced in the earcups through the
intercom microphones used for communication. It is thus desirable that the noise in
the speech signal also be reduced. Speech enhancement and speech recognition are
either model-based, where typical solutions include Markov Models, Predictors and
Lattice ﬁlters [4]; or non-parametric, based on a spectral description of speech such
as the Short-Term Spectrum or Cepstral techniques [5]. A suitable method when
using a single microphone is Spectral Subtraction (SS) which is a non-parametric
method based on the additive feature of the noise in the magnitude of the FFT
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Figure 3: A schematic illustration of the interior of the helicopter showing the
position of the recording microphone.

coeﬃcients. SS has been combined with the hybrid headset as depicted in ﬁgure 2.

2

Helicopter Noise

In order to analyze the frequency components of helicopter noise, several noise
measurements were performed during ﬂight. The noise was recorded inside the
helicopter using a microphone situated between the passenger seats, in the vicinity
of the right rear door (see ﬁgure 3). When hovering, this door is open. The Super
Puma helicopter has one main rotor and one tail rotor, as well as several gear boxes.
There are four blades on the main rotor and ﬁve on the tail rotor. Figure 4 shows a
typical noise power spectrum inside the cabin during ﬂight for frequencies from 0 to
200 Hz. According to the frequency analysis, the Blade Passage Frequency (BPF)
should be 17.6 Hz for the main rotor. The BPF of the main rotor induces high
infra-sound levels inside the cabin. These components, though not audible, aﬀect
the human body. There are diﬀerent subjective symptoms of annoyance: headache,
vertigo and nausea [6],[7], and all have a bad inﬂuence on a helicopter pilot, on a
rescue mission. The abbreviations in ﬁgure 4 indicate the components comprising
the harmonics of the main rotor BPF. The tone at 82 Hz is not an exact order of
the main rotor BPF. This is the tail drive shaft fundamental. This component is,
however, related to the BPF, though with a fractional number. Note the 107 Hz
component which is the BPF of the tail rotor. The 6th order of the main rotor
BPF is at almost the same frequency as the 1st order of the tail rotor BPF. The
main components in the 100 Hz range are, however, due to the main rotor as well
as its ﬁrst orders, and the BPF of the tail rotor.
Standardized SPL measurements recorded at normal cruise speed and in two
diﬀerent ventilation situations were made inside the headset, in the pilot’s ear canal
with the aid of a tiny microphone. Figure 5 illustrates the 1/3 octave analysis of this
measurement both during communication and when no communication is taking
place. Figure 5 also presents the total sound pressure levels in dB, dBA and dBC.
The SPL inside the ear canal was approximately 88 dBA when no communication
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Figure 4: Sound pressure level inside the helicopter.

was taking place. However, when communication (internal and external) was taking
place the A-weighted sound pressure level was increased by 5-13 dB, resulting in
93-101 dBA. The exposure permitted (in Sweden) for the actual sound levels when
no communication is taking place is 4 - 5 hours a day, which is more than the
normal exposure time for the helicopter crews. However, the exposure allowed
during communication will be decreased to less than 30 minutes a day.
Internationally, the standardized A-weighting function is used to express the
integrated SPLs in the frequency range of hearing. In a number of states, in the
USA, 85 dBA is an accepted maximum equivalent sound level for 8 hours a day,
5 days a week. To summarize, there is a large increase in dBA levels when the
communication system is activated . This is due to the fact that the speech is
masked by the low frequency sound that consists primarily of tonal components
(harmonics of the main and tail rotor). The BPF of the main rotor, 17.5 Hz, is
below the hearing range and creates infra-sound. Even though this tone is reduced
inside the headset, it will still aﬀect the human body through bone conductivity.
This infra-sound will signiﬁcantly aﬀect speech perception and speech intelligibility
in particular [8]. The performance of the hybrid headset may not, as a result, be
as good as expected. It is important to suppress the second, third and fourth order
of the BPF for the main rotor. The BPF of the tail rotor, 105 Hz, must also be
suppressed, since the passive damping in the helmet is not able to attenuate this
low frequency noise. Increased damping should be achieved with an active system
enabling lower communication levels.
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Figure 5: Sound Pressure Levels inside the earcups, measured with a tiny microphone placed in the ear canal. The right side of the ﬁgure presents the total sound
pressure level: linear, A-weighted and C-weighted.
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The Hybrid Headset

We now present the concept of a hybrid ANC headset that combines both feedforward and feedback ANC techniques [3]. The adaptive feedforward controller is
based on a digital system, while the feedback system is based on an analog system.
The principle of the hybrid headset is depicted in ﬁgure 2. This type of ANC
headset is used in order to improve noise attenuation. The feedback controller reduces broadband noise (boundary layer noise, noise from air conditioning, in other
words noise not related to the rotor or the tail), while the feedforward controller
reduces narrowband noise (harmonics of the main and tail rotor). Noise up to 100
Hz is normally dominated by tonal components while in the range 100-400 Hz the
noise is more broadband.
The feedback controller is based on a commercial analog headset. We focus here
on the adaptive algorithm in the digital feedforward controller, and the performance
of the hybrid headset.
The feedforward controller utilizes a tachometer signal related to the main rotor
to generate reference signals to the controller. Noise components that are correlated
with the reference signals will be suppressed. The reference signals are inputs to
the feedforward controller. The output of the controller is added to the output of
the feedback controller the loudspeaker, generating a secondary sound ﬁeld that is
180◦ out of phase with the primary sound ﬁeld. An error microphone inside the ear
cup which measures the residual noise is used to adjust the adaptive feedforward
controller.
The feedback controller feeds the output signal of the error microphone back
through an analog ampliﬁer with a magnitude and phase response which is designed
to produce an output that results in noise attenuation in the error microphone.
The adaptive algorithm employed in the feedforward controller is based on
the complex ﬁltered–X Least–Mean–Square (LMS) algorithm, [9], [10]. The proposed complex algorithm is advantageous in narrowband applications due to its
good convergence rate and low numerical complexity. Which are the results of
the orthogonality of the quadrature components (or Hilbert pairs) constituting the
complex reference signals, and the simplicity of complex representation. In fact,
the complex algorithm requires a minimum of adaptive and acoustic path parameters as compared with a straightforward time domain approach using ordinary FIR
ﬁlters.

3.1

The Feedforward Controller

Noise up to 100 Hz inside the helicopter consists essentially of narrowband harmonic
components related to the rotation frequencies of the main and tail rotors. It is
assumed that there is a periodic tachometer signal available which is correlated to
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noise control.

the noise harmonics. For this reason, pure sinusoidal reference signals and complex
notation will be used in the following description.
The adaptive feedforward controller [11] is based on the complex LMS–algorithm
[12],[13]. Consider the Single Input Single Output (SISO) ANC system conﬁguration [11] depicted in ﬁgure 6.
The controller is described for a general situation with H harmonics. Each
harmonic is individually controlled. Let t(n), xh (n), wh (n) and Fh denote the
tachometer signal, the complex scalar reference signal, the complex scalar ﬁlter
weight and the complex acoustic path from the loudspeaker to the error microphone
respectively for the hth harmonic. The set of complex reference signals xh (n) is
generated from the tachometer signal t(n) by using, for example, an FFT–ﬁlter
bank,[14], or the lookup table technique,[3].
The real error microphone signal e(n) is given by
e(n) = d(n) +

H


 {Fh xh (n)wh (n)}

(1)

h=1

where d(n) is a real signal representing the primary sound ﬁeld at the error micro-
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phone (at the discrete time index n). Here  {·} denotes the real part operation.
The objective function to be minimized is given by
J(n) = e∗ (n)e(n)

(2)

where (·)∗ denotes complex conjugate. The derivative of J(n) = e∗ (n)e(n) with
respect to wh (n) is given by
∂J(n)
= x∗h (n)Fh∗ e(n).
∂wh∗ (n)

(3)

The complex gradient in (3) is used to deﬁne the updating scheme of the adaptive algorithm, given by
wh (n + 1) = wh (n) − 2µh x∗h (n)Fh∗ e(n).

(4)

The convergence factor µh is given by
µh =

µ0
ρh |Fh |2

(5)

where µ0 is a positive normalized convergence factor and ρh = E {|xh (n)|2 } (the
power of the signal xh ). The power of the reference signal xh is estimated by using
an exponential moving window technique as follows
ρ̂h (n) = (1 − β)ρ̂h (n − 1) + β|xh (n)|2

(6)

where β is a weighting factor.
In a practical application, the acoustic path Fh is unknown and must be estimated. fh should thus be exchanged for the corresponding estimate F̂h in (3),(4)
and (5).

3.2

Evaluation

The evaluation has been made on data recorded in an AS332 ”Super Puma” MKII
helicopter during ﬂight. The two engines in the helicopter always run with the
same rpm. The sound ﬁeld is thus relatively stationary. The noise inside the cabin
contains strong tonal components originating from the main and tail rotors. In
order to achieve an eﬃcient noise reduction inside the ear cups it is necessary to
reduce the BPFs and their related harmonics. The feedforward controller presented
in this paper was set up to cancel the BPF to 5×BPF for the main rotor, and the
BPF for the tail rotor respectively.
Figure 7 shows the performance of the feedforward controller only. These results for the feedforward controller are based on computer simulations within the
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environment of the Matlab software package; while the passive attenuation and
the attenuation in the analog ANR system are derived from real experiments. The
frequency range is 0 to 200 Hz. The following attenuation of the dominating tones
was obtained:

Frequency Component Frequency Attenuation [dB]
BPF, Main rotor
17.7
23
2xBPF, Main rotor
35.3
22
3xBPF, Main rotor
53.0
22
4xBPF, Main rotor
70.7
17
5xBPF, Main rotor
88.3
8
BPF, Tail rotor
106.7
15

The BPF for the main rotor is 17.7 Hz and is outside the audible frequency
range. The attenuation of the tones is satisfactory though the audible result is
limited when the total sound pressure level is measured in dBA only. Note also
that the 6xBPF for the main rotor coincides with the BPF for the tail rotor. This
facilitates the generation of the reference signals.
Figure 8 illustrates the attenuation in the passive earcups only. The attenuation
is relatively poor due to the fact that the earcups are restricted in size in order to
ﬁt into the helmet.
Figure 9 shows the performance of the feedback controller combined with the
passive damping of the ear cups. The analog system is a commercial headset ﬁtted
into a headset from Hellberg Safety AB and has closed ear cups. The analog system
only aﬀects the spectrum up to approximately 400 Hz. The frequency range 0-400
Hz only is presented. The controller achieves a broadband noise attenuation of
approximately 20 dB in the given frequency range. Note that the tonal components
are still present. Since both passive damping material in the ear cups and the analog
feedback controller aﬀect broadband noise reduction, it is useful to investigate
the broadband reduction when the analog controller is switched on and oﬀ. The
diﬀerence between passive damping contra passive damping together with analog
control is depicted in ﬁgure 9 and 8. When the analog controller is on, a more
eﬃcient broadband reduction is achieved. The feedforward controller does not
aﬀect the broadband attenuation of the noise. This controller reduces the tonal
components only.
Finally, the result of the hybrid headset is shown in ﬁgure 10. A combination of
feedforward and feedback control results in signiﬁcant damping of both the tonal
components and broadband noise.
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Figure 7: Attenuation for the digital feedforward controller.
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Figure 8: Sound pressure level of the primary sound ﬁeld outside the earcups.
Reduced sound pressure level inside the earcups when only passive damping is
applied.
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Figure 9: Sound pressure level of the primary sound ﬁeld outside the earcups.
Reduced sound pressure level inside the earcups after the analog feedback controller
has been switched on.
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Figure 10: Sound pressure level of the primary sound ﬁeld out side the earcups.
Reduced soundpressure level inside the earcups after the hybrid headset has been
switched on.
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Spectral Subtraction

When ﬂying the helicopter the pilots use the intercom system almost continuously.
During communication the microphone signal from one pilot is fed directly into the
other pilot’s headset. The microphone signal contains considerable helicopter noise
and this noise is again injected in the hybrid headset. An important task is thus
to enable a noise reduction in the intercom system by supplying a better signalto-noise ratio in the microphone signals. The headset is normally equipped with
a unidirectional, close-talk microphone, which signiﬁcantly reduces low frequency
noise but oﬀers little or no noise reduction above 800 Hz To clean the noisy speech
signal a single microphone nonlinear method, denoted ”spectral subtraction” is
proposed.
This method enhances speech by estimating a noise bias in the magnitude in
the frequency domain and subtracting it. The speech is assumed to be random corrupted with uncorrelated random noise. The noise estimation must be performed
during ”talker inactive” (silent) time frames. The magnitude of the estimated
noise power spectrum is then subtracted from the Fourier transform magnitude
and inversely transformed back into time frames when the talker is active.
Spectral subtraction is based on the following assumptions: the background
noise is acoustically added to the speech; the background noise environment remains stationary locally to the extent that its expected spectral magnitude value
immediately prior to speech activity equals its expected value during speech activity. If the environment changes to a new stationary state, there must be suﬃcient
time (400 ms) to estimate a new background noise spectra. The algorithm requires
a speech detector to signal to the program when the updating of the noise bias can
be continued.
Let s(n), v(n) and x(n) be stochastic short-time stationary processes representing speech, noise and noisy speech, respectively. From
x(n) = s(n) + v(n)

(7)

and the assumption that s(n) and v(n) are uncorrelated processes it follows that
Rx (f ) = Rs (f ) + Rv (f )

(8)

where R denotes the power spectral density of a random process. The power
spectral density magnitude for w(n) is estimated and subtracted according to
R̂s (f ) = Rx (f ) − R̂v (f )

(9)

To estimate the power spectrum density we start with the simple periodogram
which is evaluated using
2
1 

(10)
R̂x (f ) = Px,N (f ) =
X̂(f )
N
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where X̂(f ) is the short time Fourier transform of x(n), and N denotes the block
length. If we combine (9) and (10) we obtain

2

2




2
(11)
Ŝ(f ) = |X(f )| − V̂ (f )
This is the conventional squared (power) form. Alternatively, the straight-forward
amplitude spectrum is often used as follows.








(12)
Ŝ(f ) = |X(f )| − V̂ (f )
The phase must also be estimated, however. Speech is rather insensitive to
phase distortion, thereby giving rice to certain simpliﬁcations [5]. There is no
straightforward way to compute the clean speech phase spectrum φS . It is often
suﬃcient, however, to use the noisy speech phase spectrum φX as an estimate,
which yields
φŜ  φX

(13)

Finally, the estimate of the frame of speech resulting from the spectral subtraction is recovered from the FFT estimate


2  12





 iφŜ
2
· eiφX
Y (f ) = Ŝ(f ) e = |X (f )| − k · V̂ (f )

(14)

A more general expression is

a  1


 a iφX
·e
Ŝ(f ) = |X (f )|a − k · V̂ (f )

(15)

This is the common general form of spectral subtraction with extra parameters
added to make the subtractor more versatile. The power exponent a is normally
chosen to be one or two, and the degree of subtraction can be further varied by
the parameter k. Some form of rectiﬁcation is also common, implying that when
the frequency bins in Ŝ(f ) are negative they are either set at zero, or their sign is
switched positive. The expression is rewritten as follows

a  1

a
 |X (f )|a − k · V̂ (f ) 
· |X (f )| eiφX
(16)
Ŝ(f ) =


|X (f )|a
The curly brackets term is merely interpreted as a multiplicative weighting factor
for each frequency on the incoming spectrum X(f ) = |X (f )| eiφx , thereby resembling conventional Wiener ﬁltering.
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Figure 11: Diagram showing how spectral subtraction works block by block.

Observe that the separation into phase and amplitude information can be
avoided when writing spectral subtraction as a multiplicative term on the incoming
spectrum. This saves calculation time and makes the algorithm faster. However,
care must be taken to avoid problems when the denominator is close to zero.
When implementing, the original sequence x(n) is divided into blocks of N
length. Putting the block length as an index in equation, 16 we obtain
YN = ŜN =

|X|aN − k · |V |aN
|X|aN

 a1

· XN

Equation 17 has been rewritten giving a simple algorithm
1

k · |V |aA,N a
YN = GN · XN
where GA,N = 1 −
|X|aN

(17)

(18)

The block diagram in ﬁgure 11 depicts the algorithm. The variance of the estimates
limits the performance and thereby limits the SNR improvement on the output
signal. The variance in the noise estimate can be reduced by averaging over several
blocks, usually with an exponential block number decay
VL (f ) = α · V(L−1) (f ) − (1 − α) · Xnew (f )
By choosing α closer to 1, a more robust noise estimate is obtained.

(19)
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Figure 12: The noisy speech signal before and after the spectral subtraction algorithm.

4.1

Evaluation

The following evaluation has been performed on data recorded in an AS332 ”Super Puma MKII helicopter during ﬂight using a ordinary unidirectional, close-talk
microphone. In order to evaluate the performance of the algorithm, subjective evaluations are most valuable, but there raise problems when repeated, since repetivity
is not guaranteed. An objective measure is

y(n)2
(20)
Noise Suppression = 
x(n)2
over a noise-only interval. The degree of speech distortion is left for subjective
evaluations, since no good objective measure is obvious here. Figure12 depicts ﬁrst
the original sequence of noise and speech and then the same sequence after the
spectral subtraction algorithm. The sampling frequency was 8 kHz for the original
sequence, which was also ﬁltered to telephone bandwidth (300-3300 Hz) before
entering the spectral subtraction. During this evaluation the following values of
the parameters were chosen::
• Subtraction parameter, k=0.95
• Power factor, a=0.5
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• Block length, N=256
The noise reduction using equation 20 was as high as 21dB, and the speech
distortion was moderate. Since the algorithm works with blocks, a slight delay
from input to the output signal is introduced. The time delay is 2 ∗ 256/8000 =
8/125 = 0.0 64 seconds if N = 256.

5

Summary and Conclusions

There are substantial noise levels in helicopters, especially at low frequency. These
levels are not normally harmful to the ear. However, the low frequency content
masks speech. For this reason, pilots tend to turn the intercom system to maximum sound level, producing sound levels which are potentially damaging to the
human ear. The sound levels inside the ear canal have been measured to almost
100dB(A) when the intercom system is in use. Such high sound levels expose the
ear to fatigue and loss of hearing. It is thus important to reduce background noise,
and also to improve the SNR in the speech signal in the intercom system. A hybrid
headset combined with spectral subtraction is proposed as a good solution to the
problem. The headset consists of a digital feedforward controller based on a complex LMS-algorithm and an analog feedback controller. This combination results
in an eﬃcient noise reduction of approximately 20 dB broadband in the frequency
range 50-400 Hz, and a further 20 dB on several tonal components in the frequency
range 17-107 Hz. At the same time, spectral subtraction improves the SNR in the
speech signal by about 20 dB. These two techniques allow a sound level of no more
than 80 dBA inside the ear cups even when the intercom system is in use.

6

Acknowledgments

The authors wish to express their gratitude to Captain Arne Sjölund and his crew
at the F17 air force base in Kallinge, Sweden, for all their support during the taking
of measurements.

References
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Reference Active Noise Control Algorithms on Dornier 328 Aircraft Data”,
Submitted to IEEE Trans. on Speech and Audio Processing, June 1997
[10] S. S Narayan, A. M. Peterson, “Frequency Domain Least-Mean-Square Algorithm”, Proceeding of The IEEE, Vol. 69, no 1, pp. 124-126, January 1981.
[11] P. A. Nelson, S. J. Elliot, Active Control of Sound, Academic Press, Inc., 1992.
[12] S. Haykin, Adaptive Filter Theory, Prentice–Hall, Inc., 1991.
[13] B. Widrow, J. McCool, M.Ball, “The Complex LMS Algorithm”, Proceedings
of the IEEE, pp. 719-720, April 1975.
[14] T.Springer, Sliding FFT Computes Frequency Spectra in Real Time, EDN, pp.
161-170, September 1988
[15] S. J. Elliot, I. M. Stothers, P. A. Nelson, “A Multiple Error LMS Algorithm
and Its Application to the Active Control of Sound and Vibration”, IEEE
Transactions on Acoustics, Speech, and Signal Processing, vol. ASSP–35, no.
10, October 1987.
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Abstract
Engine-induced sound and vibration levels in boats for professional and
leisure use are in many cases unacceptably high in terms of comfort and environmental disturbance. Classical methods for passive treatment are normally
less eﬃcient due to the low frequency content and often lead to a substantial
increase in weight. The requirements for lower weight which would increase
the maximum speed of the boat as well as improve fuel economy have to
be considered. More eﬃcient vibration damping methods must therefore be
found. With, for example, active engine mounts, it is possible to achieve a
decrease in the vibrations even for cases when the hull is not very stiﬀ. This
is especially important in marine applications, since the engines are usually
mounted on ﬂexible and light structures. The project Active Vibration Isolation In Ships (AVIIS) aims at investigating the eﬀects of using a type of
Active Noise and Vibration Control system (ANVC) in this type of marine
application.
This article presents the analysis of the sound and vibration problems in
one particular leisure boat from an ANVC point of view. A very thorough
investigation is carried out, the main noise and vibration sources are established as well as the transmission paths of the noise into the boat. Answers
are found from this investigation as to where the actuators should be positioned, which kind of ANVC approach that would be preferable to use and
the expected interior noise reduction. This is the kind of pre-analysis that
is needed for a complex structure such as found in a marine vessel for the
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successful implementation of ANVC. An optimized engine mount was also
designed and evaluated resulting in a 10 dBA saloon sound level reduction
compared to the standard engine mounts. Additionally, with the optimized
engine mounts, the vibration levels at the hull were also reduced by up to 15
dB at the main harmonic components.
This paper also presents a feasible way to estimate the performance of a
potential active control system based on feedforward narrowband control of
engine and propeller harmonics. Secondary sources inertial mass actuators
are proposed and for error sensors, accelerometers or microphones or a combination of the two are used. In the low frequency range, below 300 Hz, a
further reduction of engine orders and propeller BPFs in the order of 5 − 10
dB are predicted.

1

Introduction

The engine-induced sound and vibration levels in boats for professional and leisure
use are in many cases unacceptably high in terms of comfort and environmental
disturbance. In, for instance, the midsize luxury cruiser, Storebro 36 Royal Cruiser,
low frequency noise in the saloon (cabin) is considered to degrade the acoustic
comfort. In Fig.1 a schematic view of the Storebro 36 Royal Cruiser is shown.
Research carried out at Volvo Penta AB indicates that the acoustic noise in the
saloon of the Storebro 36 Royal Cruiser is dominated by sound originating from
structure-borne noise and the inﬂuence of the directly radiated sound from the
engines is insigniﬁcant. The dominating sources for mechanical hull excitation and
the structure-borne noise are the engines and propellers. Primarily, the engine
vibrations propagate via the engine mounts and into the hull. For the propellers,
however, there are two alternative transmission paths; either through the water
into the hull or through the propeller shaft into the engine and through the engine
mounts to the hull. Below 400 Hz, the hull excitation sources, the two straight
six cylinder turbo charged diesel engines powering the boat and the two propellers,
introduce a large number of dominating harmonics in the sound ﬁeld in the Storebro
36 Royal Cruiser saloon [1]. These periodic noise components are related to engine
orders and the propeller BPF (Blade Passage Frequency) [1].
The acoustic noise in the boat saloon induced by the structure-borne noise may
be attenuated, e.g. by reducing the engine and propeller related excitation of the
hull. If the hull excitation is dominated by the forces applied by the engine mounts,
one way to reduce the noise in the boat saloon would be to reduce the transmissibility of the engine mounts, i.e. to reduce the damping and elastic stiﬀness of the
engine mounts [2]. If the elastic stiﬀness of an engine mount is too low, however,
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Figure 1: A schematic view of the boat used in the project.
the transient response of the engine mount system can be a problem concerning
shock excitation. Shock excitation can be caused by sudden acceleration and deceleration, rough sea and running aground. The engine resonance mode in the
low frequency range can be excited by such types of excitation [3]. Furthermore,
stiﬀness values that are too low will lead to large static and quasi-static engine
displacement that may cause damage to e.g. engine components [3]. Generally,
the constraint concerning the engine motion requires a stiﬀ, highly damped mount,
whereas isolation requires a ﬂexible mount with low damping [3]. Hence, a conventional passive solution (a tuned mass/spring/damper system) will always be a
compromise.
In comparison with e.g. cars manufacturers, shipyards producing leisure boats
are in general smaller companies. This, of course, reﬂects on the design recourses,
concerning sound and vibration properties of the boats. For instance, shipyards
generally follow the recommendations from the engine suppliers on what kind of
engine mount to use in combination with a certain engine. The standard elastometric engine mounts used in the Storebro 36 Royal Cruiser are designed for ideal
conditions and are not optimized for the actual conditions in the boat. Furthermore, thrust bearings are not used in the standard propulsion system conﬁguration
to unload the engines from the propeller propulsion forces.
Consequently, an investigation concerning the possibility to reduce the saloon
sound level by means of improved passive isolation of the propulsion system by
introducing thrust bearings and optimized elastomeric engine mounts is of importance. This, in turn, obviously requires a documentation and evaluation of how the
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diﬀerent propulsion system mountings inﬂuence on the sound ﬁeld in the Storebro
36 Royal Cruiser saloon. Furthermore, at low frequencies the acoustic ﬁeld in the
boat saloon is dominated by a large number of harmonics excited by the diesel
engines and propellers. This implicates the importance of investigating the possibilities to improve the isolation of the propulsion system at frequencies below
approximately 400 Hz.
Passive hydraulic mounts may be considered as an alternative to traditional
elastomeric engine mounts in order to obtain improved low-frequency performance.
However, the improvement in performance is generally obtained below 20 Hz,
where a passive hydraulic mount, for large amplitude inputs, serves as a tuned
damper [3, 4, 5]. Also, passive hydraulic mounts are known to exhibit a few performance problems at higher frequencies, beyond approximately 150 Hz, which may
deteriorate vibration isolation properties [4]. Thus, to improve the isolation of the
boat propulsion system at frequencies below approximately 400 Hz, other passive
solutions such as tuned passive vibration absorbers may be considered.
Tuned passive vibration absorbers are considered as a complement to the traditional passive engine mounts in this application. The vibration attenuation introduced by a tuned vibration absorber is, therefor, most eﬀective in the frequency
range close to its own resonance frequency [2]. In the boat application, however,
the vibration sources, the diesel engines and propellers, will not operate at a ﬁxed
number of revolutions. For instance, a variation in the number of revolutions with
400 − 500 r.p.m. will result in a frequency deviation of 20 − 25 Hz for the third
harmonic of a six cylinder four-stroke engine. Further, the sound ﬁeld in the Storebro 36 Royal Cruiser saloon, below approximately 400 Hz, is dominated by a large
number of harmonics related to engine orders and the propeller BPF [1]. For these
reasons, a combination of an improved passive elastomeric isolation and an active
isolation seems to be a more appropriate approach for the application.
To obtain a signiﬁcant global noise reduction in a large cavity such as in a leisure
boat saloon, a large number of control sources and error sensors are generally needed
[6]. For a twin-engined boat, the control system and the algorithm must also be
able to handle two synchronization signals, one from each engine, to individually
control the noise from the two sources [6, 7]. This implies that the boat application
requires a complex and costly active control system. It is, thus, adequate to carry
out a prediction of the potential performance of an active control system prior to
an eventual implementation of the control system. In this way it is possible to
compare cost versus performace in an early design phase without implementing
the actual control system.
The present paper investigates the eﬀect of four diﬀerent passive engine mount
conﬁgurations -including an optimized passive elastomeric engine mount- on the
sound ﬁeld in the saloon and the hull vibration level. It also investigates the
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potential performance of an active-passive engine mount conﬁguration with regards
to the saloon acoustic noise level and the hull vibration level. In the active-passive
engine mount conﬁguration each engine mount consists of a combination of an
inertial mass actuator and an optimized passive elastomeric engine mount.
For each passive engine mount conﬁguration and for three diﬀerent engine
r.p.m., sound maps in the saloon were produced based on power spectrum and
power spectral densities. The performance was evaluated in the attenuation of
each dominant tonal component as well as the broadband attenuation, measured
in dB and dB(A).
In order to investigate the potential performance of an active-passive engine
mount conﬁguration, a large number of microphone/accelerometer positions were
chosen. The primary sound and vibration signals were recorded in all positions as
well as the transfer functions from each of the actuators to all of the error sensors.
A least squares approach was used to evaluate a potential completion with active
isolation. The prediction is carried out at the important engine orders and propeller
BPFs.

2

The Experimental Set-up

In the experiments three diﬀerent engine mounts, two with passive damping and one
in solid steel, were used. Also, engine mount conﬁgurations with and without thrust
bearings on the propeller shafts were examined. The diﬀerent propulsion system
mount conﬁgurations were investigated from a sound and vibration perspective.
Further, the experiments and measurements enable the prediction of the potential
performance of active/passive engine mounts regarding the saloon acoustic noise
level and the hull vibration level.

2.1

The Boat

The boat used in the experiments was a 1989 Storebro 36 Royal Cruiser, a midrange
luxury cruiser with a length of 36 foots, shown in ﬁgure 2. The two original engines were replaced with new, more powerful Volvo Penta engines just before the
start of this project, in order to have the engines running as smooth as possible.
The new engines were of type VP TAMD 63P equipped with RADICE S8 propellers, and each engine was attached to the hull via four engine mounts at four
separate mounting points, see Figs. 3a) and 5. The engines were straight sixcylinder turbo-charged diesel engines, each producing 265 KW at 2800 r.p.m. (the
maximum r.p.m.). No modiﬁcations were imposed to the original hull structure.
The top speed of the boat is 23 knots and the displacement is approximately 11.5
tons. During the measurements, the boat was stationed at Volvo Penta’s marine
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Figure 2: The leisure boat, a Storebro 36 Royal Cruiser, used in the sound and
vibration pre-analysis.

test facilities in Gothenburg. This is also where the diﬀerent engine mounts were
installed.

2.2

Measurement Equipment and Setup

The measurements can principally be divided into two diﬀerent categories: 1; A
pre-analysis concerning passive isolation of engine and propeller vibrations with
respect to the saloon acoustic noise level and hull vibration level. This was carried
out using diﬀerent passive engine mount conﬁgurations with and without thrust
bearings on the propeller shafts. 2; An investigation concerning the potential
performance of active/passive engine mounts regarding the saloon acoustic noise
level and the hull vibration level.
In both the measurements concerning passive isolation of engine and propeller
vibrations and the measurements for the prediction of potential performance of an
active/passive engine mounts, the vibration and sound measurements were carried
out at three diﬀerent engine r.p.m.: 2200, 2500 and 2800, monitored with two
digital r.p.m. meters, during the recording of the measurement data. At the
recommended cruise speed, the engine rotational speed was 2500 r.p.m. and the
maximum r.p.m. for the engines was 2800. The 2200 r.p.m. was chosen as a
complement to investigate if the sound and vibration problems would decrease
with a decreasing r.p.m.
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Figure 3: a) Boat side-view with a cut-away engine room and saloon. b) a cross
section of the boat at living quarter level with the saloon where the acoustic level
should be reduced marked with yellow.
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Measurement Equipment and Setup: Passive Isolation of Engine
and Propeller Vibrations

In the pre-analysis concerning the passive isolation of engine and propeller vibrations with respect to the saloon acoustic noise level and the hull vibration level,
the following equipment has been used:
• 12 PCB microphones of model TMS130A10 with pre-ampliﬁer TMS130P10
• 8 PCB general purpose accelerometers of model 353B68
• 4 PCB tri-axial accelerometers of model 356A08
• HP VXI system with two E1432 front-end data acquisition units
• PC with IDEAS Master Series version 6
• 230V power supply generator
• HP35670A 4-channel Dynamic Signal Analyzer
The sound ﬁeld in the boat saloon was spatially sampled in 216 positions, split
between three horizontal levels of 72 measurement points; at ear level (standing), at
medium level and at ear level (sitting). The sound measurements were performed
using a rectangular array of 3 × 4 microphones, and to sample the spatial saloon
sound pressure this array was moved to six diﬀerent positions for each horizontal
level. Fig. 4 shows the microphone array in one of the six positions in sitting
ear level. Furthermore, two separate microphones were used as reference sensors.
These microphones were ﬁxed at a location 200 mm in front of the windscreen. One
of the reference microphones can be observed in Fig. 4. One of the reference sensors
provided the sound pressure in the vicinity of the driver’s head at port side and the
other provided the sound pressure on the opposite side , i.e. the starboard side.
The reference microphone signals provided information to monitor the stationarity
of the acoustic saloon noise during cruise and phase reference to the spatial saloon
sound measurements.
The engine vibrations were measured at the eight engine mounts numbered
1 − 8, according to Fig. 5, and two positions close to the engine shafts position 9
and 10. The vibrations were measured on both the engine and hull side at each
engine mount. The engine side was denoted A and the hull side B. The positions
9 and 10 correspond to the accelerometers mounted on the blocking mass of the
thrust bearing, see Fig. 10. During the measurement with the engines, rigidly
mounted triaxial accelerometers were used at positions 1, 2, 4 and 8 to enable
vibration analysis in three directions. The measurement directions are deﬁned as
follows (see Fig. 3): z is deﬁned as the vertical direction (up and down), x is
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Reference
microphone

Figure 4: The microphone array at sitting ear level at one of the six horizontal
positions. Also, one of the reference microphones can be seen above the windscreen.

the lateral direction (side to side motion or from port to starboard). Finally, y is
deﬁned as the axial direction (back to forward or, in naval terms, from stern to
bow). The synchronization signal from each engine was measured with inductive
sensors placed at the cogwheel to the fuel pump at the front of the engine. This
cogwheel was chosen since it has a reasonable number of cogs passing the inductive
sensor per crank shaft revolution, to be more speciﬁc 32 cogs.
2.2.2

Measurement Equipment and Setup: Prediction of Performance
of Active/Passive Engine Mounts

For the investigation concerning the potential performance of active/passive engine
mounts regarding the saloon acoustic noise level and the hull vibration level, the
measurements were carried out using the following measurement equipment:
• 12 PCB microphones of model TMS130A10 with pre-ampliﬁer TMS130P10
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Figure 5: A cross section of the boat at engine level. The positions and numbering
of the accelerometers at the engine mounts and thrust bearings.

• 8 PCB general purpose accelerometers of model 353B68
• 8 inertial mass actuators manufactured by Metravib
• PC with IDEAS Master Series version 6
• HP VXI system with two E1432 front-end data acquisition units
• 230V power supply generator
• HP35670A 4-channel Dynamic Signal Analyzer
The placement of the error sensors and the control (or secondary) sources is of
utmost importance for the performance of an active control system [8]. Therefore,
a large number of microphone/accelerometer positions were chosen tentatively. In
the measurements concerning the potential performance of active/passive engine
mounts, 8 accelerometers mounted on the hull to sense the vibrations in the vertical
direction at the eight engine mounts, numbered 1 − 8 in Fig. 5, were used. In order
to measure the sound ﬁeld in the saloon of the boat, 12 microphones were mounted
close to the ceiling. The microphone arrangement is shown in Fig. 6. Primary
sound and vibration signals were recorded at diﬀerent engine r.p.m.:s in the selected
microphone and accelerometer error sensor positions. The measurements of the
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Figure 6: The error microphone arrangement in the boat saloon.
primary sound and vibration were also carried out for engine run-ups and rundowns. In the run-ups, the r.p.m. of the engines were slowly increased from idling
to the maximum r.p.m. and in the run-downs the r.p.m. of the engines were slowly
decreased from maximum r.p.m. to idling. The purpose of these measurements was
to enable the evaluation of tracking and of convergence properties of a potential
active control system.
A number of 8 inertial mass actuators were used as control or secondary sources.
At the center of each engine mount, an inertial mass actuator was mounted to excite
the hull in the vertical direction(-direction), see Fig. 11. Measurements with respect
to forward path or control path estimates were made. The sound and vibration
responses, at the error sensors, exited by the actuator were simultaneously recorded
with the actuator excitation signal. During these measurements the engines were
not running.

2.3

The Passive Engine Mounts and the Trust Bearings

The investigation concerning passive isolation of engine and propeller vibrations
with respect to the saloon acoustic noise level and the hull vibration level comprised
three diﬀerent engine mounts, two elastomeric for passive isolation -the standard
Metalastic 65 Sh engine mount and the Novibra RA800em engine mount- and one
in solid steel. Also, engine mount conﬁgurations with and without thrust bearings
on the propeller shafts were examined.
The steel engine mounts were basically distance blocks of solid steel, which
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Figure 7: The rigid steel engine mounts, in position.

provide a rigidly mounted engine to the hull, see Fig. 7.
The purpose of using the rigidly mounted engines is to obtain the hull vibration level as well as the sound level inside the saloon with negligible engine mount
vibration isolation. In other words, this engine mount conﬁguration will provide a
hull vibration level and a saloon sound level unaﬀected by propulsion system isolation. Thus, this conﬁguration may be considered as a reference setup, ”a worst
case”. By relating the hull vibration level and the saloon sound level for this reference setup with the hull vibration level and the saloon sound level obtained by an
engine mount conﬁguration providing vibration isolation, the absolute attenuation
introduced by this engine mount conﬁguration may be estimated.
The standard elastomeric engine mounts, the Metalastic 65 Sh engine mounts,
are recommended by the engine manufacturer and are used in the standard engine
installation. Figure 8 shows an installation using the Metalastic 65 Sh engine
mount. The metal box below the engine mount is a spacer used to make room
for an actuator in a potential active system, thus the metal box is not present in
standard installations. The Metalastic 65 Sh engine mount is designed to support
the vertical engine mass and torque loads(z-direction, see Fig. 3) as well as the
axial propeller shaft thrust load(y-direction, see Fig. 3) applied by the propeller
force. This type of engine mounts supports both the propeller thrust load and
the engine mass, and has a non-symmetric compliance in x- and y-directions with
greatest stiﬀness in the axial propeller trust direction (y-direction).
The Novibra RA800em elastomeric passive engine mount with a rubber hardness of 55 Sh was selected as optimized passive engine mounts. They were designed
for the optimal rubber hardness of the passive dampers for this boat/engine combination based on mobility estimates of the hull at the eight engine mount positions,
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Figure 8: The Metalastick 65 Sh Engine mount, in position.

the mean vibration level at the hull side of the engine mounts for some diﬀerent
r.p.m. and the engine weight. The design of the optimal passive engine mount
were carried out by Trelleborg Industries AB, one of the industrial partners in the
project. The Novibra RA800em engine mount has a symmetric compliance in the
x- and y-directions (engine mass load direction and propeller trust load direction,
see Fig. 3) and is used in combination with thrust bearing. The engine mount
installed in the boat is shown in Fig. 9. The metal box below the engine mount is
a spacer used to make room for an actuator in a potential active system.
A thrust bearing may be used to unload the engine from the propeller propulsion
force. Principally, the propeller shaft is placed on a bearing, supporting axial load,
attached to a supporting structure, a mounting block, connected to the boat hull.
Fig. 10 shows a photo of the mounting block with a thrust bearing from Aqua
Drive mounted on the boat hull.
Observe that the introduction of thrust bearings was not a reversible modiﬁcation since this installation requires that each propeller shaft is divided into two
parts and subsequently reassembled with the thrust bearing.

2.4

The Actuators

An inertial mass actuator (electro dynamic) was selected as actuator for the active
engine vibration isolation. The advantage of using an inertial mass actuator is
that such actuators only need to be attached to the structure in a single position.
In this application, the shaker was positioned right under each engine mount in a
metal cylinder as depicted in ﬁgure 11. There are three main reasons for placing
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Figure 9: The Novibra RA800em, 55 Sh engine mount, in position.

Accelerometer

Figure 10: The trust bearing, installed in the boat. On the big mounting block an
accelerometer is placed measuring the vibrations in the axial direction.
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Figure 11: The inertial mass shaker, placed inside the steel cylinder. The passiv
damper would come on the top of this active insert.

the actuator in the metal cylinder; the ﬁrst was that the cylinder would carry up all
the static load of the engine, the second reason was the the secondary force could
be applied in the center of each engine mount in the vertical (z-direction, see Fig.
3) direction and the third reason is that the cylinder protects the actuator from
physical damage. The actuator was attached to a rigid bottom steel plate, mounted
on the hull, with the ﬁrst bending mode well above the operating frequency range
of the actuator. The actuators design was based on mobility estimates of the hull
at the eight engine mount positions and the vibration velocity at the hull side of
the engine mounts induced by engine excitation [9]. The selected actuator was
manufactured by Metravib in France and the actuator speciﬁcation states that the
actuators produce a force of 80 N rms in the frequency range 80 − 300 Hz. The size
of the actuators was a diameter of 100 mm and a height of 120 mm. The delivered
actuators also had a force decay of 6 dB per octave over 300 Hz. The actuator
consists of a ﬁxed core to which a cylindrical electrical coil is attached. The core
is surrounded by a cylindrical mass in the form of a tube, to which permanent
magnets on the inside are attached. The movable mass is supported by ﬂexible
mounts, one on each side. The magnets are made of ferrite which is a standard
magnetic material. Rare earth metal could also be used as magnetic material.
Such materials exhibit a much higher magnetic-ﬂux density, which would make the
actuator potent of delivering an even higher force. The disadvantage with the use
of rare earth metals, however, is that the price is 3-4 times as high as compared to
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rpm
2800
2500
2200
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0.5
23.3
20.8
18.3

1
46.7
41.6
26.7

1.5
70.0
62.5
55.0

2
93.3
83.3
73.3

2.5
116.7
104.2
91.6

Engine Order
3
3.5
4
140.0 163.3 186.7
125.0 145.8 166.6
110.0 128.3 146.7

4.5
210.0
187.6
165.0

5
233.3
208.3
183.3

5.5
256.7
229.2
201.7

6
280.0
250.0
220.0

Table 1: The engine orders and corresponding frequencies (Hz) for 2200, 2500 and
2800 r.p.m. The frequencies marked in bold are usually the most dominating engine
orders for a six-cylinder four-stroke engine.
rpm
2800
2500
2200

BPF Order
1
2
3
124.4 248.9 373.3
111.1 222.2 333.3
97.8 195.6 293.3

Table 2: The BPF orders and corresponding frequencies in Hz for 2200, 2500 and
2800 r.p.m.
ferrite.

2.5

The Noise and Vibration Sources

The hull excitation sources, the two straight six-cylinder turbo-charged diesel engines powering the boat, and the two propellers introduce a large number of harmonics, below approximately 400 Hz, in the sound ﬁeld in the saloon. These periodic noise components are related to engine orders and the propeller BPF (Blade
Passage Frequency) [1]. The engine orders, harmonics, are given by fn = vn/60,
where v is the rotational speed of the engine in revolutions per minute, r.p.m., and
n is the engine order n = 0.5, 1, 1.5, 2, 2.5, ... etc. The frequencies of importance
are presented in table 1.
The propellers have 4 blades and are mounted to the crank shaft via a gear box
with the ratio 1.5 : 1. The BPF is given by BPF= 4v/(60 · 1.5) where v is the
rotational speed of the engine in r.p.m. The BPF and two harmonics are presented
in table 2.

2.6

Spectrum Estimation

When estimating spectral properties of a signal it is important to select an appropriate scaling of the spectrum estimator [10, 11]. The spectrum estimates may be
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scaled for either tonal components of a signal -power spectrum (PS) estimates- or
the random part of a signal -power spectral density (PSD) estimates [10].
By using the Welch spectrum estimator [12], the power spectrum or power spectral
density estimates Pxx (f ) for the sound pressure x(t) may be produced, i.e. the
distribution of the total power of the sound pressure -the sound level- in terms of
positive frequencies is produced [11]. The parameters used in the power spectrum
estimation are given in Tables 3 and 4. For the power spectral density estimation
the used parameters are presented in Table 5 .
Parameter
Value
Total record length, T
68.3 s
Data segment length, N
2048
Number of periodograms, L 200
Digital window w(τ )
Flattop P401
Overlapping
0%
Sampling rate, Fs
6000 Hz
Table 3: Power spectrum estimation parameters.
Parameter
Value
Total record length, T
120.9 s
Data segment length, N
2048
Number of periodograms, L 60
Digital window w(τ )
Flattop P401
Overlapping
0%
Sampling rate, Fs
1000 Hz
Table 4: Power spectrum estimation parameters for the spectra with increased
spectral resolution.

2.6.1

Frequency Response Function Estimation of Potential Forward
Paths

For the prediction of active vibration isolation, estimates of the potential control
paths or forward paths were required. A frequency response function estimate for
a control path may be produced based on a cross-spectrum estimate between the
input signal x(t) to the control path and the output signal y(t) from the control
path, and power spectrum estimates for the input signal x(t) to the control path.
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Parameter
Value
Total record length, T
17.1 s
Data segment length, N
1024
Number of periodograms, L 200
Digital window w(τ )
Hanning
Overlapping
50 %
Sampling rate, Fs
6000 Hz
Table 5: Power spectral density estimation parameters.
An estimate of a frequency response function may be formed using a cross-spectrum
estimate Ĝyx (fk ) and a power spectrum estimate Ĝxx (fk ) produced with Welch’s
method [12] according to:
Ĥ(fk ) =

Ĝyx (fk )
Ĝxx (fk )

, fk =

k
Fs , 1 ≤ k ≤ N/2 − 1
N

(1)

Here Fs denotes the sampling frequency, k is the discrete normalized frequency
and N is the block length. The parameters used in the control path spectrum
estimation are given in Table 6.
Parameter
Value
Total record length, T
34.1 s
Data segment length, N
2048
Number of periodograms, L 200
Digital window w(τ )
Hanning
Overlapping
50 %
Sampling rate, Fs
6000 Hz
Table 6: Spectrum estimation parameters for the control path frequency response
function estimates.
As excitation signal a periodic chirp signal was selected.

2.7

Sound Maps

In order to monitor the distribution of the sound ﬁeld in the boat saloon, an analysis
method using sound maps was performed. This method is based on an array of
microphones sampling the sound ﬁeld spatially. By e.g. producing power spectral
densities for each of the spatial sound pressure signals sensed by the microphones,
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a map of the spatial distribution of sound pressure levels in the sampled volume
may be produced. This is an alternative method to sound intensity measurement
if only the distribution of the sound ﬁeld is required [13]. Also, one advantage of
using sound maps is the low price of microphones, as compared to intensity probes.
For each of the 216 microphone positions the saloon sound pressure was recorded
and subsequently both power spectral density (PSD) estimates and power spectrum
(PS) estimates were produced for each of the sound pressure records. The power
spectral density estimation parameters are given in Table 5 and the power spectrum
estimation parameters are given in Table 3. Two diﬀerent types of sound maps were
created; sound maps based on sound levels and sound maps for individual frequency
bands:
• Sound maps based on sound levels: The power spectral density estimates
were summed over the frequency range, 20 − 2500 Hz to obtain the sound
level. Sound maps were created from un-weighted PSD data, but also from
A-weighted data to get a better match to the experienced levels. Sound maps
were created for each of the three horizontal measurement levels. In order
to facilitate the interpretation of the sound maps, each sound map was produced by interpolating the 8 by 9 matrix of measurement points to a ﬁnal
grid of 240 by 260 data points. A 2-D matrix of 240 by 260 ”new” horizontal
microphone positions were formed and the sound levels corresponding to the
”new” spatial microphone matrix was estimated using a cubic spline interpolation algorithm. The selection of the matrix of 240 by 260 ”new” microphone
positions was based on the physical horizontal cross-sectional dimensions (xand y- dimensions)of the boat cavity in the saloon and also on a compromise
between resolution and the computational burden.
• Sound maps for individual frequency bands: For this case, the sound maps
show the distribution of the sound energy for a single frequency, allowing
the identiﬁcation of acoustical modes. The acoustic modes in a cavity exist
at frequencies deﬁned by the size and the boundary properties of the cavity.
These frequencies are usually denoted natural frequencies or eigenfrequencies,
and for a rectangular room they may be estimated according to the following
equation [6]:
c
f (nx , ny , nz ) =
2



nx
lx

2


+

ny
ly

2


+

nz
lz

2
(2)

where nx , ny and nz are the modal indexes and lx , ly and lz are the extensions of the cavity in the three directions (x, y and z). The constant c is
the speed of sound in air (c ≈ 340 m/s). The size of the boat saloon is
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approximately(lx , ly , lz ) = (2.4, 2.7, 2.0) meters. For an eigenfrequency to be
observable in the boat saloon it needs to be excited and sensed by the microphones in the array. The excitation may for instance be produced by the
engine and propeller harmonics which are present in the saloon of the boat
at frequencies below 500 Hz. The damping in the cavity needs to be quite
low for modes to appear, which is the case in a saloon with a lot of glass
windows and hard wood. The mode frequencies f (0, 2, 0) = 125.9 Hz and
f (1, 1, 1) = 127.3 could, for example, be interesting to investigate since the
BPF of the propeller at 2800 r.p.m. is at 124 Hz, hence a strong mode candidate. The ﬁrst 26 acoustic resonance frequencies for the rectangular cavity
model of the boat saloon is presented in Table 7 given by Eq. 2. However, if
acoustical modes are present at the frequencies targeted by a potential active
control system, extra care must be taken in the placement of the error sensors
so that these are not placed in, or near, an acoustical node. The evaluation of
individual frequency bands is based on power spectrum estimates produced
using the parameters given in Table 3.
It was of utmost importance for the analysis to keep the engines running at
exactly the same r.p.m. during the diﬀerent measurements this in order to avoid
overhearing between the engines. Is it, however, possible to run the engines separately to solve the overhearing problem? It is indeed possible, but one engine will
not produce suﬃcient propulsion force for the boat to plane and consequently the
boat will run deep in the water. This, then, will change the boundary conditions
on the hull imposed by the water as compared to when the boat is planing. Thus,
the structural dynamic properties of the boat will most likely diﬀer when the boat
is running deep in the water or when it is planing. Furthermore, the excitation
properties of the dominant noise sources may also vary between the two running
conditions.
2.7.1

The Microphone Array Setup

The distance between the microphones in the array had to be dimensioned before
the actual measurement was carried out. At lower frequencies speciﬁc wave patterns
corresponding to the saloon eigenmodes should be distinguished if present. To enable the array to resolve these mode patterns, the microphones must be suﬃciently
close to provide the adequate spatial resolution. When the frequency increases, the
distance in frequency between two adjacent modes becomes smaller and smaller,
and at the same time the bandwidth of each mode increases [6]. Hence, above a
certain frequency fs , the individual modes will be indistinguishable and the sound
ﬁeld will be considered diﬀuse. This limiting frequency is denoted the Schroeder
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(nx , ny , nz ) f (nx , ny , nz )
(1, 0, 0)
70.8
(0, 1, 0)
63.0
(0, 0, 1)
85.0
(1, 1, 0)
94.8
(1, 0, 1)
110.6
(0, 1, 1)
105.8
(0, 1, 1)
105.8
(1, 1, 1)
127.3
(2, 0, 0)
141.7
(0, 2, 0)
125.9
(0, 0, 2)
170.0
(2, 1, 0)
155.0
(2, 1, 1)
176.8
(1, 2, 0)
144.5
(0, 2, 1)
151.9
(1, 2, 1)
167.6
(1, 0, 2)
184.2
(0, 1, 2)
181.3
(1, 1, 2)
194.6
(2, 2, 0)
189.5
(2, 2, 1)
207.7
(0, 2, 2)
211.6
(1, 2, 2)
223.1
(2, 0, 2)
221.3
(2, 1, 2)
230.1
(2, 2, 2)
254.6
Table 7: Acoustic resonance frequencies for the rectangular cavity model of the
boat saloon
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frequency, [14], and is given by


fs = 2000

T60
V

(3)

where V is the volume of the enclosure and T60 is the reverberation time, i.e. the
time for the sound-intensity to drop 60 dB from the time the source was shut
oﬀ. The reverberation time in the saloon is estimated to 1.2 s and the volume
equals V = 2.4 · 2.7 · 2.0 = 12.94 m3 , yielding fs = 607 Hz. Above the Schroeder
frequency, energy methods should be applied, [6], where a summation of the sound
pressure level over a frequency range is performed, rather than looking at a speciﬁc
frequency. This summation over a frequency range is done in the section ”sound
maps based on sound levels”.
The sampling theorem also applies in the spatial domain and states that a
sound wave at a wave length λ should be sampled at least at λ/2 for the mode to
be accurately measured. The distance, d, between two microphones is given by the
spatial sampling theorem
c
λ
(4)
d≤ =
2
2fmax
where fmax is the highest frequency of interest and c is the speed of sound. The
highest frequency, the Schroeder frequency, where separate modes could be distinguished, was calculated to fs = 607 Hz. According to Eq. 4, the maximum distance,
d, between two microphones is 0.28 m. The distance was calculated depending on
the physical properties of the cavity alone, but are there further restrictions in the
measurement and analysis tools?
The frequency resolution in the Power Spectrum (PS) determines how closely
spaced modes can be, and still be resolved from a measurement point of view.
Accordingly, two closely spaced modes closer than the frequency resolution cannot
be resolved as two separate modes. Due to leakage and the chosen measurement
time the resolution is limited to 0.5 Hz in the present study. This resolution can
be compared to the modal density, ∆N , given by
πf
1
4πf 2
V + 2S + L
(5)
3
c
2c
8c
This relation is valid for a rectangular room, where V is the volume of the room, S
is the total area of the room boundaries and L is the total length of the room edges.
As the frequency increases, the modal density becomes more and more dominated
by the volume term in equation 5. Thus, this equation is applicable also for rooms
with a non-rectangular shape for higher frequencies. The inverse of the modal
density is the average frequency spacing, ∆f = 1/δN , between successive modes.
The saloon on the boat has been approximated as a rectangular room with dimensions (lx , ly , lz ) = (2.4, 2.7, 2.0) meters. By setting the PS frequency resolution
∆N =
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equal to ∆f = 0.5 Hz and using δN = 1/δf in equation 5, the upper limit for
the analysis is resolved as 640 Hz. According to Eq. 4, the maximum distance, d,
between the microphones is 0.26 m.
In this case it was the analysis tool that was placing the hardest restrictions
on the spacing between two microphones in the array, rather than the physical
properties of the cavity. The conclusion is that the maximum distance between the
microphones should be 0.26 m, and we chose 0.2 m.

3

Prediction of Active Vibration Isolation Performance

The implementation of complex active feedforward control systems is usually associated with substantial costs concerning hardware, engineer hours, etc. However,
prior to implementation or simulation of an active feedforward control system, the
potential performance can often be predicted [6, 15, 16]. The price and potential
performance of an active control solution may, e.g., be compared to alternative passive approaches to the noise and/or vibration problem. In this way, a ratio between
performance and cost could be estimated for the diﬀerent approaches for the reduction of the noise and/or vibration problem. Simulation based on pre-recorded
data may also be carried out before the actual control system implementation.
Such simulations may provide further information concerning a suitable controller
structure and its design.
Depending on the nature of a noise and/or vibration problem, narrow-band or
broadband, diﬀerent methods are applied for the prediction of the potential performance of an active control system [6, 16].
In the broadband case, the performance of a feedforward control system is
closely associated to the extent of which the undesired noise or vibration can
be linearly explained from the reference signal, or signals [16, 17]. For a SingleInput/Single-Output system, the frequency coherence function indicates the linear
relationship between the reference signal (input) and undesired noise or vibration
(output) as a function of frequency. A coherence of zero indicates no linear relationship between the input and output, and a coherence of unity indicates a complete
linear relationship [11]. However, if the undesired noise or vibration (output) of a
system originates from more than one excitation source (input), and these sources
are not completely correlated, the undesired noise or vibration (output) may only
be linearly explained by the combination of reference signals from these excitation
sources. In the broadband case, assuming stationarity, the maximum theoretical attenuation of a Single-Input/Single-Output Wiener ﬁlter controller without
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causality constraints can be approximately predicted by [15, 16]:


2
(f )
A(f ) = −10 log10 1 − γdx

(6)

2
(f ) is the coherence function between
where A(f ) is the attenuation in dB, and γdx
the reference signal x(t) and d(t) denotes the noise or vibration to be controlled.
The closer the coherence is to unity at a given frequency, the better attenuation
2
(f ) = 0.9 indicates a
can be expected at that frequency, e.g. a coherence of γd:x
2
(f ) = 0.99 inmaximum theoretical attenuation of 10 dB, and a coherence of γd:x
dicates a maximum theoretical attenuation of 20 dB [15]. In the case of several
not completely correlated excitation sources, equation 6 is still valid if the ordinary coherence function is replaced with the multiple coherence function [16], [17].
In practice, the control ﬁlter must be both causal and of ﬁnite length. For these
reasons the actual attenuation measured in reality will almost always be less than
the predicted maximum attenuation [16, 18]. The performance of a feedforward
controller in broadband applications is largely determined by the delay in the controller and the control path. To obtain high performance, a small delay in the
controller and control path is required [16] as this delay aﬀects the length of the
prediction interval of the controller [16, 18].
As a result, broadband feedforward control requires that the reference sensor
is positioned in such a way that it picks up the reference vibration suﬃciently in
advance of its arrival at the error sensor to allow time for the processing of the noise
or vibration signal, and for it to be fed to the actuator. Thus, in broadband active
feedforward control it is important that the causality condition is fulﬁlled. This
condition means that the delay introduced by the controller -the inherent delay in
digital controllers associated with their processing time, A/D and D/A conversion
processes, and analogue anti-aliasing and reconstruction ﬁltering- plus the control
path do not exceed the delay from the reference sensor to the error sensor [15, 16].
If the causality constraint is not fulﬁlled, the system can eﬃciently only reduce
more deterministic noise, e.g. tonal noise, for which it is always possible to ﬁnd a
correlation.

The sound ﬁeld in the saloon below 400 Hz, is, however, dominated by a large
number of harmonics. This periodic noise originates from the engine orders and
the propeller BPF and is related to the engine r.p.m. Accordingly, tachometer or
synchronization signals from the engines can bee used as reference signals to a potential feed-forward active control system. In this case the periodic reference signals
can be produced internally within the digital controller by using the synchronization signals from the engines. There are several advantages in using tachometer
or synchronization signals from the engines. The reference signals based on such
synchronization signal will contain only the tonal components that are desired to
be controlled, and the properties of the reference signals, i.e. frequency and signal
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power, are known. With reference signals generated in this manner the adaptive
control becomes extremely selective. It is possible to determine which frequencies
are to be controlled, and which are not. Compared with a reference microphone or
accelerometer, tachometer or synchronization signals usually result in a reference
signal with a lower noise level, resulting in higher performance [15, 16]. In addition, undesired feedback from the actuator to the reference sensor, which can cause
instability, is also eliminated. In this case, the controller is purely feed-forward, i.e.
its performance is completely unaﬀected by the action of the actuator. Since it is
fairly simple to generate synchronization signals with high quality (32 pulses per
crank shaft revolution) from each engine in the Cruiser, feed-forward active control
seems to be a suitable approach to improve the isolation of the engines.

3.1

Performance Prediction of Narrowband Active Vibration Isolation

Potential narrow band feed-forward control is considered for the active isolation
of the two Cruiser engines where the reference signals are assumed to be derived
from the synchronization signals from the engines. The reference signal, in the
case with the narrow band controller, consists of several sinusoidal signals, where
the frequencies of the individual sinusoids correspond to the harmonics that are
required to be targeted by the controller [16].
The sound ﬁeld in the boat saloon was spatially sampled at M microphone
positions, evenly distributed in the saloon. Also, the hull was sampled at A hull
positions by accelerometers mounted close to the engine mounts. Thus, totally
(M + A) error sensors were used. Assuming RH tonal components required to
be targeted by a potential controller, i.e. H harmonic components synchronized
to each of the R reference signals from the engines. Thus, for each of the RH
tonal components an (M + A) × 1 vector can be formed, describing the primary
sound and vibration ﬁelds in these positions, drh = [drh1 · · · drhM drh1 · · · drhA ]T ,
r ∈ {1, . . . , R}, h ∈ {1, . . . , H}. Furthermore, the elements of drh may be written
as
jϕrhi
drhi = drms
rhi e

(7)

where drms
rhi is the rms magnitude and ϕrhi is the phase of the dynamic quantity
(sound pressure or acceleration) sensed at error sensor position i. If L secondary
sources, actuators, are used, each actuator r is controlled by a control signal yrhl
consisting of a weighted linear combination of the RH frequencies using RH complex weights wrhl (n), l ∈ {1, . . . , L} [19]. Thus, each actuator may be controlled to
produce the secondary sound and vibration by a potential control system producing the output signals yrh = [yrh1 yrh2 · · · yrhL ]. If control signals are applied to the
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L actuators, the (M + A) microphones and accelerometers will produce (M + A)
error signals consisting of contributions both from the primary sound and vibration
ﬁeld, as well as from the secondary ﬁelds. The error signal vector erh can now be
formed according to
(8)
erh = Frh yrh + drh
where Frh is an (M + A) × L matrix consisting of frequency response functions
between the control sources(actuators) and the error sensors (microphones and/or
accelerometers) at frequency rh. The minimal achievable energy in the error signal vector at each target harmonic is given by the control signal vector yrh =
[yrh1 yrh2 · · · yrhL ] that minimizes [16, 20]:
2
Je,rh = eH
rh erh = erh 

(9)

where  ·  denotes the Euclidian vector norm.
In the prediction of potential active isolation of the propulsion system two
potential cases will be considered, i.e. the over-determined control system with
more sensors than actuators (M +A) > L, and the fully-determined control system,
that has an equal number of sensors as actuators (M + A) = L.
In the case of a fully-determined control system (M + A) = L and Frh should
show full rank, i.e. λirh = 0, i ∈ {1, . . . , L} where λirh are the control path
matrix eigenvalues. The optimal control signal vector yrh = [yrh1 yrh2 · · · yrhL ] that
minimizes Eq. 9 takes the simple form [16, 20]:
opt
= −F−1
yrh
rh drh

(10)

However, if Frh is ill-conditioned the singular-value decomposition may be applied
to obtain the Moore-Penrose pseudo-inverse of the control path matrix Frh , i.e.
F+
rh [20, 21]. By using the pseudo-inverse of the control path matrix, a numerically
stable solution that minimizes Eq. 9 may be obtained according to:
opt
yrh
= −F+
rh drh

(11)

This solution is neither the only solution to Eq. 9 or a solution with minimal
Euclidian norm [21]. In the case of the over-determined control system (M + A) >
L, the Least-squares solution to Eq. 9 with minimal Euclidian norm [21] is given
by [20, 21]:
opt
= −F+
yrh
rh drh

(12)

If Frh has full rank, rank(Frh ) = L, Eq. 12 may be rewritten as [20, 21]
opt
−1 H
yrh
= −(FH
rh Frh ) Frh drh

(13)
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where H denotes the Hermitian transpose. The cost function in equation 9 is
evaluated using the optimum driving signals, which in the fully-determined case
are given by Eq. 11 and in the over-determined case are given by Eq. 12. The
predicted noise reduction for harmonic rh can now be derived as a relation between
the energy in the error signal vector when the controller is oﬀ (yrh = 0), and when
opt
)
the controller is on (yrh = yrh


drh 2
opt
Arh = 10log10
(14)
opt
Frh yrh
+ drh 2
From a general point of view, the sound ﬁeld should not be evaluated in the error
sensor positions, but rather in some evaluation position separated from the error
sensor positions. The evaluation positions are positioned exactly where the noise
attenuation is needed, which is usually at the ear positions of the people in the enclosure (boat saloon). From a practical point of view it is usually diﬃcult to mount
error microphones at these positions. For example, in an airplane application the
error sensors(microphones) are commonly placed in the trim panels but the evaluation positions are at the ear positions of the passengers. In the boat application
the passengers move freely around in the saloon, except for the driver. In total 12
microphones were used as error sensors placed in the ceiling of the saloon. In this
case, these positions were also used for the evaluation since the boat passengers
do not have ﬁxed travelling positions. As error sensors it was also possible to use
8 accelerometers located at hull positions near the 8 actuators. However, these
accelerometer signals will not be used for evaluation purposes, since the goal of
the project was to reduce the sound pressure level inside the saloon and not the
vibratory energy of the hull.
opt
, r ∈ {1, . . . , R}, h ∈
We calculate the optimal output signals to the actuators yrh
{1, . . . , H} which yield reliable estimates of the potential narrow-band active vibration isolation performance. Statistically reliable frequency-domain information
concerning the phase and amplitude of the primary sound or vibrations spatially
sampled by the M + A error sensors is required. This information may for instance be provided by cross-power spectrum estimates and power spectrum estii,i (f ), i ∈ {1, . . . , M + A} for the sound
mates [10, 22, 11]. The power spectra G
or vibration signals di (t), n ∈ {1, . . . , M + A} at the M + A measurement locations will only contain information concerning the power of the tonal components
and the information regarding the phase of the sound or vibration at the measurement locations are not obtained. The phase information could, however, be
calculated by estimating the cross-spectra, hence a reference position is required,
which may be a selected sensor within the conﬁguration(see below) or a totally separate extra error sensor. Assuming a separate reference sensor, the cross spectra,
i,ref (f ), i ∈ {1, . . . , M + A}, will contain both phase and magnitude information
G
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about the the sound or vibration signals di (t), n ∈ {1, . . . , M + A} related to the
phase and magnitude of the sound or vibration signal dref (t), where dref (t) denotes
the reference signal. The cross spectrum estimate between the reference sensor to
one of the error sensors i may be written as [11, 22]
ref,ref (f )
 i,ref (f )G
ref,ref (f ) = |H
 i,ref (f )|ej ϕi,ref (f ) G
i,ref (f ) = H
G


ref,ref (f ) G
ref,ref (f )ej ϕi,ref (f )
 i,ref (f )| G
= |H

(15)

 i,ref (f ) is an estimate of the frequency function between the reference
where H
 i,ref (f )| are
signal dref (t) and the sound or vibration signal di (t), ej ϕi,ref (f ) and |H
the frequency function phase respective magnitude function estimates. The relation
ii (f ) for sensor location i and power spectrum for
between the power spectrum G
ref,ref (f ), may be expressed as [23]:
the reference location, G

or

 ir (f )|2 G
rr (f )
Gii (f ) = |H

(16)



rr (f )

Gii (f ) = |Hir (f )| G

(17)



Thus, combining Eq.17 with Eq.15 yields



rr (f )ej ϕir (f )

Gir (f ) = Gii (f ) G
resulting in:


ir (f )
G
rr (f )ej ϕir (f )

= G
rr (f )
G

(18)

(19)

The primary sound or vibration ﬁeld at error sensor position i may, thius, be
estimated as [22]

ir (f1 )
G

ii (f )ej ϕi,ref (f )
(20)
di (f ) = 
= G

Grr (f1 )
i (f ) − ϕ
ref (f ) is the frequency dependant phase
where ϕ
i,ref (f ) = ϕ
 diﬀerence
ii (f ) is the
between a sensor at position i and the reference sensor ref and G
rms magnitude at error sensor position i.
For the prediction of the potential performance of the active isolation of propulsion system vibration, the estimates di (frh ), i ∈ {1, . . . , M +A}, r ∈ {1, . . . , R}, h ∈
{1, . . . , H}, where frh is the actual frequency of the tonal component rh, will be
used as the coeﬃcients of the vector drh , describing the primary sound and vibration in the error sensor positions.
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Results

The sound and vibration analysis results for the diﬀerent engine mount conﬁgurations in the boat are discussed in the following order: the results for the standard
passive engine mounts without thrust bearing, the results for the standard passive
engine mounts with thrust bearing, the results for the rigid engine mounts without
thrust bearing, the results for rigid engine mounts with thrust bearing and the
results for optimized engine mounts with thrust bearings. Finally, the results for
the prediction of a potential active control system are presented.
All the results presented below originate from measurements carried out when
cruising on open water.

4.1

The Standard Passive Engine Mounts without Thrust
Bearing

One of the reference microphone in the saloon located near the driver’s head was
used to analyze the saloon sound. Fig. 16a) shows a power spectrum of the sound
pressure sensed by the reference microphone when the engines were running at 2800
r.p.m. The sound energy is to a large extent concentrated to the low frequency
range below approximately 600 Hz. Details of the spectral content is diﬃcult to
observe due to low spectral resolution. Fig. 17a) shows a power spectrum with
increased resolution for the same data in the low frequency range. The sound
energy concentration at low frequencies indicates that the passive Metalastic 65 Sh
engine mounts perform well above approximately 600 Hz, resulting in a low sound
energy level over that frequency.
The vibrations on the hull side as well as on the engine side varied slightly
between the diﬀerent mounts, especially between the mounts on the outside of the
engines. For the four center engine mounts -engine mounts no. 2, 3, 6, 7, see Fig.5there was almost no diﬀerence, resulting in that mount no.2 was selected for further
vibration analysis. Power spectra (PS) for vibration signals measured at the engine
and at the hull side of engine mount no.2 are shown in the same diagram, Fig. 18a).
For the low frequency range, with increased spectral resolution, see Fig. 19a).
With increasing frequency, the hull side power spectrum in Fig. 18a) shows
a decreasing trend in the vibration energy on the hull side, in particular for the
frequency range over 600 Hz. This demonstrates the isolation characteristics of
a standard passive engine mount. Observe that the engine- and propeller-related
harmonics are distinct in the power spectra in Figs. 17a) and 19a).
In the vibration power spectra for the hull side, for a number of narrow frequency
intervals, related to the engine orders, two closely spaced peaks may be observed
(see Fig. 19a)). These extra order-related peaks originate from the other engine, i.e.
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the port engine orders leak into the starboard side. It is clear that the engines were
not synchronized to the same r.p.m., even though digital r.p.m. meters were used.
The vibration signal at the engine side of the mount contains a lot of energy within
the total measurement bandwidth (0 − 2500 Hz) and especially a large number of
tonal components below 400 Hz, which is clearly shown in Fig. 19a).
For example, the 124 Hz frequency component in the sound spectrum of the reference microphone illustrated by Fig.17a) originates from the BPF of the propellers.
This peak is approximately 15 dB stronger than the other engine harmonics. In the
vibration spectra, see Fig. 19a), the peak at 124 Hz is also present, but there the
peak has the same level as the other engine orders. This indicates that the primary
transmission path for the propeller vibration might go through the water into the
hull rather than via the engine mounts. However, the BPF-related vibration might
also propagate through the propeller shafts in the axial direction, something that,
unfortunately, was not measured. This uncertainty concerning the transmission
paths of the propellers BPFs, however, will be sorted out by the experimental results from this test conﬁguration and from the other test conﬁgurations presented
below.
In the vibration spectra, see Fig. 19a), the 3rd order and 6th order of the
engine are located at 140 Hz and 280 Hz respectively, see table 1. These peaks
have dominating amplitudes on the engine side, as it is a six-cylinder four-stroke
engine. The vibrations at the hull side is not dominated by the 3th order. Here
other harmonics are the dominant vibration components, such as the 2.5th and the
3.5th engine orders. This indicates that the hull (structure) does not have a ﬂat
mobility. In the sound spectrum of the reference microphone shown in Fig. 17a),
both the 2nd and the 4.5th order are larger than the 3th order. Again, this shows
that some frequencies propagate better through the hull than others.
The saloon sound map for the sound pressure level at the 124 Hz frequency,
excited by the fundamental propeller BPF at 2800 r.p.m., is illustrated in Fig. 20
a). In this saloon sound map a sound pressure distribution is observable that might
be explained by a standing wave motion in the saloon, for instance related to the
eigenfrequency f (1, 1, 1) = 127.3 Hz of the rectangular cavity approximation of the
boat saloon according to section 2.7. In the reference microphone sound spectrum
this 124 Hz frequency component displayed a 15 dB higher sound pressure level
compared to the other propulsion system related harmonics, see Fig.17 a). However,
in the hull vibration spectra, the peak at 124 Hz was also present, but here the peak
was at a level comparable with the other engine orders and BPF:s as illustrated
by Fig. 19 a). This reference microphone was ﬁxed at a location close to the
windscreen and ceiling at port side (left side) in the saloon as a consequence it was
close to an antinode position for the sound pressure ﬁeld in the saloon. Thus, the
high sound level at the reference microphone is probably explained by a standing
wave motion in the saloon. The 3rd engine order at 140 Hz has a hull vibration

AVIIS, A Pre-Analysis of the Sound and Vibration Problems

137

level comparable to the 124 Hz BPF but produces a insigniﬁcant sound pressure
level at the reference microphone, see Fig. 17 a). In Fig. 20 b) the saloon sound
map for the sound pressure level at 140 Hz, excited by the 3rd engine order at 2800
r.p.m., is shown. Thus, in this saloon sound map for the 140 Hz frequency the
sound pressure level displays a fairly ﬂat distributed all over the saloon, without
any pronounced nods and antinodes related to a resonance behaviour in the saloon
cavity.
The sound maps for the installation with the standard engine mounts are presented in Figs.21a) and 22a). Un-weighted and A-weighted sound maps are presented. Note that two diﬀerent colour scales have been used throughout the sound
map illustrations, one for all the un-weighted sound maps and one for all A-weighted
maps. In order to reduce the amount of data plots in this paper, only the sound
maps for the standing ear (roof) level are presented.
The A-weighted sound level is up to 10 dB(A) units lower compared to the
un-weighted sound map. This means that the energy in the low frequency noise is
signiﬁcant, see Fig.16a).
With the standard passive dampers, an increase in the sound pressure level
might be observed in the boat saloon directly above the gear boxes (see Figs. 21a)
and 22a)). Each engine is clutched to a propeller axis via a gear box positioned
between the engine and the propeller axis. The increase in sound level over the
gear box is more obvious in the A-weighted sound map in Fig. 22a), indicating
a higher frequency content. This increase is assumed to be caused by directly
radiated sound.

4.2

The Standard Passive Engine Mounts with Thrust Bearing

In the second test conﬁguration the boat was equipped with two thrust bearings
from Aqua Drive, placed halfway along the propeller shaft. This installation altered
the forces acting on the engine mounts since the propulsion force from the propeller
shaft in this conﬁguration was supported by the thrust bearing instead of the engine
mounts. To support the force level applied by the propeller on the thrust bearing,
a large mounting block was used, shown in Fig. 10.
One of the main subjects in the discussion concerning the installation of the
thrust bearing was whether the peaks in the saloon sound spectrum -the propeller
induced BPF- would disappear, or at least be attenuated. A reduction of the BPF
related peaks in the saloon sound spectrum would indicate that the structurally
borne noise originating from the propellers enters the boat structure through the
propeller shaft and not through the water. This question is of utmost importance
for the design of e.g. a ANVC system, in order to decide whether such a system

138

Part III

actually can handle the propeller BPF or not, by placing an actuator at each engine
mount. Another beneﬁt from installing the Aqua Drive thrust bearing is that the
engine mounts may have a symmetric compliance in the x(lateral)- and y(stem)direction. This makes the design of the optimized engine mounts simpler, since the
propulsion force could be neglected.
In the sound spectrum shown in Fig. 17b) of the reference microphone, the
BPF of the propeller, 124 Hz, was reduced approximately 6 dB, down to the same
level as the other engine harmonics, cf. Fig. 17a). The installing of the thrust
bearings resulted in attenuation of the propeller BPF, indicating that the BPF
was at least partly transmitted through the propeller shaft into the hull. The fact
that it was only reduced 6 dB indicated that there are, probably, other transmission
paths into the saloon, such as via the water into the hull. The installation of the
thrust bearings, unfortunately, also caused increased levels at some of the engine
harmonics in the saloon sound ﬁeld.
The vibration spectra, in the frequency range 0 − 400 Hz, for engine mount no.
2 are shown in Fig. 19b). The spectral content matches almost the spectra for the
conﬁguration without thrust bearing, see Fig. 19a) and Fig. 19b). Observe that
the BPF of the propeller was attenuated by approximately 4 dB on the engine side,
while almost no attenuation was introduced at the hull side of the engine mount.
The fact that the vibrations at the hull in the vertical direction were not attenuated
while an attenuation in the saloon sound pressure level by approx. 6 dB for the
propeller BPF was observed, indicates that the presence of vibration in directions
not parallel with the vertical direction has a larger coupling to the radiated sound.
Returning to the sound spectrum in Fig. 16b) of the reference microphone with thrust bearings- a large increase in the saloon sound level can be observed at
approximately 1400 Hz compared to the case without thrust bearing, see Fig. 16a).
This increase in sound power at 1400 Hz is surprising. Since it is a tonal component
it is likely that it originates from a rotating component of the propulsion systems,
but what is rotating at a speed of 80000 r.p.m.?
At the port engine, by studying the spectra shown in Fig. 19b) for the vertical
vibration at both the hull and the engine side of engine mount no.2, it follows
that the 1400 Hz component is present at the engine side but not on the hull side.
Moreover, the vibration energy in the vertical direction of the port thrust bearing
in the frequency range around 1400 Hz is fairly low. This might be observed in the
power spectrum illustrated in Fig. 12a). Consequently, the increase in the saloon
sound level at 1400 Hz is likely to be induced by direct radiated sound and not by
structurally borne sound.
However, two parts, with rotating components, of the propulsion systems, which
are capable to excite vibration and sound at relatively high frequencies, are the
turbo chargers and there is one turbo charger on each diesel engine.
If the other -starboard- diesel engine is considered, spectra for the vertical ac-
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Figure 12: a) power spectrum of the vertical acceleration of the port (left) thrust
bearing, no. 9, and b) power spectra of the vertical acceleration of the stem (front)
engine mount of the starboard (right) engine , engine mount no. 3. Standard
passive engine mount with trust bearing, engine r.p.m.: 2800.
celeration at the engine side and at the hull side of engine mount no.3 of starboard
engine are shown in Fig.12b). These spectra might be compared with the corresponding power spectra for the port side engine mount no.2 presented in Fig.19b).
Thus, at engine mount no.3 of the starboard engine, the 1400 Hz vibration component is not observable. As a consequence, the port-engine turbo charger was
examined and the mechanics at Volvo Penta found that it was defective. The
turbo chargers on both engines were replaced.
A sound map of the un-weighted sound level in the saloon for the conﬁguration
with standard passive engine mounts and thrust bearings is shown in Fig. 21b).
The local areas with an increased sound level above the gear boxes in the conﬁguration with standard passive engine mounts and without thrust bearings, see Fig.
21a), are not observable when using standard passive engine mounts and thrust
bearings. Thus, the introduction of thrust bearings causes a local reduction of the
sound level above the gear boxes. This might be explained by the fact that the
thrust bearings unload the gear boxes from the propeller propulsion forces. This
local reduction in the saloon sound level is also clearly observable in the sound map
of the A-weighted sound level, see Figs. 22a) and 22b). The problem of a defective turbo charger is also observed in the A-weighted sound map. This might be
observed by comparing the A-weighted sound map for the conﬁguration based on
standard passive engine mounts with thrust bearings, Fig. 22b), and the conﬁguration with standard passive engine mounts without thrust bearings and correctly
working turbo chargers, Fig. 22a). In other words, the defective turbo charger
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resulted in an increased sound level, of approximately 5 dB(A), throughout the
saloon. Additionally, in the A-weighted sound map ,Fig. 22b), an area with a
higher sound level could be seen over the port engine, as compared to the area over
the starboard engine.

4.3

Rigidly Mounted Engines with Thrust Bearings

In this conﬁguration the standard passive engine mounts were replaced with distance blocks of steel and thus the engines were rigidly mounted to the hull, see
Fig.7. The purpose of using rigidly mounted engines was to render the engine
mounts vibration isolation negligible and to obtain a reference setup, ”a worst
case”, concerning the hull vibration level and the saloon sound level. In this way
the inﬂuence of the diﬀerent engine mount conﬁgurations isolation on the hull vibration and the saloon sound ﬁeld may be investigated. Compared with the engines
mounted with standard passive engine mounts, the rigidly mounted engines were
experienced to introduce a larger increase in both sound and vibration levels.
A comparison between the sound spectrum sensed by the reference microphone
located near the driver’s head for the conﬁguration with the standard engine mounts
and the rigid steel engine mounts, Fig. 16a) and 16c) respectively, shows similar
characteristics. However, in the frequency range 500−1200 Hz, the sound spectrum
using rigid steel engine mounts diﬀers from the case of standard engine mounts and
exhibits an increase in the sound pressure level. Though the original engine mounts
-the Metalastic 65 Sh- with passive vibration isolation were replaced with rigid
steel engine mounts, the engine and propeller harmonics below 400 Hz continued
to dominate the sound ﬁeld near the driver, see Fig.16c).
In the case of rigid steel engine mounts, the vibrations were only measured
on the hull side. Figs. 18c) and 19c) show the vibration spectra of the vertical
hull acceleration at engine mount no.2 , for two diﬀerent measurement bandwidths.
Here, the vibration level above 500 Hz was increased compared to the conﬁgurations
based on standard engine mounts with and without thrust bearings, see Figs.18a)
and 18c).
The vertical vibration isolation introduced by the standard passive engine mounts
with thrust bearings at engine mount no.2 is illustrated in Figs. 13a) and 13b).
The vibration power spectra for the standard passive engine mounts with thrust
bearings and the rigid steel engine mounts with thrust bearings are plotted in the
same diagram. The power spectra in Fig. 13a) indicate that the standard passive engine mounts with thrust bearings introduce a vibration attenuation above
approx. 600 Hz, which increases with frequency. On the other hand, in the low
frequency range below approx. 400 Hz, see Fig. 13b), the standard engine mounts
with thrust bearings result in a slight increase in some of the narrow-band vibration
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components magnitudes(3 − 6 dB). Observe, however, for the conﬁguration based
on standard passive engine mounts with thrust bearings; the propulsion system vibration harmonics were isolated between the engine side and the hull side of engine
mount no.2 with approximately 15 − 20 dB in the frequency range from 60 Hz to
380 Hz (see Fig. 19b)).
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Figure 13: Power spectrum of the vertical acceleration at engine mount no.2.,
engine r.p.m.: 2800. (a) Frequency range 0 − 2500 Hz and in (b) for the frequency
range 0 − 400 Hz and increased spectral resolution.
For the conﬁguration with rigidly mounted engines -steel mounts- and thrust
bearings, in addition to the measurements of the vibration in the z-direction (vertical), the vibrations in the x-direction (lateral) and the y-direction (axial) were
also measured at four of the engine mounts. Figs. 14a) and 14b) show the vibration power spectra for the three orthogonal directions at engine mount no.2.
The vibration in the z-direction (the vertical direction) is roughly 3-10 dB higher
as compared to the corresponding engine order vibrations in both the x- and ydirections (lateral and axial directions). Exceptions are, however, the fundamental
frequency at 49 Hz, the 4th engine order at 183 Hz, the 5th engine order at 233 Hz
and the 6th engine order at 280 Hz. These engine order vibrations were dominating
in the y-direction (axial direction). Observe that the thrust bearings are likely to
introduce a reduction of the propeller prupolsion force exitation of the engines in
the axial direction.
In Fig.21c) a sound map of the un-weighted sound level in the saloon is presented
for the case of steel engine mounts and thrust bearings. In comparison with the
conﬁguration based on standard engine mounts with and without thrust bearings,
the conﬁguration with steel engine mounts and thrust bearings results in only a
minor increase in the the un-weighted sound level, see Figs. 21a) and 21b). This is
also reasonable, since the largest part of the saloon sound energy is below approx.
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Figure 14: Power spectra of the acceleration in the x, y and z -directions at engine
mount no.2 on the port side using the rigid steel engine mounts and thrust bearings,
engine r.p.m.: 2800. a) Frequency range 0 − 2500 Hz and in b) Frequency range
0 − 400 Hz and increased spectral resolution.
400 Hz, as illustrated by Figs.16a) - 16c). Here the vibration isolation introduced
by the conﬁguration based on standard engine mounts with and without thrust
bearings is negligible. Also, observe the increase in the sound level of approximately
6−7 dB in the part of the saloon closer to the stern. Fig. 22c) shows an A-weighted
sound map for the case of rigidly mounted engines. Compared to the conﬁgurations
based on standard engine mounts with thrust bearings (see Fig. 22b)) (defective
turbo charger) respectively standard engine mounts without thrust bearings (see
Fig. 22a)), an increase of approximately 6 dB(A) respectively 12 − 13 dB(A) was
obtained in the sound level.

4.4

The Optimized Passive Engine Mounts

In the fourth test conﬁguration the optimized passive engine mounts -The Novibra
RA800em with a rubber hardness of 55 Sh- with thrust bearings were used. In Fig.
16d), the sound pressure spectrum measured by the reference microphone located
near the driver’s head is shown. In comparison to the sound pressure spectra
sensed by the reference microphone in previous test conﬁgurations, see Figs. 16a16c), two frequency areas may be identiﬁed where the sound pressure level has been
reduced, 400-700 Hz and above 1200 Hz. We examined the reference microphone
sound pressure spectrum with increased resolution in Fig. 17d) and compared it
with the reference microphone sound pressure spectra in Figs. 17a) and 17b) for
the conﬁgurations with the original, Matalastic, engine mounts. It followed that
the optimized passive engine mounts with thrust bearings yield an attenuation at
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almost all the engine order harmonics and propeller BPFs with approx. 5 − 10
dB. On the other hand, the 6th engine order at 280 Hz has been ampliﬁed by
approximately 7 − 8 dB and is here one of the largest components in the reference
microphone spectrum in Fig. 17d).
The 1st BPF at 124 Hz of the propeller was attenuated approximately 5 − 6 dB
when the thrust bearings were installed in combination with the standard engine
mounts. Accordingly, at least one major transmission path for the propeller BPF
was via the engine mounts. In Fig. 17a), the sound pressure spectrum picked
up by the reference microphone located near the driver’s head is shown for the
original engine mount conﬁguration without thrust bearings, and Fig. 17b) shows
the corresponding sound pressure spectrum for standard engine mounts with trust
bearings. The optimized engine mounts resulted in a further reduction of the
1st BPF with approximately 9 dB compared to the second conﬁguration based
on the standard engine mounts with thrust bearings. This might be observed by
comparing the reference microphone sound pressure spectra in Figs. 17d) and 17b),
indicating that the propeller shafts have a signiﬁcant inﬂuence on the transmission
of the vibrations exciting the BPF saloon sound originating from the propellers.
Fig. 18d) shows the hull and engine sides vibration spectra at the engine mount
no.2. By using the optimized passive engine mounts with thrust bearings, an increased attenuation of the hull vibration in the frequency range from 400 − 1000
Hz is obtained. This can be seen by comparing the spectra in Fig. 18d) for the
optimized engine mounts with the hull vibration spectra for the original engine
mount conﬁguration, with and without thrust bearings illustrated in Fig. 18a) and
18b). In Fig. 19d), the hull and engine sides vibration spectra at the engine mount
no.2 are shown with increased spectral resolution. This engine mount conﬁguration
results in the largest diﬀerence between the vibration levels at the engine side and
the vibration level at the hull side of the engine mount no.2. The hull and engine
sides vibration spectra at engine mount no.2 for the original engine mount conﬁguration with and without thrust bearings are shown in Figs. 19a) and 19b). The
higher vibration levels of the engines with the optimized passive engine mounts are
probably related to the their 10 Sh lower rubber hardness compared to the original
engine mounts. The optimized -Novibra- engine mounts signiﬁcantly improved the
vertical vibration isolation. This is obvious from all the vibration power spectra,
for engine mount no.2, in Fig. 15, for the conﬁgurations based on the optimized
passive engine mounts with thrust bearings and the rigid steel engine mounts with
thrust bearings. Also, to facilitate the observation of the vibration isolation improvement introduced by the optimized engine mounts examined, Fig. 13 shows
the vibration power spectra for the standard -Metalastic- passive engine mounts
with thrust bearings and the rigid steel engine mounts with thrust bearings plotted
in the same diagram. Furthermore, these plots shows that the vibration isolation
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Figure 15: Power spectrum of the acceleration in the vertical direction at engine
mount no.2 , engine r.p.m.: 2800. a) Frequency range 0 − 2500 Hz and in b)
Frequency range 0 − 400 Hz and increased spectral resolution.
introduced by the optimized engine mounts becomes signiﬁcant above approx. 400
Hz, while for the standard engine mounts, the vibration isolation becomes significant above approx. 600 Hz. As expected, the passive engine mounts introduce
an insigniﬁcant vibration isolation at low frequencies. Below approx. 400 Hz it is
negligible.
The saloon sound maps for the un-weighted sound level and the A-weighted
sound level are shown in Fig.21d) and in Fig.22d) for the engine installation with
the optimized -Novibra- engine mounts. The saloon sound level is in the order of
8-10 dB and 7-10 dB(A) below the sound levels produced with the conﬁgurations
based on the original -Metalastic- engine mounts with and without thrust bearings.
Also, during the ﬁrst boat tests, with the optimized engine mounts installed, a large
diﬀerence was experienced standing in the saloon both from a sound and a vibration
perspective, with much lower levels.
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Figure 16: Sound pressure spectrum at reference microphone above the driver’s
head in the saloon with; a) standard passive engine mounts without thrust bearing,
b) standard passive engine mounts with thrust bearing, c) rigid steel engine mounts
with thrust bearing and d) optimized engine mounts. Engine r.p.m.: 2800.
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Figure 17: Sound pressure spectrum -with increased spectral resolution- of the
reference microphone above the driver’s head in the saloon with; a) standard passive
engine mounts without thrust bearing, b) standard passive engine mounts with
thrust bearing, c) rigid steel engine mounts with thrust bearing and d) optimized
engine mounts. Engine r.p.m.: 2800.
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Figure 18: Power spectrum of the acceleration at engine mount no. 2 engine side
as well as hull side; a) standard passive engine mounts without thrust bearing, b)
standard passive engine mounts with thrust bearing, c) rigid steel engine mounts
with thrust bearing and d) optimized engine mounts. Engine r.p.m.: 2800.
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Figure 19: Power spectrum of the acceleration -with increased spectral resolutionat engine mount no. 2 engine side as well as hull side; a) standard passive engine
mounts without thrust bearing, b) standard passive engine mounts with thrust
bearing, c) rigid steel engine mounts with thrust bearing and d) optimized engine
mounts. Engine r.p.m.: 2800.
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Figure 20: Sound map of the sound pressure level at standing ear level; a) in the
124 Hz frequency band and b) in the 140 Hz frequency band. Engine r.p.m.: 2800.
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Figure 21: Sound map of the un-weighted sound level at standing ear level; a)
standard passive engine mounts without thrust bearing, b) standard passive engine
mounts with thrust bearing, c) rigid steel engine mounts with thrust bearing and
d) optimized engine mounts. Engine r.p.m.: 2800.
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Figure 22: Sound map of the A-weighted sound level at standing ear level; a)
standard passive engine mounts without thrust bearing, b) standard passive engine
mounts with thrust bearing, c) rigid steel engine mounts with thrust bearing and
d) optimized engine mounts. Engine r.p.m.: 2800.
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Approach Error Mic.
Approach 1
12
Approach 2
12
Approach 3
-

Error Accel.
8
8

Type of Reference Sensor
Microphone
Microphone
Accelerometer

Table 8: The conﬁguration of error microphones and error accelerometers for the
three diﬀerent Active Noise and Vibration Control prediction approaches investigated.

4.5

Active Noise and Vibration Control

¿From the results concerning passive engine isolation in section 4 it follows that passive engine mounts introduce a insigniﬁcant vibration isolation at low frequencies
and that below approx. 400 Hz it is negligible. Also, the sound ﬁeld in the cruiser
saloon is dominated by a large number of harmonics related to engine orders and
propeller BPF below 400 Hz. A combination of an improved passive elastomeric
isolation and an active isolation with trust bearings seems to be an appropriate
approach to extend the isolation to handle the harmonics related to engine orders
and propeller BPF below 400 Hz.
The results for the conﬁguration based on the rigid steel engine mounts in
section 4.3 indicate that the hull vibration level was largest in the vertical direction,
approximately 6 dB higher as compared to the lateral and axial directions (x- and
y-directions). All the optimized engine mounts were modiﬁed to include an inertial
mass shaker for the production of secondary control forces at the center of each
engine mount in the vertical direction (z-direction), see section 2.4.
Three diﬀerent Active Noise and Vibration Control (ANVC) approaches were
considered; one using accelerometers as error sensors placed on the hull at positions
close to the engine mounts, one using microphones as error sensors placed inside
the saloon of the boat (Active Structural Acoustic Control (ASAC) [25]) and one
using a combination of both microphones and accelerometers as error sensors.
The prediction result, according to equation 14, is presented in table 9 for the
three approaches at an engine rotational speed of 2800 r.p.m. In the cases where
only microphones or accelerometers are used as error sensors, the remaining sensors
(not used to calculate the controller output) are only used for evaluation purposes
(usually denoted monitor sensors).
For Approach 1, there is a fairly good attenuation in the error microphones with
over 10 dB attenuation for the harmonics below 120 Hz and between 5 − 10 dB for
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Frequency
Eng.ord. 1
1.5
2
2.5
3
3.5
4
4.5
5
5.5
6
1× BPF
2× BPF

[Hz]
46.7
70.0
93.3
116.7
140.0
163.3
186.7
210.0
233.3
256.7
280.0
124.4
248.9
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Attenuation [dB]
Approach 1 Approach 2 Approach 3
Mic
Acc Mic Acc Mic Acc
14.5
0.2 -1.8
3.3 -22.2 30.6
10.4
-6.8
5.4
7.8 -3.4 30.7
16.1
-0.8 -1.9
5.0 -15.3 29.4
9.7
-1.0 -3.5
4.6 -19.5 29.9
8.9
-1.2 -10.1
5.9 -29.8 30.8
8.4
-0.1 -7.4
9.6 -26.0 27.7
8.3
0.4 -12.0 14.8 -17.7 29.8
8.7
-1.5 -6.4 21.5 -9.3 29.6
7.2
-3.9 -4.1 15.7 -9.1 27.3
5.9
-1.8 -9.9 15.3 -13.5 34.1
4.6
-0.1 -11.9 11.2 -23.9 32.3
4.2
-3.8
1.6
9.7 -3.9 29.0
7.1
-2.4 -13.9
8.4 -20.1 38.1

Table 9: The predicted performance for the engine running at 2800 r.p.m. The
results presented are the mean attenuation over all the 12 microphones, respectively
over all the 8 accelerometers.
the harmonics between 120 Hz to 300 Hz. The vibration level in the accelerometer positions is roughly unchanged or increased. In Approach 2, where both accelerometers and microphones were used as error sensors the attenuation for the
accelerometer levels is signiﬁcant: 5 − 10 dB for the harmonics below 150 Hz and
10 − 20 dB above 150 Hz. However, in the error microphones there is unfortunately
an increase in the sound level with approximately 2 − 10 dB for all the harmonics.
In the third approach, the error sensor set was composed of the accelerometers.
Here, the vibration attenuation is very satisfying in the accelerometers but causes
a signiﬁcantly increased saloon sound level, which is not desirable. The same pattern could also be recognized for the two other engine speeds; 2200 r.p.m. and
2500 r.p.m. This obviously shows the importance of selecting a suitable set of error
sensor positions concerning the performance of an active control system.
This was not only a way to predict the performance but also the ﬁrst step in optimizing the positions of the error sensors. The results obviously show that the error
microphone set was preferable compared to the error accelerometer set. However,
how many error microphones should be used and where should they be placed? The
next step could be to ﬁnd all possible error sensor positions (microphone and/or
accelerometer positions) and by using some kind of optimization algorithm, e.g.
simulating annealing, select an error sensor conﬁguration that further improves
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the active control performance.

5

Summary and Conclusions

In the cruiser saloon the main sources for the acoustic noise are the engines and
propellers, and the dominant frequencies in the saloon sound ﬁeld are related to
the rotational speeds of the two diesel engines, i.e. the engine orders and propeller
BPFs. A signiﬁcant part of the saloon noise is structure-borne and is transmitted
via the engine mounts into the hull. It is shown that the optimizing of the passive engine mounts, ﬁnding the right rubber hardness of the mounts for just this
boat/engine combination, oﬀers a signiﬁcant extra attenuation of vibrations as well
as of radiated sound, especially in the frequency range 400 − 1000 Hz (see Fig. 15).
However, both the standard as well as the optimized engine mount oﬀers none or
very low isolation to the vibration energy below 400 Hz (see Figs. 13b) and 15b)).
The transmission path of the propeller BPFs was also investigated. The propeller BPF in the saloon sound can be reduced by installing the optimized NOVIBRA RA800EM- engine mounts, instead of the standard -Metalastic 65 SHengine mounts (see Figs. 17a) and 17d) ). This implies that the main transmission
path for the propeller BPF is probably via the engine mounts. However, when
installing the thrust bearings, only a small decrease of approximately 2 dB was
found on the propeller BPF (see Figs.17a) and 17b)). On the other hand, this
implies that the transmission should be via the water. However, given that the
optimized -NOVIBRA RA800EM- engine mounts introduced a signiﬁcant decrease
of the propeller BPF in the saloon sound ﬁeld, approximately 8 dB, it is likely that
the main transmission path is via the engine mounts after all.
The noise level was reduced by about 15 dB using thrust bearings and the
optimized engine mounts, the NOVIBRA RA800EM engine mounts(see Fig. 22).
In addition, the sound ﬁeld is more evenly distributed in the saloon which has been
shown by the calculation of sound maps from the interior of the saloon(see Figs. 21
and 22). However, the passive engine mounts introduced a insigniﬁcant vibration
isolation at low frequencies and below approx. 400 Hz it was negligible. Hence, with
the optimized engine mounts and thrust bearings, the acoustic noise in the boat
saloon has a pronounced low frequency characteristic, dominated by the energy in
the low frequency region below approx. 400 Hz (see Fig. 16). This indicates that
attenuation of the low frequency saloon noise below 400 Hz will signiﬁcantly reduce
the experienced saloon sound level measured in dB(A). Accordingly, to further
reduce the low frequency saloon noise, in order to improve the acoustic comfort in
the boat saloon, a combination of an optimized passive elastomeric isolation and
an active isolation is suggested.
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To control the low frequency hull vibration, an actuator, the combined passive/active engine mount, is required to produce control forces in three orthogonal
directions, x(lateral), y(axial) and z (vertical), in order to fully counteract the primary forces and thereby minimize the sound in the saloon. From the results it
follows that the vibrations in the z-direction at each engine mount dominate over
the other directions with 3-10 dB higher vibration levels for most of the diﬀerent
engine orders and propeller BPFs (see Fig.14). All the optimized engine mounts
were modiﬁed to include an inertial mass shaker for the production of secondary
control forces at the center of each engine mount in the vertical (z-direction), see
section 2.4.
An active control system based on feedforward control seems to be a good
solution since the noise to be targeted by the active system consists of engine and
propeller orders, which all are coupled to the r.p.m. of the engine. Furthermore,
synchronization signals to the controller may conveniently be produced with the aid
of signals from an inductive sensor placed at one of the cogwheels at each engine.
The ANVC system requires a multiple reference controller to handle large r.p.m.
variations between the engines [19], as well as closely spaced r.p.m.:s of the engines
to enable cancelation of a beating sound ﬁeld in the saloon.
Using a Least-Squares approach, the potential performance for the combination
of an optimized passive elastomeric isolation and an active isolation on the saloon
sound ﬁeld were predicted using three diﬀerent Active Noise and Vibration Control
(ANVC) approaches, based on the primary sound and vibration ﬁeld, as well as
the transfer functions between actuators and error sensors. Three diﬀerent control
approaches were investigated; 1: only 12 microphones were used as error sensors,
2: 12 microphones and 8 accelerometers were used as error sensors and, ﬁnally, 3:
only 8 accelerometers were used as error sensors. The prediction results show that
the approach with the 12 microphones used as error sensors outperforms the other
two active control approaches. It resulted in a fairly good average attenuation in
the error microphones with over 10 dB attenuation for the harmonics below 120
Hz and between 5 − 10 dB for the harmonics between 120 Hz to 300 Hz.
The Active Noise and Vibration Control (ANVC) approach using only the 8
error accelerometers mounted close to the engine mounts in the vertical direction
at the hull side did not result in any attenuation of the saloon sound level. This
ANVC approach actually increased the saloon sound level. Thus, a cancellation of
the low frequency hull excitation via the engine mounts was not achieved using the
8 hull-mounted accelerometers as error sensors.
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Abstract

Submarine manufacturers invest considerable eﬀort and money in improving the attenuation of noise radiated by submarines into the water. A
number of diﬀerent noise sources contribute to the total acoustic signature
on an advanced submarine, such as the Collins Class. This report focuses
on the problem associated with low order harmonics generated by the main
diesel engines, transmitted through the engine mounts into the hull, and
subsequently radiating into the water. The diesel engine mount consists of a
two stage isolation system with a large intermediate mass, weighing approximately 500 kg. Each engine is attached to the hull by eight mounts. The
main intention of the work described here is to experimentally investigate
the use of active vibration control to minimize the vibratory energy of the
intermediate mass in all six degrees of freedom, thereby also minimizing the
vibratory energy transmitted to the hull. This approach involves the use
of seven inertial actuators, mounted on the intermediate mass, to produce
the cancelling vibration ﬁeld. A test rig, similar to one of the diesel engine
mounts on the actual submarine, was constructed in the laboratory at The
University of Adelaide and used for the real-time active control experiments
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described here. Several diﬀerent set-ups were evaluated using primary vibrations with the same absolute levels and frequency content as measured
on board a Collins class submarine. The controller used in the real-time experiments is based on the ﬁltered X-LMS algorithm, which is a feed-forward
algorithm working in the time domain.
It is demonstrated here that active vibration control of the intermediate
mass of the existing diesel engine mounts is a practical way of reducing the
1.0, 1.5 and 2.0 engine order components in the noise spectrum radiated as
a result of vibration transmission through the engine mounts.

1

Introduction

As today’s submarines continually evolve, there is an increasing demand for even
quieter radiated noise signatures. The term quiet, in submarine applications, means
radiating a low level acoustic signature, with random characteristics, which is usually measured at some distance away from the submarine using a sonar array. This
is important both for attack submarines, such as the Collins Class operating in
Australian waters, but also for smaller surveillance submarines, such as the Gotland Class submarines which operate in Swedish waters. Both these submarine
models were designed by Kockums Submarines AB while the ﬁrst-mentioned was
built by the Australian Submarine Corporation. As submarines are very expensive
to construct and maintain, they usually have a very long period of operational
use, during which time continuous upgrades are undertaken. An upgrade that is
always desirable is the reduction of sound radiated from the submarine; in other
words a reduction of the detectability of its acoustic signature. Other desirable
improvements include upgrades of weapon systems, the sonar system, the tactical
data handling system and the weapons control system. The picture in Fig. 1 shows
one of the six Collins Class vessels manufactured in Australia.
There are many diﬀerent noise sources on board an advanced submarine, such
as the Collins Class. This report addresses the problem of low order harmonics in
the acoustic signature, originating from the diesel engines and transmitted to the
hull through the engine mounts. There are other ways for the engine vibrations
to reach the water as well, for example through the exhaust system, which is also
connected to the hull. Traditionally, when engines are mounted on light and ﬂexible
structures, passive engine mounts usually made of rubber or neoprene are used to
reduce the transmission of vibratory energy from the engine to the supporting
structure. In the case of the Collins Class, a two-stage isolation system with an
intermediate mass is used.
In the design of rubber isolators, there is a trade-oﬀ between making them sufﬁciently soft to adequately attenuate the low frequency vibrations and on the other
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Figure 1: HMAS Collins running on the surface. The Collins has a range of 18400
kilometres running at 10 knots surfaced.

hand making them suﬃciently stiﬀ to assure support stability of the equipment.
One feasible approach is to complement the passive isolators with an active vibration isolation system to reduce even further the level of vibration transmission and
this is the subject of the work described in this report. There are a number of
advantages in using such a hybrid (passive/active vibration control) system. First,
the passive system can be designed to be stiﬀer to ensure support stability while
the active system can be used to attenuate the low frequency vibrations. Second,
if the active system should malfunction for some reason, the passive system would
still oﬀer substantial isolation, especially at higher frequencies. The active isolation system also adapts to changes in the excitation frequencies originating from
changes in rpm of the engine, thereby maintaining high vibration attenuation over
a wide frequency range.
Another way to complement the passive isolation system is to use tuned vibration absorbers. In this case each absorber handles only a narrow frequency interval
and a single direction. The tuned vibration absorbers would be attached to the
intermediate mass and work in a similar way as an active system would. Another
drawback with a tuned absorber is that if high attenuation is required, 20dB or so,
the frequency band in which the absorber operates becomes very small. Thus, a
small change in rpm will negate the beneﬁt of the absorbers. It is also of utmost
importance that all tuned absorbers attacking the same harmonic are tuned to the
same resonance frequency. Achieving this could be a problem for low cost absorbers
with high attenuation.
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The advantage of using tuned absorbers over a fully active system is that a tuned
absorber is much less complex to install and maintain than an active vibration
isolation system. In addition, the tuned absorber is less expensive and it does not
require any power supply. Tests have been undertaken by DSTO on a submarine
equipped with tuned vibration absorbers on one of the diesel engines. In-service
sonar measurements were conducted, with the engines running on and oﬀ the tuned
rpm. The data have not been made available to the authors of this report. However,
if the attenuation of the lower order engine harmonics observed in the acoustic
signature is substantial, this will imply that the sound radiated from the engine
really is mainly transmitted through the engine mounts into the water via the
hull. If the attenuation due to the absorbers is not substantial, then this does
not necessarily mean that the signature is not dominated by vibratory energy
transmitted through the engine mounts. This is because the absorbers only attack
translational vibration along a single axis. It has been well documented in the
literature, and has also been demonstrated in our laboratory experiments, that
vibration transmission through isolation systems can be dominated by rotational
motion of the isolated mass as well as translational motion in directions normal to
the isolator axis. Our active system targets vibration reduction in all translational
and rotational directions and so is likely to oﬀer much enhanced performance over
the use of single-axis tuned absorbers in terms of acoustic signature reduction. If
it is demonstrated that the tuned absorbers are suﬃciently eﬀective at their tuned
frequency, then this could indicate that the vibration transmission through the
mount is dominated by vibration along the axis targeted by the absorber. In this
case a semi-active system could be used to adjust the tuning of the absorber so that
its optimum frequency tracks the engine speed, thus allowing high performance to
be achieved over a wide operating range.
In the current Collins Class submarines, each diesel engine is supported by eight
two-stage mounts, allowing independent control of each mount, which would significantly reduce the complexity of the active control system required. To implement
the active system, the intermediate mass would be equipped with seven actuators
and seven error sensors in order to reduce the vibration in all six degrees of freedom, assuming, quite validly, that the intermediate mass only moves in rigid body
modes in the frequency range of interest. An alternative to this approach would
be to attach the actuators directly to the hull at the diesel engine mount locations.
The error sensors would then have to be positioned all over the hull, which would
require several hundred accelerometers. Such a control system would be much more
complicated than that proposed here, since all actuators would aﬀect all error sensors and the system would therefore suﬀer from stability and convergence problems.
Thus this type of conﬁguration is not considered further.
Prior research, [1] has already shown that it is possible to attenuate lower order
diesel engine harmonics transmitted through the intermediate mass by using active
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vibration isolation techniques. Results obtained in these experiments show that the
attenuation of the three harmonics causing problems, namely, the 1st , 1.5th and 2nd ,
was approximately 20 dB for the ﬁrst two mentioned and approximately 10 dB for
the 2nd harmonic, summed over all six degrees of freedom. In these experiments
both kinetic energy control as well as modal control were investigated. Both control methods resulted in signiﬁcant vibration attenuation. The kinetic controller
minimizes the squared sum of the acceleration over all the error sensors, while for
the modal controller the error sensor outputs are combined to provide modal information to each controller channel, so that the controller can speciﬁcally target the
independent control of each of the six rigid body modes of the intermediate mass.
The results presented in this report are from real experiments on a test rig, which
is a good model of one of the diesel engine mounts on the submarine, with only a
few minor diﬀerences.
The work presented in this report is a continuation of the work done in [1],
except that for the current work the original inertial actuators have been upgraded
to much more powerful ones, enabling the test rig to work with a primary vibration
ﬁeld that matches, in terms of absolute level, the ﬁeld measured on board the actual
submarine. The test rig was also modiﬁed to match an in-service installation. A
static load, representing the diesel engine, was also added at the top of the engine
mount in order to get the right total stiﬀness of the mount in the frequency range
of interest.

2

The Engine Installations

Each Collins Class submarine is equipped with three eighteen-cylinder, four-stroke,
turbo-charged diesel engines of Hedemora/Garden Island type V18B. To each engine a generator is attached, which delivers 1400kW at 440V DC. The propulsion
power and additional power are taken out of the battery reserve using switched
transistor techniques. The main electrical motor is a water cooled DC shunt, double armature motor with a rated power of 5250 kW. The diesel engines have a 900
V conﬁguration, with con rods side-by-side on shared crank pins. It is understood
that the primary forces are fully balanced, although there is a small, unbalanced
primary moment, due to the side-by-side conﬁguration of the con rods. The secondary forces cannot be balanced without the addition of shafts running at twice
the speed of the camshaft. The engine is not equipped with balance shafts of this
type, so the forces are applied directly in full to the engine support. The engine is
conﬁgured as three V6 engines, with 120 degrees between the crank throws, and a
rotation of 40 degrees after three bays and again after 6 bays, in order to give an
even ﬁring for each bank. Figure 2 shows an overview of the entire engine set-up.
Each engine/generator is supported by eight engine mounts, each of which consists
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of a two-stage isolation system, with rubber elements and a large intermediate
mass. Each intermediate mass is assumed to be uncoupled from the intermediate
masses on the other surrounding mounts and this is a good ﬁrst order assumption
considering that any cross-talk between intermediate masses would be attenuated
heavily by travelling through two sets of isolators. The setup is identical for each
of the three engine-generator sets.
Another approach, usually seen on smaller engines, is for the intermediate mass
to be a single unit, implemented as a cradle holding the entire engine. This type of
installation would be less expensive to treat from an active vibration control point
of view. However, the advantage with the setup on the Collins Class is that every
intermediate mass can be treated independently and that each intermediate mass
can only move in rigid body modes in the frequency range of interest. For the case
involving only a single, large intermediate mass, often a multitude of other modes
are generated resulting in a need for a larger number of actuators and error sensors,
although not as many as the 64 required if all eight mounts on the existing engine
are controlled. Also, the single intermediate mass would require larger actuators
to control its motion.
The total mass of the engine and generator is approximately 8000kg, so the
static load on each engine mount is approximately 1000 kg.

Generator
Engine

Gear Box

4

3

2

1

Figure 2: The engine and the generator, with the eight engine mounts on each side
of the engine, in total 16 mounts per engine

For each engine, basically two diﬀerent types of mount, which diﬀer in both
stiﬀness and size of the intermediate mass, are used. For the ﬁrst four mounts, at
1 and 2 in Fig. 2 (only the left half of the engine mounts are shown in this view)
the intermediate mass weighs 499 kg, and for the other four, at 3 and 4, the weight
is 395 kg. The studies in this report focus on the mass of 499 kg, since control
of the motion of this larger mass is considered to be more diﬃcult from an active
vibration cancellation point of view.
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Each engine mount consists primarily of six diﬀerent components, as depicted
in more detail in Fig. 3. From the bottom up:
• The lower mounting plate. This plate is the connection between the engine
mount and the hull of the vessel and is therefore bolted to the hull. The
thickness of this plate is 10 mm.
• The lower rubber elements. The rubber elements between the bottom plate
and the intermediate mass.
• The lower part of the intermediate mass. The intermediate mass is divided
into two pieces, in order for the bolts to pass through the lower part and
attach the lower rubber elements. The dimensions of this metal block are
80x710x510 mm.
• The upper part of the intermediate mass. Bolts pass through this part to
attach the upper rubber elements. The two intermediate masses are then
bolted together with 16 M16 bolts. It is also assumed that the primary
reason for dividing the intermediate mass into two parts is to allow simple
maintenance inside the submarine. This part of the intermediate mass is the
same size as the lower one.
• The upper rubber elements. The height of the rubber elements is 100 mm,
with no static load. Once installed, and used over some years they are typically compressed to a height of only 95 mm.
• The upper mounting plate. This plate is the link between the engine mount
and the engine itself.
The engine operating speeds varies over a range of approximately 100 rpm, with
the engine normally operating in the center of the range with a moderate variation
of ±20 rpm due to load changes and ageing. A view from the front of the engine
is shown in Fig. 3.
One of the submarines in service has each of its engine mounts, or more speciﬁcally each intermediate mass, equipped with two tuned dampers, one on each side,
in order to reduce the ﬁrst and 1.5 order harmonics of the engine vibration transmitted to the intermediate mass. All other submarines have absorbers tuned to
only the ﬁrst engine order. These tuned dampers employ a quite narrow resonance
peak, i.e high Q-number, at the steady-state rotational speed of 1400 rpm. However, during operation there are constant changes in rpm due to load variations and
operational requirements, which are almost impossible to compensate for manually.
This makes the tuned dampers less eﬀective than at ﬁrst thought and applying an
active system could be a feasible approach.
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In order to optimise the performance of the tuned dampers the system needs
to be equipped with a constant-rpm regulator. However, it is assumed that even if
the engines could have a constant rpm regulating system it would not be capable of
holding the rpm suﬃciently steady for the tuned absorbers to be optimally eﬀective.

Tuned
Absorbers

Diesel
35
Intermediate
Mass

Rubber
Elements

Figure 3: The engine viewed from the front. Each engine mount is equipped with
a tuned absorber.
If actuators are placed on the intermediate masses, there are limitations on
their physical size. In the axial direction, sketched in Fig. 2, the longitudinal
clearance is 670 mm in front of the ﬁrst intermediate mass, 50 mm between the
ﬁrst and second intermediate mass, 190 mm between the second and third, 996 mm
between the third and the fourth and ﬁnally 217 mm after the fourth intermediate
mass. The space between the second and third intermediate mass cannot be used,
since hydraulic hoses connect to the engine in these positions. Further, in the
lateral direction, there is suﬃcient space to ﬁt an actuator on the intermediate
mass underneath the engine. Here the problem is that it could be very diﬃcult
to get it into position, because the space is not enough for a person to crawl
under the engine. This is especially critical for the second intermediate mass. The
conﬁguration of the rubber elements imposes restrictions on the positions where
the actuators can be mounted in the vertical direction (z-direction). Figure 4
shows the conﬁguration of the rubber elements for the lower and upper part of
the intermediate mass. This conﬁguration is only valid for the mounts with the
intermediate mass of 499 kg. The 11 rubber elements separating the intermediate
mass from the engine are conﬁgured as ﬁve plus six rubber elements. In the centre,
ﬁve are of type Resilient P471-T09 and the remaining six are of type Resilient P471T06. Finally, the 14 rubber elements that separate the hull from the intermediate

Active Control of Engine Vibrations in a Collins Class Submarine

169

mass are all of type Resilient P471-T06. The four free spaces marked A in Fig. 4
can be used for actuators. A restriction is that the diameter of an actuator could
not be more than 150 mm if a cylindrical actuator is preferred.
To summarize, there are positions available in all directions for actuators, thus
enabling control in all six degrees of freedom. There are, however, quite signiﬁcant
restrictions in the available space for the actuators working in the axial direction,
if they need to be mounted directly on the intermediate mass.

A

A

A

A
(a)

(b)

Figure 4: (a) The conﬁguration of the rubber elements (a) between the engine and
the intermediate mass (b) between the intermediate mass and the hull
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Directions and Positions

This section deﬁnes the directions and positions that are used for the measurements and discussions throughout this report. Starting with the directions, they
are deﬁned from an intermediate mass perspective. The vertical direction of motion corresponds to the intermediate mass moving up and down, while the lateral
direction corresponds to side to side movement or from port to starboard. Finally,
the axial direction of motion corresponds to motion in the back and forward direction, or in naval terms, from stern to bow. The measurement points are all on the
intermediate mass except one on the hull in the vertical direction, which is referred
to as a monitor position. The positions on the intermediate mass are numbered 1
to 7 and shown in Fig. 5. Positions 1 to 4, 8 and 9 are in the vertical direction,
positions 5 to 6 in the lateral direction and positions 7,11 and 12 are in the axial
direction, respectively.

Upper Intermediate Mass

5

6

Upper
Intermediate
Mass

1

2

Intermediate Mass
Top view

8

11

7
12

3

9

4

Figure 5: The measurement positions on the intermediate mass
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Actuators

The actuators, the error sensors and the control unit are the central components in
an active vibration isolation system. The actuators produce the secondary forces
acting on the structure to be controlled, while the error sensors measure the motion
to be minimized. It is important to have a good understanding of the actuators in
order to be able to tune them to ﬁt a speciﬁc application. The resonance frequency
needs to be out of the operating frequency range, and at the same time, the force
response should be as ﬂat as possible in the frequency region of interest. Power
ampliﬁers are used to drive the actuators, and these need to be correctly speciﬁed.
Therefore, some fundamentals regarding the use of electro dynamic shakers, and
especially inertial actuators, are presented here. If electro dynamic shakers are
used, ordinary HiFi stereo ampliﬁers work well. The use of HiFi ampliﬁers ensures
that the total harmonic distortion, THD, is low, which is important in avoiding
spillover of energy into harmonics higher than those targeted by the active system. The actuators used for the work described here are electro dynamic inertial
actuators. The advantage of using inertial actuators is that they only need to be
attached to the structure at a single point, thus enabling them to be connected in
parallel with the passive dampers. In this way the active system does not need to
handle the static load. Another advantage with this parallel actuator installation
is that if the active system malfunctions, or for some reason needs to be switched
oﬀ, the passive system still works.

Coil

Core

Flexible
mounts

Mass

Air gap
Permanent
magnets

Figure 6: A sketch of the inertial actuator.
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The actuator consists of a ﬁxed core to which is attached a cylindrical electrical
coil as shown in Fig. 6. The core is surrounded by a cylindrical mass in the form
of a tube, to which permanent magnets are attached on the inside. The movable
mass is supported by ﬂexible mounts, one on each side. The mounts should be very
ﬂexible in the vertical z-direction, but rigid in the x-y directions. The mass and
the ﬂexible mounts will be denoted the mechanical system, which can be modelled
as a single-degree-of-freedom (SDOF)system. The core is made of an aluminium
alloy to maximize strength and lightness, and is surrounded by the coil, made with
copper wire. In order to get a high magnetic ﬁeld in the air gap between the
magnets and the coil, the permanent magnets need to be as strong as possible and
the air gap as narrow as possible. Therefore a rare earth metal denoted Soma4 is
used to construct the permanent magnets. These magnets have a magnetic-ﬂux
density that is almost four times as high as can be achieved using normal ferrite
magnets.

3.1

The Electrical System

The actuator transforms electrical power into mechanical motion. This is done by
driving a current through a coil present in a magnetic ﬁeld. In this subsection the
actuator is viewed from the electrical connections of the coil. Assuming that the
voltage across the coil is denoted e(t) and the current ﬂowing through it is i(t),
the relationship between voltage and current in the coil can be described by the
following equation, [6]:

di
(1)
e(t) = L + Ri(t) + Cc i(t)dt
dt
where L, R and Cc are the inductance, resistance and capacitance of the coil
respectively. For sinusoidal input signals, equation 1 can be transformed into the
frequency domain, by using the jω-method as:
E(ω) = jwLI(ω) + RI(ω) +

1
Cc I(ω)
jω

(2)

The electrical impedance is thus given by:
ZE (ω) = jωL + R +

1
Cc
jω

(3)

Once the coil is put into and interacts with the magnetic ﬁeld, these simple relations
are no longer valid. The electrical impedance is now measured only when the
mechanical system is blocked, thus u(t) = 0, where u(t) is the velocity of the mass
with the magnets. Usually ZE is called the blocked electrical impedance. In order
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to measure the blocked electrical impedance of the actuator, the best way is to
disassemble the actuator, by removing the mass with the permanent magnets.
If the actuator as a whole is considered, i.e. when the coil is surrounded by a
magnetic ﬁeld, and a voltage is put across the coil, a current, i(t), starts to ﬂow.
Ampere’s law,[6] gives rise to a force, f (t), that will try to move the mass according
to:
f (t) = Bli(t)
(4)
Here B is the magnetic-ﬂux density and since permanent magnets are used, the
magnetic-ﬂux density is a constant. The eﬀective length of the electrical conductor
that moves across the magnetic ﬁeld is denoted by l. Conversely, if the mass were
to move up and down with a velocity, u(t), this would induce a voltage across the
coil according to:
e(t) = Blu(t)
(5)
The voltage across the coil, with a current i(t), in a moving magnetic ﬁeld with a
magnetic-ﬂux density, B is given by:
E(ω) = ZE (ω)I(ω) + BlU (ω)

(6)

The electrical impedance for the actuator, ZEtot (ω) is now by given by:
ZEtot (ω) =

E(ω)
BlU (ω)
= ZE (ω) +
I(ω)
I(ω)

(7)

The ﬁrst term is the normal impedance for the coil, (equation 3) and the second
term is added when the coil is put into a moving magnetic ﬁeld. We can now
calculate the total impedance of the actuator from an electrical point of view. The
diﬃculty is that the total impedance will not only depend on the frequency, ω, but
also on the velocity of the moving mass, u(ω) and the current, i(ω). Knowing the
impedance over the frequency range where the actuator will be working, enables the
design of the optimal ampliﬁers, which are optimal in the sense that the impedance
at both the ampliﬁer and the actuator is matched in order to have as high an
eﬃciency as possible.
The ampliﬁers have a rated power they can deliver, which usually is valid over
2 − 4 ohms. For actuators that can deliver hundreds of Newtons of force, or even
more, the impedance could easily be as low as 0.5 − 1 ohms and the ampliﬁer would
then exhibit a current limitation. The power consumption for the actuator can also
be calculated. This would give an indication of cable type and dimensions. It is
always wise to over-dimension the cables, for example, using diameters of 4 − 10
mm, in order to keep cable losses small. As a rule of the thumb, the impedance of
the cables should not exceed 1% of the load (actuator) impedance.
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The Mechanical System

The mechanical system can be modelled as a mass that is attached to the coil
by a spring and a damper. For the real actuator, the spring and the damper
are the ﬂexible mounts on each side of the mass. The equation of motion for a
single-degree-of-freedom oscillator of mass M , damping constant C, stiﬀness K
and displacement x(t) can be written as:
M a(t) + Cu(t) + Kx(t) = f (t)

(8)

where f (t) is the driving force on the mass M . The derivative of the displacement
x(t) is denoted ẋ(t) = u(t), which is the velocity of the mass and the second
derivative ẍ(t) is the acceleration, which is denoted a(t). For sinusoidal motion the
equation can be transformed into the frequency domain:
jωM U (ω) + CU (ω) +

1
KU (ω) = F (ω)
jω

(9)

1
U (ω). The
where the acceleration is given by jωU (ω) and the displacement is jω
mechanical impedance, ZM (ω), is deﬁned as the ratio between the force F (ω) and
the velocity U (ω):
F (ω)
(10)
ZM (ω) =
U (ω)

For a single-degree-of-freedom system, according to equation 9, the mechanical
impedance is given by:
ZM (ω) =

F (ω)
1
= jωM + C +
K
U (ω)
jω

(11)

In order to obtain the undamped natural frequency,f0 , equation 9 is solved with
F (ω) = 0 and C = 0
1
K
(12)
0 = jωM +
jω
ω2 =

K
M


(13)

1
K
(14)
2π M
It can also be shown that the resonance frequency is independent of the input force
but dependent on the damping C, [4]. The damped resonance frequency is given
by:

C
(15)
where
ζ= √
fd = f0 1 − ζ 2
2 KM
f0 =
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The critical damping ratio, ζ, is usually quite small for inertial actuators, say below
0.3. Therefore the f0 can be approximated by f0 ≈ fd . The critical damping ratio,
ζ for the actuator used in this application, was experimentally estimated to be
0.05. In a practical application the constants M and K can easily be determined
by measuring the resonance frequency. The mass, M , is determined by using a
scale if it is possible to take the actuator apart.
Understanding the mechanical side of the actuator is of importance when the
actuator needs to be tuned for a certain application. If the actuator is to be used
in an active vibration control application, it is of utmost importance that the resonance frequency is placed below the lower frequency limit where the actuator should
work, since the actuator will exhibit a phase shift of 180 degrees at the resonance
frequency. In the vicinity of such a sharp phase shift, it is almost impossible for a
controller to work properly.
Theoretically, the resonance frequency of the actuator can also be selected to
be above the upper frequency limit for the application, but this is rarely done
for at least two reasons. First, when considering the transfer function between
input voltage and output force there is a continuous drop in output force below the
resonance frequency, while above, the output force tends to ﬂatten out. Usually the
goal in actuator design is to have as ﬂat a frequency response over the operating
frequency range as possible. The second reason is that the operating frequency
range is around 100 Hz or more, so the resonance frequency would then have to be
at several hundred Hz. To have a resonance frequency that high would demand a
very small mass or a very stiﬀ spring. The result would be that the total transfer
function curve would be attenuated, thus demanding high input voltages for the
same output forces.
If the resonance frequency must be altered it is either the mass, M , or the spring
constant, K, that needs to be adjusted. For the actuator used in this application,
adding extra mass was the simplest solution to obtain a resonance frequency in
the vicinity of 20 Hz. Caution should be taken with this type of tuning, as will be
shown in the next section. Altering either the spring constant or the mass will also
aﬀect the output force that the actuator can produce in the operating frequency
range.

3.3

Combining the Electrical and Mechanical Systems

A force is produced from the electrical current streaming through the coil in the
actuator, but only a portion of this force actually reaches the structure that the
actuator is mounted on. By adopting a simple model of a loudspeaker for the
system according to Fig. 7a, the mechanical behavior can be further investigated.
A moving-coil loudspeaker principally consists of a cone with a coil, where the
cone is elastically suspended to a supporting frame [8]. For conventional loudspeak-
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ers air is pushed back and forth in front of the cone. To move the cone, an electrical
force, FE , is created between the magnet attached to the supporting frame and the
voice coil. The mass, M , of the total moving system is given by the mass of the
cone, voice coil, and its associated air mass [8]. The air in front of the cone has
impedance, denoted radiation impedance. The radiation impedance is a load on
the loudspeaker, and is associated with the radiation of sound [8].
The mechanical situation is a bit diﬀerent for an inertial actuator, where the
electrical force acts between the mass and the structure. Here, the structure also
includes the core and the coil since the core is bolted on to the structure. The
structure, core and coil are together denoted load. The mechanical model of the
actuator is shown in Fig. 7b.
To be able to determine how the diﬀerent mechanical components interact, a
mobility analogy will be used [5]. In this case, the mechanical system is transformed into an electrical circuit where ordinary circuit theory can be applied. By
performing this transformation, the problem is easily solved, in contrast to working
with the diﬀerential equations of the mechanical system directly. With the mobility
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Figure 7: A principal sketch (a) for a moving-coil loudspeaker (b) for the inertial
actuator
analogy, a force corresponds to a current and a velocity to a voltage. The mobility
is deﬁned as the ratio between the velocity U (ω) and the force F (ω), i.e. th inverse
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of the mechanical impedance. The mobility YM of a mass M is therefore given by:
YM =

1
jωM

(16)

In the electrical analogy, mass corresponds to a capacitance. In mechanical systems,
the mass is often a one-terminal quantity. A force acting on the mass, resulting in
a velocity of the mass with respect to the earth, the inertial frame, results in the
second electrical equivalent terminal being earth. In the same sense, the mobility
of a spring with a spring constant K and a viscous damping C is:
YS =

1
C+

K
jω

(17)

The ﬂexible mounts of the actuator and the ﬂexible suspension of the loudspeaker
consist of a spring and a viscous damper; accordingly the mobility of the mounts
and the suspension is denoted YS .
The term with the spring constant K will, in an electrical circuit, represent an
inductance jω K1 while the viscous damping C is not dependent on frequency and
could be treated as a pure resistor C1 . The mechanical generators considered are of
two types, constant velocity and constant force. With actuators or loudspeakers,
a constant force generator model is representative and convenient to use. If the
electrical sinusoidal current i(t) is kept at a constant amplitude through the coil,
a constant amplitude force is created according to equation 4.
With this information, the mechanical systems of the loudspeaker and the actuator depicted in Fig. 7 can now be transformed into electrical circuits by using
the mobility analogy.
Consider Fig. 7a, representing the loudspeaker. The electrical force FE applied
to the mechanical system sets the mass M into motion with the velocity UM with
respect to the supporting frame. The same velocity is also achieved at the ﬂexible
suspension and at air in front of the cone. Accordingly, the three mobilities YM ,
YS and 1/ZM R are connected in parallel, resulting in an electrical equivalent of the
loudspeaker as shown in Fig. 8a.
Figure 7b, representing the inertial actuator, may also be transformed according
to the mobility analogy. The Fig. shows that the electrical force acts over the spring
and damper. The electrical force sets the two masses, the actuator load (structure,
coil and core) and actuator mass ,M , into motion. The mobility of the load YL and
the mass YM are diﬀerent, resulting in that the load and mass do not have the same
velocities with respect to the inertial frame. The velocity of the load and the mass
are UL and UM , respectively, and their directions are opposite. In the electrical
equivalent the mobility of the load and mass are connected in series. The velocity
diﬀerence is balanced by the ﬂexible mount between the load and mass, and in the
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electrical circuit the mobility of the ﬂexible mount YS is parallel with the mobilities
YM and YL connected in series. The electrical equivalent for the inertial actuator
is presented in Fig. 8b.
The similarity between a loudspeaker and an inertial mass actuator is not that
obvious once the electrical equivalents have been derived. The conclusion is that
the further analyses of the inertial mass actuator have to be done without respect
to the loudspeaker.

FE

FE

FE
FML

FS

YM

YS

FS
1/ZMR

FE

FML
YM

YS
YL

(b)

(a)

Figure 8: The electrical equivalent, in a mobility analogy of (a) a moving-coil
loudspeaker (b) the inertial actuator
To demonstrate further that the actuator equivalent, shown in Fig. 8b properly
describes the real physical system, it may be observed that if the spring is extremely
stiﬀ, the mobility YS becomes almost zero; hence the current(force) FS will equal
the current FE , and the current FM L will be zero, so that the velocity over both
the load and the mass will be zero. This is also what should be expected by the
real actuator; if the spring is made very stiﬀ the electrical forces cannot move the
mass at all. Also, if the actuator is attached to a very rigid foundation having a
mass that is a considerably larger than the mass of the actuator, the mobility of the
load, i.e. the foundation YL , should be very small in comparison to the mobility of
the mass, YM . Therefore, the voltage (velocity) over the load would be very small
indicating that the actuator can only move the structure a small amount.
The force transmitted into the receiving structure (load) is given by:
YS
(18)
YS + YM + YL
If the mobility of the spring and damper, YS , is extremely large, then FM L ≈ FE
and all the electrical force would be used to move the mass and the load. In order to
FM L = FE
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make the actuator as eﬃcient as possible, i.e. transmitting as much of the electrical
force as possible to the receiving structure, the mass should be connected free-free,
or with as soft springs as possible. Tampering with the suspension of the mass
and/or the weight of the mass in order to produce larger forces will, of course,
aﬀect the location of the resonance frequency of the actuator; see equation 14.
In order to measure the maximum force that the actuator can produce, the
actuator could be mounted on a very solid foundation, with a mobility YL close to
zero. The current (force) FM L through the mass would then be at its maximum
value. This force can be measured with an accelerometer attached to the actuator
mass, yielding the maximum force that the actuator could produce. However, once
the actuator is mounted on a structure with a mobility greater than zero, the force
produced by the actuator on the mass is reduced.

Figure 9: The inertial actuator used in the project. The actuator is mounted on
a heavy steel mass. A metal ring is also attached to the original mass in order to
increase the total mass of the mechanical system. An accelerometer can also be
seen, on the top of the actuator measuring the acceleration of the moving mass.
As part of the work reported here, measurements were carried out to determine
the maximum force that the actuator could produce and its resonance frequency.
During these measurements the actuator was mounted on a very large mass of
approximately 100 kg, standing an a concrete ﬂoor, as depicted in Fig. 9. The
structure to which the actuator was mounted was considered as fully rigid and
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is hence denoted ”foundation”. The current through the coil was measured with
a digital clamp ampere-meter while the force was measured indirectly with an
accelerometer mounted on the moving mass. The force was subsequently calculated
using:
f (t) = M a(t)
(19)
The force for which the actuator is rated is usually given by the supplier. The
output force is often given only for a certain frequency, which is usually somewhat
misleading, since in most active vibration isolation applications several frequency
components need to be addressed. The total force that the actuator needs to
produce is the vector sum of all generated forces.
In the measurements, two diﬀerent mass conﬁgurations were tested, one with
M=4kg and the other M=6kg. Rms values where measured for the current and the
acceleration.

Output Force, when current constant = 5A
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Figure 10: The output force of the actuator vs. frequency for two diﬀerent masses
M of the actuator. The current i(t) was constant at 5A rms.

The maximum force that the actuator can provide is of course at a frequency
close to the resonance frequency, but the frequency range of interest here is just
above that, from 22 Hz to 60 Hz, as discussed earlier. In this range the actuator
can produce approximately 80 N rms at a coil current of 5 A rms. The actuator is
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rated with a maximum current of 15 A rms and 20 A rms with cooling. Thus the
maximum force that the actuator can produce is 320 N rms, which is approximately
the value speciﬁed by the manufacturer.
In order to correctly dimension the actuator, prior information of the mobility
and the velocity of the structure that the active vibration isolation should be applied to needs to be considered. First, the mobility in the mounting positions, YL ,
should be measured, preferably with a calibrated instrument hammer and an accelerometer. This measurement should be carried out with the machinery switched
oﬀ, when the velocity of the structure is zero. During the second measurement, the
machinery should be switched on and the velocity measured with an accelerometer.
The primary forces, Fprimary , acting on the load in the mounting positions can be
. If the active system is able to counteract
calculated according to: Fprimary = YUL(ω)
(ω)
the primary forces in the moving structure by adding secondary control forces, then
the actuator needs to be able to generate forces of the same or higher magnitude
than Fprimary . Therefore, the actuator rated force should exceed the forces present
in the load by a large margin, or at least be FM L ≥ Fprimary .
In more complicated systems, where several actuators are present, and at the
same time the structure is moving in diﬀerent modes, a deeper analysis of the
mechanical properties of the structure is required. Several actuators can join forces
in order to combat certain modes of the structure. Using several actuators in this
way results in less force needing to be produced by each actuator individually. This
is the case for the intermediate mass of the engine mount, and in particular for
the rigid body mode in the vertical direction. In order to attenuate this rigid body
mode the four top actuators work together.
When designing the actuators in terms of force requirements, care must be
taken so that the required force, FM L , is considerably smaller than the rated force
of the actuator. Remembering that the calculation of the rated force was done
with YL set to zero, a certain error margin must of course also be added. Another
good rule of thumb is that if the actuator mass is less than 1% of the weight of
the structure that the actuator is mounted on, then no error margin needs to be
added.
The actuators are of course a central component in an active vibration isolation
system, although the ampliﬁers driving the actuators are also important, and they
must be able to deliver the required current for a speciﬁc load, which in this case
is speciﬁed by the electrical impedance of the actuator.
By rewriting equation 18, the electrical force FE is calculated and in the same
manner, using equation 4, the electrical coil current i(t) is obtained.
The mechanical impedance, ZM (ω), is deﬁned in equation 10 and combined with
the frequency domain version of equation 4. The mechanical impedance, ZM (ω) is
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described by:
BLI(ω)
(20)
U (ω)
The total impedance for the actuator in an electrical equivalent is found by substituting equation 20 into equation 7 yielding:
ZM =

ZEtot (ω) = ZE (ω) +

(BL)2
ZM (ω)

(21)

The expression for ZEtot only consists of the physical properties of the actuator, all
of which are measurable. In this way, both the required current and the impedance
as a function of frequency are available; hence suitable ampliﬁers can be sourced.
The electrical impedance for the actuator used in this application was also
measured. First of all, the resistance, R, was measured with a conventional ohmmeter yielding R = 0.8 ohms. Care must be taken only to apply low voltages to the
coil close to DC, since the impedance is very low. In order to obtain the complete
impedance curve over the frequency range up to 100 Hz, the voltages over the
coil and the current were measured as the frequency of excitation was gradually
increased and with the current kept in the range of approximately 5 A rms. The
result is presented in Fig. 11
The electrical impedance mainly follows the behaviour of a conventional coil;
hence Zcoil = Rcoil + jωLcoil . At the resonance frequency of the actuator, at approximately 16 Hz, there is a peak in the impedance curve. This is due to the
second term in equation 21, which has its maximum at the resonance frequency
because the mechanical impedance has its minimum. The electrical impedance in
the operating frequency ranges from 20 Hz to 60 Hz and spans a coil impedance
from 0.7 Ohms to 1.3 Ohms.

4

The Test Rig

It is very diﬃcult and costly to make experiments on board a submarine which
is in naval service. To be able to conduct experiments with diﬀerent types of
active vibration isolation set-ups a test rig was built in the Mechanical Engineering
laboratory at The University of Adelaide to mimic an engine mount. The physical
properties of the test rig were based on design drawings supplied by the Australian
Submarine Corporation. The intermediate mass, as well as the upper and lower
plates, were a good approximation to the construction of one of the mounts on
an actual submarine. During the ﬁrst trials, denoted setup 1, the upper plate
was not exposed to the full static load produced by the engines. It is assumed
that the rubber elements are linear in the sense that stiﬀness is constant and does
not change depending on how the rubber elements are being compressed. Rubber
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Figure 11: The electrical impedance, ZEtot as a function of frequency, of the actuator used in the experiments.

elements shows usually also non-linear properties but that is when they are exposed
to larger displacements. To ensure a similar static load in the experimental system
as in an actual installation, the rubber isolators were reduced in number to 10
between the lower plate and the intermediate mass and 4 between the intermediate
mass and the top plate. The conﬁguration is depicted in Fig. 12. Extension
bushes had to be put in between the rubber elements and the top plate in order
to ﬁt the actuators into position, since the actuators are 30mm higher than the
rubber elements. This was also the way the test rig was conﬁgured when the
previous experiments were conducted, as described in [1]. The intention of the
initial experiments in [1] was to demonstrate the feasibility of active vibration
control without investing in expensive hardware. Following that initial study, one
of the questions that remained to be answered was that with an identical test rig,
would the active vibration control system perform even better with more powerful
actuators. It is actually possible to achieve better attenuation if the actual original
disturbance signals are stronger, since it is only possible for the controller to reduce
the tonal components down into the electronic noise ﬂoor. The only diﬀerence
between the earlier reported work and setup 1 above is that in setup 1 the control
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Figure 12: The test rig conﬁgured as setup 1. The inertial actuators are shown
mounted

actuators are more powerful and the primary excitation is at a similar or higher
level than measured on the in-service mounts in the submarine. Good results were
obtained for both attenuation and convergence speed with setup 1. It was thus
decided to modify the test rig to match the actual in-service installation on the
submarine, as closely as possible. For demonstration purposes this is also valuable,
since the people working with the submarine can easily identify the rig and the
actuators with the true installation.
• A true conﬁguration of rubber elements were now put in place, both between
the hull and the intermediate mass and between the intermediate mass and
the engine model.
• The actuators working in the vertical direction were embedded into the top
intermediate mass a distance of 45 mm. This was done since the height of the
rubber elements is 100 mm and the actuator is 130 mm high. A small margin
of 15 mm was added as the rubber elements will be slightly compressed once
the static load of the engine is applied. The static compression of the rubber
elements was measured on board the submarine to be about 5 mm and this
was for rubber elements that had been in use for some years.
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• A static load of 580 kg was put on top of the test rig to simulate the load
from the engine. The load consisted of 7 steel plates with the dimensions
395x685x40mm, each weighing 84 kg. The whole load was then bolted to the
top plate which was attached to the top of the mounts.
This new test rig, with the implementation of the above changes, is denoted setup 2
and is depicted in Fig. 13.

Figure 13: The test rig conﬁgured as setup 2. The large steel block on top represents the static weight load of an engine.

4.1

Frequency Response Functions

Frequency response functions(FRFs) were measured between all the actuators and
all the error sensors. This resulted in a 7x7 matrix containing all the 49 FRFs.
The FRFs were measured both for setup 1 and setup 2. Measurements of the
FRFs were done for several reasons. First, the physical properties of the test
rig could be examined in terms of resonance frequencies for diﬀerent directions of
excitation. To do this, the inertance should be measured which is the acceleration
of the structure divided by the force producing the acceleration. However, a minor
problem preventing this was that the actuators were not equipped with a force
transducer. So, instead of a force signal, the input voltage to the actuator was
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used, resulting in the measurement of frequency response functions (FRFs) rather
than inertances. The FRFs contain not only the response of the structure but
also the response of the actuator. However, if the actuator has a reasonably ﬂat
frequency response, the inertance of the system is approximately measured. For
the actuators considered here, this is not entirely true, since the actuator has a
damped resonance frequency at approximately 20 Hz. The transfer function of the
actuators are identical for both set-ups, allowing the possibility of comparing the
diﬀerence between the two set-ups examined in this report.
Previously, in the year 2000, inertance measurements were taken on board the
submarine [1]. In this case a calibrated instrumented hammer was used to excite
the structure and the responses were measured with an accelerometer. It would
be a good conﬁrmation if the structural response of the test rig(setup 2) roughly
matched the one measured on the submarine. This might be troublesome, since the
”inertance” on the test rig contains the response of the actuator and the response
of the structure as previously mentioned and, secondly, all the actuators were
attached to the intermediate mass. The seven actuators cannot be treated only as
an extra mass load since their masses are attached to the structure with springs,
thus making the total mechanical system even more complicated. The FRFs taken
with the actuator as exciter were therefore complemented with some additional
hammer tests.
Another important use of the FRFs is estimating the potential in-service performance of the active vibration isolation system using real submarine data. To be
able to do such calculations (simulations) it is necessary to measure the primary
vibration ﬁeld at the error sensors for a couple of true running scenarios on the
submarine. Such measurements have been made but have not been released to the
authors of this report. In addition to the primary vibration ﬁeld, FRFs measured
on the submarine are also needed. If the evaluation of the performance is to be
done in positions other than in the error sensor positions, measurements need to
be made in these positions as well. These evaluation positions are usually referred
to as monitor positions, since they are not associated with the controller. In this
application, only rigid body modes are present in the frequency range of interest,
which is why the evaluation is done at the error sensors only and why additional
monitor positions are unnecessary. The FRFs should be measured with the actuators and error sensors intended to be used in the active system for reliable results.
Further, the exact locations for the actuators and error sensors on the test rig are
of importance. Another important issue is that, if the FRFs are to be used to
simulate an active system, the FRFs should be measured from the output of the
controller to the input of the controller or, in other words, the FRF should include
information pertaining to the power ampliﬁer cables and the preampliﬁers of the
accelerometer. This was done in the work described here. Figures 14 to 16 present
FRF measurements from an actuator position to an error sensor in the same posi-
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Figure 14: The point FRF in the vertical direction at position 2 taken both for
setup 1 and setup 2.

tion for all three directions, i.e. the point FRF. These measurements were taken
with a chirp used as an excitation signal. An advantage of a chirp is that it is a
deterministic signal, so that only a small number of averages is needed to obtain
an accurate result. The number of averages used during these measurements was
set to 20. Since the FRF is a quotient between two spectra, a rectangular window
was used. The number of spectral lines was 400 for setup 1 and 800 for setup 2,
but the maximum frequency was the same for both measurements, namely 200 Hz,
which required a sample rate of 512 Hz.
At a ﬁrst glance, the FRF in the second set-up represents a system that is a bit
stiﬀer than the system in setup 1 since it is always about 10 dB lower. This means
that for the same input signal, or input force, the acceleration level is 10 dB lower
for setup 2. This implies that it is now harder to move the intermediate mass, as
may have been expected when 580 kg is put on the top plate of the test rig. All
the FRFs show a rather damped system with only a few resonance frequencies.
The coherence was also calculated to get an impression of the quality or linearity
of the measurements. If the controller is to be able to model the transfer function
between the actuator and the error sensor, it is important that the coherence is high
over the frequency range of interest, since the controller used in this application will
use FIR-ﬁlters to model the transfer function. When the coherence is referred to as
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Figure 15: The point FRF in the lateral direction at position 5 taken both for
setup 1 and setup 2.
FRF between actuator 7 and error sensor 7
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Figure 16: The point FRF in the axial direction at position 7 taken both for setup 1
and setup 2.

Active Control of Engine Vibrations in a Collins Class Submarine

189

high, this means above 0.99, thus enabling a theoretical steady-state attenuation
of 20 dB. High coherence means a linear relationship between actuator and error
sensor, while low coherence does not necessarily imply non-linearities, since it can
also exist for a number of other reasons, including the actuator not being able to
deliver suﬃcient force or the frequency resolution for the measurements not being
suﬃcient. In Fig. 19 the coherence is plotted for the FRF shown in Fig. 14.
This is just an example of a coherence measurement for one of the point-FRF
measurements, and results for the other excitation directions were very similar.
In the frequency range of interest, which is 20 − 60 Hz for this application, the
coherence is very high both for setup 1 and setup 2. This implies that it should
be possible to get good attenuation with an active vibration isolation system if
the primary vibration ﬁeld is short-time stationary. The second set-up shows good
coherence down to a frequency 10 Hz, which is lower than that achieved with
setup 1. The reason probably lies in the FRF function plotted in 14. The blue
curve, representing setup 1, rises 20 dB over the frequency range from 10 Hz to
30 Hz, thus representing a system becoming much stiﬀer in this frequency range.
The FRF data therefore lose accuracy in the 10 − 15 Hz range for which the
acceleration levels are small, and in that way the FRF becomes more noisy and
the coherence is reduced. In addition, the actuator has its resonance peak around
18 Hz and at lower frequencies the force it produces decays rather rapidly as the
frequency decreases. For setup 2 the stiﬀness is almost constant all the way down
to 10 Hz, thus a better signal-to-noise ratio (SNR) is obtained. All the cross FRFs
and coherence measurements were of course also performed, but only one such is
presented as an example. The important thing to notice is that for both set-ups the
”cross” coherence is high in the frequency range of interest. This fact also implies
that there is a linear relationship between two orthogonal directions, which means
that it might be possible to control vibrations in the axial direction by the use of
actuators in the vertical direction.
From the FRF measurements, the impulse response was also calculated. This
is a good aid for choosing the length of the FIR ﬁlters to model the feedforward
path in the real time experiments, presented below. Figure 20 shows the impulse
response for the point FRF in the axial direction. As can be observed, the impulse
response is roughly the same for both setup 1 and setup 2. To be able to visualize
the diﬀerences between setup 1 and setup 2, the level of the impulse response for
setup 2, both in Fig. 20 and 21 is attenuated 10 times. For both plotted impulse
responses, the time until the oscillation amplitude has diminished to less than 10%
of its initial value is approximately 0.64 seconds. This information is useful when
designing the length of the FIR ﬁlter that should model the forward path in the
controller. For example, if the sampling rate of the controller is set to 300 Hz, the
length of the FIR ﬁlter should be in the region 300 ∗ 0.6 = 180 ﬁlter taps.
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Coherence of the FRF between actuator 2 and error sensor 2
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Figure 17: The coherence for the point inertance measured for setup 1 and setup 2.

As mentioned before, in order to compare the physical properties of the engine
mount for both the test rig and the real installation on the submarine, the FRF
measurements need to be complemented with some inertance measurements. If it
could be established that the physical properties of both the engine mount in the
test rig and in the submarine are well matched, the probability for a successful
ANC installation is high.
The point and cross inertances were measured both for setup 1, setup 2 and
on the submarine installation, using a calibrated instrumented hammer and an
accelerometer. The positions for the inertance measurement varied slightly, since
as the project moved on, more knowledge was collected. The measurement locations can be found in Fig. 5. The ﬁrst measurements were taken with the test
rig conﬁgured as setup 1 and during these measurements the actuators were not
attached to the intermediate mass. The results are plotted in Figs. 22 to 24. These
measurements are in good agreement with those reported previously [1], regarding
both levels and resonance frequencies. This was expected, since the measurements
were done on almost an identical rig, albeit two years later. However, there is a big
diﬀerence observed when comparing the inertance data measured on the laboratory
test rig with that measured on the submarine when the test rig is conﬁgured as
setup 1. The submarine measurements were presented in [1] but summarized here
in table 1 and 2. The overall stiﬀness was obtained by averaging the point inertance
for the three main translational directions. The natural frequencies are 12 when
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Figure 18: The FRF between a actuator in the vertical direction and a error sensor
in the axial direction at position. Measurements were taken both for setup 1 and
setup 2.
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Figure 19: The coherence for the measurement in ﬁgure 18
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Impulse responce from actuator 7 to error sensor 7
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Figure 20: The impulse response between the actuator in the axial direction and
the error sensor in the axial direction. The impulse response was calculated from
the FRF measurements both for setup 1 and setup 2.
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Figure 21: The impulse response between the actuator at position 2 in the vertical
direction and the error sensor in the axial direction
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only the rigid body modes are taken into account. The 12 natural frequencies are
present since the engine mount is a two-degree-of-freedom system where one mass
is the intermediate mass and the other mass is the engine. In table 2, the natural
frequencies are presented, but all the rigid body modes could not be determined
from the measured data, and these are marked with N/A.
Conﬁguration

Vertical
[dB]
Submarine Measurement
-45
Test Rig as setup 1
-19
Test Rig as setup 2
-40

Lateral Axial
[dB]
[dB]
-50
-50
-11
-12
-45
-50

Table 1: The overall inertance level for the three conﬁgurations examined.

Conﬁguration

TR as setup 1
[Hz]
Translation along vertical-axis
16.3
Rotation about lateral -axis
6.1
Rotation about axial-axis
22.3
Rotation about axial-axis
40.1
Rotation about lateral -axis
13.2
Translation along vertical-axis
44.0
Rotation about vertical-axis
6.0
Translation along lateral -axis
N/A
Translation along axial-axis
N/A
Rotation about vertical-axis
14.4
Translation along lateral -axis
N/A
Translation along axial-axis
N/A

TR as setup 2 Submarine
[Hz]
[Hz]
15.5
N/A
24.0
N/A
27.5
N/A
33.8
31.0
40.6
38.3
47.8
40.0
7.1
N/A
15.6
N/A
16.3
17.3
17.8
15.3
24.4
N/A
28.0
N/A

Table 2: The Natural frequencies (rigid body modes) for the three conﬁgurations.
N/A=no data available.

The second set of inertance measurements was taken with the test rig reconﬁgured for setup 2. This measurement is presented in detail in [7]. During these
measurements the actuators were mounted on the intermediate mass. Therefore,
the inertances plotted are for the mechanical system in total containing both the
test rig and the actuators. This is important to note, since the actuators can not
just be treated as an extra mass load, since their mass is attached to the structure
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Figure 22: The point inertance in the vertical direction of the test rig conﬁgured
as setup 1 with no actuators attached to the intermediate mass

via a spring. Figs. 25 to 27 show the point inertance for the three translational
directions of motion of the intermediate mass. The resonance frequencies at 85 and
97 Hz are likely to originate from the actuators and bolt system.
The conclusion from the inertance measurements undertaken using setup 2 is
that the overall stiﬀness for setup 2 is in the same range as the mount stiﬀness in
the submarine installation, while the natural frequencies, of the rigid body modes,
match even better. Therefore, the physical properties of the test rig conﬁgured as
setup 2 may be considered to closely resemble the properties measured on the inservice installation. Hence, the results from the active vibration trials are certainly
representative of the actual results that would be obtained in an actual submarine
installation.

Magnitude [dB re 1 m/s2/N]
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Figure 23: The point inertance in the lateral direction of the test rig conﬁgured as
setup 1 with no actuators attached to the intermediate mass.
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Figure 24: The point inertance in the axial direction of the test rig conﬁgured as
setup 1 with no actuators attached to the intermediate mass.
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Point inertance, vertical direction
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Figure 25: The point inertance in the vertical direction of the test rig conﬁgured
as setup 2 with all seven actuators attached to the intermediate mass.
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Figure 26: The point inertance in the lateral direction of the test rig conﬁgured as
setup 2 with all seven actuators attached to the intermediate mass.
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Point inertance, axial direction
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Figure 27: The point inertance in the axial direction of the test rig conﬁgured as
setup 2 with all seven actuators attached to the intermediate mass.

4.2

The Placement of Actuators and Error Sensors

As discussed in the previous report [1], the intermediate mass moves in all six
degrees of freedom, although vibration levels for some degrees of freedom dominate.
To control all six degrees of freedom, seven actuators and seven error sensors were
used: 4 in the vertical direction, 2 in the lateral direction and 1 in the axial
direction. The four actuators/sensors in the vertical direction deal with the vertical
motion and rotation in the axial and lateral directions. The two actuators/sensors
in the lateral direction counteract the lateral motion and the rotational motion
about the vertical axis. Finally, the actuator in the axial direction only targets
motion in that direction.

4.3

The Controller

The controller used for the experiments on the test rig was a feedforward ﬁltered
X-LMS controller, called the EZ-ANC II. It is a commercial product available
from Causal Systems. The software interface, which allows the user to set up the
controller and upload parameters during runtime, runs on a PC and communicates
over the RS232 port. The system can handle 9 input channels and 9 output channels
if one reference signal is used. In this application, a maximum of 7 input/outputs

198

Part V

Figure 28: The controller and the PC running the user interface. Two HP analyzers
were used to monitor the real-time attenuation

were used. The sampling frequency can be chosen from a range of predeﬁned
discrete values. Usually, a good initial set-up in active control is to choose the
sample rate to be between 8 and 40 times the frequency of interest, i.e. in this case
approximately 500 Hz. The controller has limitations and when using 7 outputs, the
controller has a maximum of 145 taps in the FIR ﬁlter modelling the forward path.
As the impulse response of the system is slightly longer than 145/500 seonds, the
sampling frequency was lowered to 295 Hz in order to to span most of the impulse
response. Each input/output channel has provision for the signal to be ﬁltered
both with a low pass and a high pass ﬁlter, a valuable property when working with
inertial actuators. The resonance frequencies of the actuators were determined
to be approximately 18 Hz, therefore the high pass ﬁlter cut-oﬀ frequency was
set to 20 Hz. The low pass ﬁlter cut-oﬀ frequency was set to 70 Hz, so that the
control energy was concentrated in the frequency range of interest. During all the
experiments, the cancellation path impulse response was estimated oﬀ-line using
random noise with the primary source switched oﬀ, even though the controller
handles on-line estimation as well. A picture of the controller, the computer running
the software interface and two frequency analysers used for monitoring the various
system outputs is shown in Fig. 28.
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The Results

Here, results obtained using the two experimental set-ups, denoted setup 1 and
setup 2, are provided. The main purpose of the work was to ﬁnd out if the new
actuators could maintain control stability at the actual vibration levels that were
measured on board the submarine, [1]. The primary excitation force was therefore
changed from seven small inertial mass actuators to a Ling Dynamic System 409
shaker in order to provide more realistic acceleration levels. This shaker has a
mass/spring resonance frequency of approximately 30 Hz. Since only a single shaker
of that size was available, it was diﬃcult to obtain realistic vibration levels in all
three directions. The main focus was put into the vertical direction and therefore
less accuracy in the relative acceleration levels between the diﬀerent directions was
now accepted, in contrast to previous experiments. The shaker was attached to the
top plate in an oﬀ-centre position and at a 15 degree angle. The excitation signal
consisted of three tonal components corresponding to the 1st , 1.5th and 2nd order
of the engine harmonics at an assumed engine speed of 1400 r.p.m.
Diﬀerent control set-ups were evaluated to see whether it was possible to use
fewer actuators on each intermediate mass. It was of interest to determine whether
reasonable results could be achieved with only 4 actuators. If a whole engine
should be equipped with an active system, this would imply that 24 actuators
less would be needed. Similarly, it was of interest to determine whether there
was really a need for seven error sensors. If the active system could be shrunk
down to a 4 × 4 system for each intermediate mass, this would mean a total of
32 actuators and 32 error sensors for an entire engine, in contrast to 56 actuators
and 56 error sensors if all seven degrees of freedom were considered. This would
of course reduce implementation costs as well as installation costs. It is of utmost
importance to mention that whatever eﬀect that this reduction in hardware has
on the vibrations of the intermediate mass, it still has an unknown eﬀect on the
acoustic proﬁle of the submarine. Therefore, the ﬁrst engine to be equipped with
an active system still needs all the 56 actuators. An installation with four actuators
and four error sensors working in the vertical direction would be quite similar to the
installation with the tuned vibration absorbers except that the active system can
track frequency changes(rpm variations). With that in mind the following active
set-ups were considered.
• 7x7 system: This is the most complex system, where the kinetic energy is
minimized in all six degrees of freedom. For the ﬁrst trials on an actual
submarine system, this would be the system to be installed.
• 6x6 system: This is probably the case that ultimately will be preferred on
the submarine, if possible, since the vibration level in the axial direction is
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15-20 dB lower than in the vertical and lateral directions. Therefore, it is
most likely that the actuators working in the axial direction can be omitted.
• 4x4 system: In this case only the 4 top actuators and the top four error
sensors were used. This would be the simplest case for an actual submarine
installation, with all the actuators very easy to mount and at the same time
well positioned in terms of interference with the surrounding environment.
• 4x7 system: This is a variant where 4 actuators and 7 error sensors are used.
Here the top 4 actuators are used, with similar advantages as for the 4x4
system. Compared to the 4x4 system, an additional 3 error sensor set is used
here, enabling the same error sensor conﬁguration as for the 7x7 system. It
is of interest to know by how much the total vibration reduction could be
improved adding the three extra error sensors.
During the experiments presented throughout this report, oﬀ-line modelling of
the forward path was used. Two of the parameters were varied in the algorithm
during run-time, the convergence factor, denoted µ, and the leakage factor denoted
γ. The algorithm is based on a convergence factor that is normalized to the total
input energy. The convergence factor was set in the range from 0.01 to 0.05 in
order to obtain fast and robust convergence of the algorithm. The leakage factor
did not have a crucial eﬀect and was set to 0.001 during all the experiments.

5.1

The 7x7 System

For this case, the controller was set up to minimize the vibrations of the intermediate mass in all the six degrees of freedom. Since the controller criteria is to
minimize the sum of the squared error signals, the controller will try to put most
of its eﬀort in minimizing the largest error signals, since these signals contribute
most to the total error. In order for the controller to put some more eﬀort into
the directions where there are lower levels of acceleration, the error signals from
these accelerometers must be ampliﬁed. An ampliﬁcation of 20 dB was applied to
the error signal in the axial direction, since the acceleration level in this direction
is small in comparison to the acceleration in the vertical direction. Figs. 29 to 32
show the attenuation of the three engine harmonics, located at 24, 36 and 48 Hz
with the test rig conﬁgured as setup 1, while Figs. 33 to 36 refer to setup 2. The
results are in general promising, with good attenuation in all three directions. The
attenuations illustrated in Figs. 29 to 36 are summarised in table 5.1 and 4 for
setup 1 and setup 2 respectively.
Setup 1 has very good attenuation for the 1st and 1.5th harmonic, while the
second harmonic at 48 Hz seems to be slightly more diﬃcult to handle, only allowing
a reduction in the vibration level of approximately 12 dB. This was also found in
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Position
Vertical
Lateral
Axial
Monitor

1st Harmonic
[dB]
31
29
15
16

1.5th Harmonic
[dB]
38
21
13
12
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2nd Harmonic
[dB]
17
9
12
11

Table 3: The attenuation of the three engine harmonics of interest for setup 1.

Position
Vertical
Lateral
Axial
Monitor

1st Harmonic 1.5th
[dB]
14
19
13
2

Harmonic
[dB]
29
11
9
13

2nd Harmonic
[dB]
38
12
4
16

Table 4: The attenuation of the three engine harmonics of interest for setup 2.

previous experiments presented in [1], so this is probably associated to the physical
properties of the test rig. For setup 2, where the stiﬀness of the test rig had
been increased, the outcome was diﬀerent. Here the 1st harmonic, at 24Hz, is the
hardest to control. The acceleration level at the bottom plate(the hull) for the
2nd harmonic has also increased, compared to the other harmonics, which indicates
that the mobility of the test rig in moving from setup 1 to setup 2 has decreased
for this particular frequency. The actual vibration level for setup 1 is higher than
that measured on the submarine, [1], but for setup 2 the level had to be reduced
by approximately 3-5 dB, since the primary shaker was starting to over heat and
could deliver no more force. As can be seen in the tables 5.1 and 4, the attenuation
for setup 2 in the axial direction is lower than for setup 1, since the ampliﬁcation
of the corresponding error signal was decreased by 6 dB making the controller less
sensitive in this direction. The decrease of the error signal had to occur because the
acceleration level of the harmonics had decreased 15-20 dB in the axial direction
due to the stiﬀness change. The controller can only attenuate the tonal components
down to the noise ﬂoor, below that the error signal becomes uncorrelated with the
reference signal. Therefore, if the gain would have been left unchanged, a lot of
noise would have been fed into the controller, and the controller would be less
stable and less robust.
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Acceleration at error sensor nr. 1 (vertical), 7x7 system, setup_1
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Figure 29: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 1 in the vertical direction with the test rig
conﬁgured as setup 1.
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Figure 30: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 5 in the lateral direction with the test rig
conﬁgured as setup 1.
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Acceleration at error sensor nr. 7 (axial), 7x7 system, setup_1
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Figure 31: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 7 in the axial direction with the test rig
conﬁgured as setup 1.
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Figure 32: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at monitor sensor no. 1 in the vertical direction, placed on the
bottom plate(which should represent the hull). The test rig conﬁgured as setup 1.
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Acceleration at error sensor nr. 1 (vertical), 7x7 system, setup_2
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Figure 33: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 1 in the vertical direction with the test rig
conﬁgured as setup 2.
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Figure 34: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 5 in the lateral direction with the test rig
conﬁgured as setup 2.
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Acceleration at error sensor nr. 7 (axial), 7x7 system, setup_2
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Figure 35: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 7 in the axial direction with the test rig
conﬁgured as setup 2.
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Figure 36: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at monitor sensor no. 1 in the vertical direction, placed on the
bottom plate(which should represent the hull). The test rig conﬁgured as setup 2.
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The 6x6 System

For this case, the controller is set up to deal with ﬁve degrees of freedom. The
direction that is omitted is the movement in the axial direction. As could be
observed from result plots, the vibration level in the axial direction is approximately
15-20 dB lower than in the vertical direction, which is also the case on board the
actual submarine. For the vibratory energy of the intermediate mass, the axial
direction makes a very small contribution to the total. Therefore the actuator in
this direction can be omitted with almost no loss in performance in terms of overall
vibration of the intermediate mass, although it cannot be certain that the same
conclusion could be drawn for transmission through the hull into the water.
Figures 37 to 40 show the attenuation in the frequency range from 0-100 Hz
with the test rig conﬁgured as setup 1 while Figs. 41 to 44 show the attenuation
with the test rig conﬁgured as setup 2. The attenuations shown in Figs. 37 to 44
are summarised in table 5.2 and 6 for setup 1 and setup 2 respectively.
Position
Vertical
Lateral
Axial
Monitor

1st Harmonic
[dB]
30
16
+-0
28

1.5th Harmonic 2nd Harmonic
[dB]
[dB]
42
22
40
16
-6
2
19
5

Table 5: The attenuation of the three engine harmonics of interest for setup 1.

Position
Vertical
Lateral
Axial
Monitor

1st Harmonic
[dB]
22
17
-22
3

1.5th Harmonic
[dB]
31
20
-15
21

2nd Harmonic
[dB]
44
16
-6
16

Table 6: The attenuation of the three engine harmonics of interest for setup 2.
For setup 1 the active system exhibits signiﬁcant attenuation in the vertical and
lateral directions, while the axial direction is almost left unaﬀected. Ideally, this
would be the case if the motion in all the three directions were totally uncoupled.
The attenuation is also slightly higher in the active directions(the directions where
the active system is active, i.e. the vertical and lateral ) than for the 7x7 system.
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Figure 37: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 4 in the vertical direction with the test rig
conﬁgured as setup1 .

This is obvious, since the controller can now put all its eﬀort in the active directions,
thereby ignoring the axial direction.
The reduction in vibration level on the bottom plate has also decreased, as
compared to the 7x7 system. A clear connection between the vibration level in the
vertical direction of the intermediate mass and the bottom plate(hull) has therefore
been established, which is in accordance with what one could expect.
The results for setup 2 show similar behaviour as for setup 1, with even greater
attenuation in the active directions. However, for the axial direction there is an
increase in the vibration level. The conclusion that may be drawn is that the
three directions x,y and z are not fully uncoupled and that movement in one of
the directions will lead to increased or decreased movement in other directions.
How this increase in acceleration level in the axial direction will aﬀect the acoustic
proﬁle is almost impossible to predict from these experiments.
The vibration reductions achieved with the 6x6 system exhibit similar characteristics to the 7x7 system; setup 1 has diﬃculties with the 2nd harmonic while
setup 2 does not. This behaviour indicates that the inability to attenuate one harmonic as much as another is a consequence of the physical properties of the test
rig, rather than the properties of the actuators, sensors or the controller.

208

Part V

Acceleration at error sensor nr. 1 (lateral), 6x6 system, setup_1
−20
ANC OFF
ANC ON
2 2

Power spectrum [dB rel. 1 (m/s ) ]

−30
−40
−50
−60
−70
−80
−90
0

20

40
60
Frequency [Hz]

80

100

Figure 38: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 5 in the lateral direction with the test rig
conﬁgured as setup1 .
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Figure 39: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 7 in the axial direction with the test rig
conﬁgured as setup1 .
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Figure 40: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig conﬁgured as
setup 1.
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Figure 41: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 4 in the vertical direction with the test rig
conﬁgured as setup1 .
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Acceleration at error sensor nr. 5 (lateral), 6x6 system, setup_2
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Figure 42: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 5 in the lateral direction with the test rig
conﬁgured as setup2 .
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Figure 43: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 7 in the axial direction with the test rig
conﬁgured as setup2 .
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Figure 44: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig conﬁgured as
setup 1.

5.3

The 4x4 System

With the system set-up as a 4x4 system, only the top four actuators and error
sensors are used. In this way the active system only controls the acceleration in
the vertical direction, and the rotation in the axial and lateral directions. As the
results will show, this control system clearly aﬀects the acceleration in the other
directions as well. Figures 45 to 48 represent data from test-runs with setup 1.
These Figs. show the acceleration in the three translational directions of motion
of the intermediate mass and the acceleration at the bottom plate in the vertical
direction. Figs. 49 to 52 represent data from experiments with the active system
working on setup 2, where the acceleration is measured in the same positions as
for setup 1.
The attenuations shown in Figs. 45 to 52 are summarised in table 7 and 8 for
setup 1 and setup 2 respectively.
With only the actuators in the vertical direction working, there is still a high
attenuation in that direction and a substantial change in vibration levels in the
other directions as well. Once again this illustrates that the three directions are
not uncoupled. For setup 1 there is almost no attenuation in the lateral direction
in the mean over the three harmonics, while in the axial direction the attenuation
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Position
Vertical
Lateral
Axial
Monitor

1st Harmonic
[dB]
33
-3
5
31

1.5th Harmonic 2nd Harmonic
[dB]
[dB]
46
12
10
-2
10
20
26
3

Table 7: The attenuation of the three engine harmonics of interest for setup 1.

Position
Vertical
Lateral
Axial
Monitor

1st Harmonic
[dB]
18
13
-25
3

1.5th Harmonic
[dB]
31
5
-25
17

2nd Harmonic
[dB]
39
6
-3
13

Table 8: The attenuation of the three engine harmonics of interest for setup 2.

is quite satisfactory. For setup 2 there is a substantial reduction in the vibration
levels in the lateral direction, which is a bit surprising. In the axial direction
there is a signiﬁcant increase in the vibration level, especially for the 1st and 1.5th
harmonic. There is a signiﬁcant reduction in hardware cost by reducing the number
of actuators and error sensors, but as demonstrated, there is also a risk leaving some
vibration directions uncontrolled.
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Figure 45: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 1 in the vertical direction with the test rig
conﬁgured as setup 1.
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Figure 46: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 5 in the lateral direction with the test rig
conﬁgured as setup 1.

214

Part V

Acceleration at error sensor nr. 7 (axial), 4x4 system, setup_1
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Figure 47: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 7 in the axial direction with the test rig
conﬁgured as setup 1.
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Figure 48: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig conﬁgured as
setup 1.
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Figure 49: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 1 in the vertical direction with the test rig
conﬁgured as setup 2.
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Figure 50: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 5 in the lateral direction with the test rig
conﬁgured as setup 2.
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Acceleration at sensor nr. 7 (axial), 4x4 system, setup_2
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Figure 51: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 7 in the axial direction with the test rig
conﬁgured as setup 2.
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Figure 52: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig conﬁgured as
setup 2.
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The 4x7 System

For the case of the 4x4 controller, the directions that were not targeted by the
control system, i.e. the lateral and axial directions, were still aﬀected when the
controller was switched on. Some positions exhibited an increased vibration level
while other positions showed a reduction in the harmonics of interest. Apparently,
thus, the actuators are capable of producing vibratory energy in directions other
than along their axis, even though this action is not very ineﬀective. Thus it was
decided to test a system with 4 actuators acting in the vertical direction and 7
error sensors to sense all six degree of freedom of the intermediate mass. It may
be expected that this system would exchange some performance in the vertical
direction in order to obtain a more robust system for the other two directions.
This system would still have the advantage of using only four of the expensive
actuators. This ﬁnal conﬁguration was only used with setup 2. Figs. 53 to 56
show the attenuation of the three engine harmonics, in the diﬀerent directions. The
attenuation of the corresponding frequencies, from Figs. 53 to 56, are summarised
in table 9.
Position
Vertical
Lateral
Axial
Monitor

1st Harmonic 1.5th
[dB]
10
3
-13
3

Harmonic
[dB]
29
10
-21
16

2nd Harmonic
[dB]
26
16
-1
11

Table 9: The attenuation of the three engine harmonics of interest for setup 2.

If the results in table 9 are compared with the results obtained with the 4x4
system, see table 8, a small, but still notable, increase in performance in the lateral
and axial directions for the 4x7 system can be seen. The ampliﬁcation of the
vibration level in the axial direction is still unacceptably high. Attenuation in the
vertical direction was traded against attenuation in the lateral and axial direction.
It is questionable whether the slight increase in performance in the lateral directions
can justify the increase in hardware cost.
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Figure 53: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 1 in the vertical direction with the test rig
conﬁgured as setup 2.

Acceleration at error sensor nr. 5 (lateral), 4x7 system, setup_2
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Figure 54: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 5 in the lateral direction with the test rig
conﬁgured as setup 2.
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Acceleration at error sensor nr. 7 (axial), 4x7 system, setup_2
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Figure 55: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at error sensor no. 7 in the axial direction with the test rig
conﬁgured as setup 2.
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Figure 56: Acceleration levels with the active system switched on/oﬀ. The acceleration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig conﬁgured as
setup 2.
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Power Consumption by the Actuators

The amount of electrical power consumed by each actuator in the active vibration
system is of importance and it is directly related to the work load of each actuator. It is also important to know if the actuators used in our experimental work
would be suﬃciently powerful to handle the vibration levels measured on board
the submarine. To be able to determine this, the coil currents were measured with
the actuators in operation for both set-ups. The maximum current that the actuators can withstand is approximately 16A without cooling and 20A with cooling,
according to their speciﬁcation. The current through the coil is proportional to
the output force produced. If an actuator consumes 4A it delivers 25% of its maximum force. The current was measured with a digital clamp ampere meter during
a period of time when the algorithm had converged and was running at a steady
state. Table 10 gives the rms value of the actuator current for the seven actuators
when the setup was conﬁgured as a 7x7 system and table 10 shows the rms value
of the current for the 4x4 system.
setup 1 setup 2
Position
[A]
[A]
Vertical A
3.84
4.76
Vertical B
2.30
2.70
Vertical C
4.20
4.96
Vertical D
2.63
3.21
Lateral E
1.40
1.86
Lateral F
1.82
1.45
Axial G
0.94
1.23
Table 10: The current consumed by the diﬀerent actuators when the controller was
set up as a 7x7 system.

setup 1 setup 2
Position
[A]
[A]
Vertical A
3.20
4.03
Vertical B
2.91
2.11
Vertical C
2.64
4.82
Vertical D
2.80
3.60
Table 11: The current consumed by the diﬀerent actuators when the controller was
set up as a 4x4 system.
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Table 10 and 11 both indicated that setup 1 consumes somewhat less power
than setup 2. This is explained with the increase in stiﬀness and the static load
being added. For the case with the 7x7 system, the currents in the lateral and axial
directions are smaller than for the vertical direction, but that merely reﬂects the
vibration levels existing in the diﬀerent directions. An interesting observation is
that for setup 2, which is almost running at the true vibration levels measured on
the submarine, the actuators are only running at 25% of their maximum capacity.
Thus it can be concluded that the existing actuators are suﬃciently powerful in
terms of output force for an actual submarine installation.
If an average impedance ﬁgure of 1 ohm is assumed and it is assumed that the
voltage and current are in phase (the worst case), then for a 7x7 system each mount
will consume about 70W of electrical power, according to equation 22.
Pmount =

7


ZE ∗ i2k

(22)

k=1

This would translate into a maximum of approximately 2kW for an entire submarine (24 mounts).

6

Summary and Conclusions

This report shows the feasibility of using active vibration control to attenuate
the vibrations of the intermediate mass on a two-stage passive isolation mount
used on the Collins Class submarines. It is expected that if the vibrations of the
intermediate mass are reduced, the vibratory energy transmitted from the engines
to the hull and then radiated into the water would also decrease. To evaluate
the feasibility of using an active system, a complete engine mount was built with
the same physical properties as a mount on a real submarine. The intermediate
mass was equipped with seven actuators and seven error sensors, thus enabling
control in all six degrees of freedom. Inertial actuators were used to generate the
control forces and accelerometers were used to provide controller error signals and a
measure of the control system performance. A reduction in the acceleration level of
the engine harmonics transmitted through the engine mounts will result in a similar
reduction in the portion of the acoustic signature attributable to this path. The
newly acquired actuators used for the tests described in this report allowed control
of levels of vibration that were similar to those measured on an actual submarine.
The controller used a standard feedforward LMS-algorithm to minimize the kinetic
energy at the error sensors.
Control was directed at the lowest three engine harmonics: the 1st , 1.5th and
nd
2 orders. The primary vibrations were created using a large electrodynamic
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shaker and the signal driving this shaker was also used as a reference signal for the
feed-forward control system. Two diﬀerent experimental set-ups of the complete
engine mount were evaluated. The ﬁrst set-up was the same as used in the previous
experiments, where the engine mount was made softer than a real installation on the
submarines and was used to verify earlier results obtained using low-cost actuators
and also to demonstrate the advantage of the new more powerful actuators. The
second set-up was representative of the mount stiﬀness and the engine static load
on an actual submarine. This conﬁguration was almost identical to the submarine
installation, which was reﬂected in the inertance measurements.
Experimental results showed that for the ﬁrst setup, [1], it was diﬃcult to
achieve good attenuation for the second harmonic, as reported in the earlier work
with the low-cost actuators. Therefore, it may be concluded that this diﬃculty
originates from the physical properties of the engine mount. In the second setup,
the frequencies corresponding to the 1.5th and 2nd engine orders were now the
dominant harmonics tones transmitted through the engine mount to the bottom
plate. This is also in agreement real submarine data. For the second setup, the
active vibration control system performed quite well for the 1.5th and 2nd as well
as the 1.0 engine order with attenuations achieved as high as 30 dB.
Diﬀerent combinations of actuators and error sensors were evaluated in order to
examine the possibility of decreasing the number of actuators used. Each engine is
supported by eight engine mounts and each submarine is equipped with three engines which adds up to 162 actuators. This would be a signiﬁcant cost in hardware
and maintenance in a real submarine installation.
The real-time experiments demonstrated that an active system conﬁgured with
seven actuators and seven error sensors, i.e. control in all six degrees of freedom,
yields overall attenuations of 18.2 dB, 25.9 dB and 29.9 dB for frequencies corresponding to the 1st , 1.5th and 2nd orders, respectively. If the system was reduced
further to only four actuators and four error sensors in the vertical direction, this
would yield an overall attenuation of 14.8 dB for the 1st harmonic, 20.7 dB for the
1.5th harmonic and ﬁnally 21.6 dB for the 2nd harmonic.
It was also shown that the actuators used for the experimental work can produce
the force necessary for a real submarine installation and that they are suﬃciently
small to be able to be installed in the current engine mount installations on board
the Collins Class submarine. Additionally, it should also be mentioned that the
actuators will work as tuned vibration absorbers if the active system is switched
oﬀ, since the inertial actuators used here are only a mass connected to the structure
via a spring. The resonance frequency is tuned to be just below the ﬁrst engine
order with a quite low Q-value enabling the actuator to produce a moderate force
over a wider frequency range.
Active vibration control of the intermediate mass has been shown to be feasible
with high levels of attenuation achieved for the engine orders of interest, resulting
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in signiﬁcant levels of reduction in the vibrations transmitted to the hull. This will
reduce the acoustic signature resulting from the transmission path by the same
amount. The signiﬁcance of this transmission path in terms of its contribution to
the total signature will require experimental data from an actual submarine.
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