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Abstract

Submarine manufacturers invest considerable effort and money in improving the
attenuation of noise radiated by submarines into the water. A number of different
noise sources contribute to the total acoustic signature on an advanced submarine,
such as the Collins Class. This report focuses on the problem associated with low
order harmonics generated by the main diesel engines, transmitted through the en-
gine mounts into the hull, and subsequently radiating into the water. The diesel
engine mount consists of a two stage isolation system with a large intermediate
mass, weighing approximately 500 kg. Each engine is attached to the hull by eight
mounts. The main intention of the work described here is to experimentally in-
vestigate the use of active vibration control to minimize the vibratory energy of
the intermediate mass in all six degrees of freedom, thereby also minimizing the
vibratory energy transmitted to the hull. This approach involves the use of seven
inertial actuators, mounted on the intermediate mass, to produce the cancelling
vibration field. A test rig, similar to one of the diesel engine mounts on the actual
submarine, was constructed in the laboratory at The University of Adelaide and
used for the real-time active control experiments described here. Several different
set-ups were evaluated using primary vibrations with the same absolute levels and
frequency content as measured on board a Collins class submarine. The controller
used in the real-time experiments is based on the filtered X-LMS algorithm, which
is a feed-forward algorithm working in the time domain.

It is demonstrated here that active vibration control of the intermediate mass
of the existing diesel engine mounts is a practical way of reducing the 1.0, 1.5 and
2.0 engine order components in the noise spectrum radiated as a result of vibration
transmission through the engine mounts.
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Chapter 1

Introduction

As today’s submarines continually evolve, there is an increasing demand for even
quieter radiated noise signatures. The term quiet, in submarine applications, means
radiating a low level acoustic signature, with random characteristics, which is usu-
ally measured at some distance away from the submarine using a sonar array. This
is important both for attack submarines, such as the Collins Class operating in
Australian waters, but also for smaller surveillance submarines, such as the Got-
land Class submarines which operate in Swedish waters. Both these submarine
models were designed by Kockums Submarines AB while the first-mentioned was
built by the Australian Submarine Corporation. As submarines are very expensive
to construct and maintain, they usually have a very long period of operational use,
during which time continuous upgrades are undertaken. An upgrade that is always
desirable is the reduction of sound radiated from the submarine; in other words a re-
duction of the detectability of its acoustic signature. Other desirable improvements
include upgrades of weapon systems, the sonar system, the tactical data handling
system and the weapons control system. The picture in figure 1.1 shows one of the
six Collins Class vessels manufactured in Australia.

There are many different noise sources on board an advanced submarine, such as
the Collins Class. This report addresses the problem of low order harmonics in the
acoustic signature, originating from the diesel engines and transmitted to the hull
through the engine mounts. There are other ways for the engine vibrations to reach
the water as well, for example through the exhaust system, which is also connected
to the hull. Traditionally, when engines are mounted on light and flexible structures,
passive engine mounts usually made of rubber or neoprene are used to reduce the
transmission of vibratory energy from the engine to the supporting structure. In the
case of the Collins Class, a two-stage isolation system with an intermediate mass is
used.

In the design of rubber isolators, there is a trade-off between making them suf-
ficiently soft to adequately attenuate the low frequency vibrations and on the other
hand making them sufficiently stiff to assure support stability of the equipment.
One feasible approach is to complement the passive isolators with an active vibra-
tion isolation system to reduce even further the level of vibration transmission and
this is the subject of the work described in this report. The are a number of ad-
vantages in using such a hybrid (passive/active vibration control) system. First,
the passive system can be designed to be stiffer to ensure support stability while
the active system can be used to attenuate the low frequency vibrations. Second,
if the active system should malfunction for some reason, the passive system would
still offer substantial isolation, especially at higher frequencies. The active isolation
system also adapts to changes in the excitation frequencies originating from changes
in rpm of the engine, thereby maintaining high vibration attenuation over a wide

3



Figure 1.1: HMAS Collins running on the surface. The Collins has a range of 18400
kilometres running at 10 knots surfaced.

frequency range.
Another way to complement the passive isolation system is to use tuned vibration

absorbers. In this case each absorber handles only a narrow frequency interval
and a single direction. The tuned vibration absorbers would be attached to the
intermediate mass and work in a similar way as an active system would. Another
drawback with a tuned absorber is that if high attenuation is required, 20dB or so,
the frequency band in which the absorber operates becomes very small. Thus, a
small change in rpm will negate the benefit of the absorbers. It is also of outmost
importance that all tuned absorbers attacking the same harmonic are tuned to the
same resonance frequency. Achieving this could be a problem for low cost absorbers
with high attenuation.

The advantage of using tuned absorbers over a fully active system is that a
tuned absorber is much less complex to install and maintain than an active vi-
bration isolation system. In addition, the tuned absorber is less expensive and it
does not require any power supply. Tests have been undertaken by DSTO on a
submarine equipped with tuned vibration absorbers on one of the diesel engines.
In service sonar measurements were conducted, with the engines running on and
off the tuned rpm. The data have not been made available to the authors of this
report. However, if the attenuation of the lower order engine harmonics observed
in the acoustic signature is substantial, this will imply that the sound radiated
from the engine really is mainly transmitted through the engine mounts into the
water via the hull. If the attenuation due to the absorbers is not substantial, then
this does not necessarily mean that the signature is not dominated by vibratory
energy transmitted through the engine mounts. This is because the absorbers only
attack translational vibration along a single axis. It has been well documented in
the literature, and has also been demonstrated in our laboratory experiments, that
vibration transmission through isolation systems can be dominated by rotational
motion of the isolated mass as well as translational motion in directions normal to
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the isolator axis. Our active system targets vibration reduction in all translational
and rotational directions and so is likely to offer much enhanced performance over
the use of single-axis tuned absorbers in terms of acoustic signature reduction. If it
is demonstrated that the tuned absorbers are sufficiently effective at their tuned fre-
quency, then this could indicate that the vibration transmission through the mount
is dominated by vibration along the axis targeted by the absorber. In this case a
semi-active system could be used to adjust the tuning of the absorber so that its
optimum frequency tracks the engine speed, thus allowing high performance to be
achieved over a wide operating range.

In the current Collins Class submarines, each diesel engine is supported by eight
two-stage mounts, allowing independent control of each mount, which would signif-
icantly reduce the complexity of the active control system required. To implement
the active system, the intermediate mass would be equipped with seven actuators
and seven error sensors in order to reduce the vibration in all six degrees of free-
dom, assuming, quite validly, that the intermediate mass only moves in rigid body
modes in the frequency range of interest. An alternative to this approach would
be to attach the actuators directly to the hull at the diesel engine mount locations.
The error sensors would then have to be positioned all over the hull, which would
require several hundred accelerometers. Such a control system would be much more
complicated than that proposed here, since all actuators would affect all error sen-
sors and the system would therefore suffer from stability and convergence problems.
Thus this type of configuration is not considered further.

Prior research, [1] has already shown that it is possible to attenuate lower order
diesel engine harmonics transmitted through the intermediate mass by using active
vibration isolation techniques. Results obtained in these experiments, show that
the attenuation of the three harmonics causing problems; namely, the 1st, 1.5th and
2nd was approximately 20 dB for the first two mentioned and approximately 10 dB
for the 2nd harmonic, summed over all six degrees of freedom. In these experiments
both kinetic energy control as well as modal control were investigated. Both con-
trol methods resulted in significant vibration attenuation. The kinetic controller
minimizes the squared sum of the acceleration over all the error sensors, while for
the modal controller, the error sensor outputs are combined to provide modal infor-
mation to each controller channel, so that the controller can specifically target the
independent control of each of the six rigid body modes of the intermediate mass.
The results presented in this report are from real experiments on a test rig, which
is a good model of one of the diesel engine mounts on the submarine, with only a
few minor differences.

The work presented in this report is a continuation of the work done in [1],
except that for the current work the original inertial actuators have been upgraded
to much more powerful ones, enabling the test rig to work with a primary vibration
field that matches, in terms of absolute level, the field measured on-board the actual
submarine. The test rig was also modified to match an in-service installation. A
static load, representing the diesel engine, was also added at the top of the engine
mount in order to get the right total stiffness of the mount in the frequency range
of interest.
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Chapter 2

The Engine Installations

Each Collins Class submarine is equipped with three eighteen-cylinder, four-stroke,
turbo-charged diesel engines of Hedemora/Garden Island type V18B. To each engine
a generator is attached, which delivers 1400kW at 440V DC. The propulsion power
and additional power are taken out of the battery reserve using switched transistor
techniques. The main electrical motor is a water cooled DC shunt, double armature
motor with a rated power of 5250 kW. The diesel engines have a 900 V configuration,
with con rods side-by-side on shared crank pins. It is understood that the primary
forces are fully balanced, although there is a small, unbalanced primary moment,
due to the side-by-side configuration of the con rods. The secondary forces cannot be
balanced without the addition of shafts running at twice the speed of the camshaft.
The engine is not equipped with balance shafts of this type, so the forces are applied
directly in full to the engine support. The engine is configured as three V6 engines,
with 120 degrees between the crank throws, and a rotation of 40 degrees after three
bays and again after 6 bays, in order to give an even firing for each bank. Figure 2.1
shows an overview of the entire engine set-up. Each engine/generator is supported
by eight engine mounts, each of which consists of a two-stage isolation system, with
rubber elements and a large intermediate mass. Each intermediate mass is assumed
to be uncoupled from the intermediate masses on the other surrounding mounts
and this is a good first order assumption considering that any cross-talk between
intermediate masses would be attenuated heavily by travelling through two sets of
isolators. The setup is identical for each of the three engine-generator sets.

Another approach, usually seen on smaller engines, is for the intermediate mass
to be a single unit, implemented as a cradle holding the entire engine. This type of
installation would be less expensive to treat from an active vibration control point
of view. However, the advantage with the setup on the Collins Class is that every
intermediate mass can be treated independently and that each intermediate mass
can only move in rigid body modes in the frequency range of interest. For the case
involving only a single, large intermediate mass, often a multitude of other modes
are generated resulting in a need for a larger number of actuators and error sensors,
although not as many as the 64 required if all eight mounts on the existing engine
are controlled. Also, the single intermediate mass would require larger actuators to
control its motion.

The total mass of the engine and generator is approximately 8000kg, so the
static load on each engine mount is approximately 1000 kg.

For each engine, basically two different types of mount, which differ in both
stiffness and size of the intermediate mass, are used. For the first four mounts, at 1
and 2 in figure 2.1 (only the left half of the engine mounts are shown in this view)
the intermediate mass weighs 499 kg, and for the other four, at 3 and 4, the weight
is 395 kg. The studies in this report focus on the mass of 499 kg, since control
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Figure 2.1: The engine and the generator, with the eight engine mounts on each
side of the engine, in total 16 mounts per engine

of the motion of this larger mass is considered to be more difficult from an active
vibration cancellation point of view.

Each engine mount consists primarily of six different components, as depicted
in more detail in figure 2.2. From the bottom up:

• The lower mounting plate. This plate is the connection between the engine
mount and the hull of the vessel and is therefore bolted to the hull. The
thickness of this plate is 10 mm.

• The lower rubber elements. The rubber elements between the bottom plate
and the intermediate mass.

• The lower part of the intermediate mass. The intermediate mass is divided
into two pieces, in order for the bolts to pass through the lower part and
attach the lower rubber elements. The dimensions of this metal block are
80x710x510 mm.

• The upper part of the intermediate mass. Bolts pass through this part to at-
tach the upper rubber elements. The two intermediate masses are then bolted
together with 16 M16 bolts. It is also assumed that the primary reason for
dividing the intermediate mass into two parts is to allow simple maintenance
inside the submarine. This part of the intermediate mass is the same size as
the lower one.

• The upper rubber elements. The height of the rubber elements is 100 mm,
with no static load. Once installed, and used over some years they are typically
compressed to a height of only 95 mm.

• The upper mounting plate. This plate is the link between the engine mount
and the engine itself.

The engine operating speeds varies over a range of approximately 100 rpm, with
the engine normally operating in the center of the range with a moderate variation
of ±20 rpm due to load changes and ageing. A view from the front of the engine is
shown in figure 2.2.
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Figure 2.2: The engine viewed from the front. Each engine mount is equipped with
a tuned absorber.

One of the submarines in service has each of its engine Mounts, or more specifi-
cally each intermediate mass, equipped with two tuned dampers, one on each side,
in order to reduce the first and 1.5 order harmonics of the engine vibration trans-
mitted to the intermediate mass. All other submarines have absorbers tuned to
only the first engine order. These tuned dampers employ a quite narrow resonance
peak, i.e high Q-number, at the steady-state rotational speed of 1400 rpm. How-
ever, during operation there are constant changes in rpm due to load variations and
operational requirements, which are almost impossible to compensate for manually.
This makes the tuned dampers less effective than at first thought and applying an
active system could be a feasible approach.

In order to optimise the performance of the tuned dampers the system needs
to be equipped with a constant-rpm regulator. However, it is assumed that even if
the engines could have a constant rpm regulating system it would not be capable of
holding the rpm sufficiently steady for the tuned absorbers to be optimally effective.

If actuators are placed on the intermediate masses, there are limitations on their
physical size. In the axial direction, sketched in figure 2.1, the longitudinal clearance
is 670 mm in front of the first intermediate mass, 50 mm between the first and second
intermediate mass, 190 mm between the second and third, 996 mm between the third
and the fourth and finally 217 mm after the fourth intermediate mass. The space
between the second and third intermediate mass cannot be used, since hydraulic
hoses connect to the engine in these positions. Further, in the lateral direction, there
is sufficient space to fit an actuator on the intermediate mass underneath the engine.
Here the problem is that it could be very difficult to get it into position, because
the space is not enough for a person to crawl under the engine. This is especially
critical for the second intermediate mass. The configuration of the rubber elements
imposes restrictions on the positions where the actuators can be mounted in the
vertical direction (z-direction). Figure 2.3 shows the configuration of the rubber
elements for the lower and upper part of the intermediate mass. This configuration
is only valid for the mounts with the intermediate mass of 499 kg. The 11 rubber
elements separating the intermediate mass from the engine are configured as five
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plus six rubber elements. In the centre, five are of type Resilient P471-T09 and the
remaining six are of type Resilient P471-T06. Finally, the 14 rubber elements that
separate the hull from the intermediate mass are all of type Resilient P471-T06.
The four free spaces marked A in figure 2.3 can be used for actuators. A restriction
is that the diameter of an actuator could not be more than 150 mm if a cylindrical
actuator is preferred.

To summarize, there are positions available in all directions for actuators, thus
enabling control in all six degrees of freedom. There are, however, quite significant
restrictions in the available space for the actuators working in the axial direction,
if they need to be mounted directly on the intermediate mass.

A

AA

A

(a) (b)

Figure 2.3: (a) The configuration of the rubber elements (a) between the engine
and the intermediate mass (b) between the intermediate mass and the hull

2.1 Directions and Positions

This section defines the directions and positions that are used for the measure-
ments and discussions throughout this report. Starting with the directions, they
are defined from an intermediate mass perspective. The vertical direction of mo-
tion corresponds to the intermediate mass moving up and down, while the lateral
direction corresponds to side to side movement or from port to starboard. Finally
the axial direction of motion corresponds to motion in the back and forward direc-
tion, or in naval terms, from stern to bow. The measurement points are all on the
intermediate mass except one on the hull in the vertical direction, which is referred
to as a monitor position. The positions on the intermediate mass are numbered 1
to 7 and shown in figure 2.4. Positions 1 to 4, 8 and 9 are in the vertical direction,
positions 5 to 6 in the lateral direction and positions 7,11 and 12 are in the axial
direction, respectively.
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Figure 2.4: The measurement positions on the intermediate mass
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Chapter 3

Actuators

The actuators, the error sensors and the control unit are the central components in
an active vibration isolation system. The actuators produce the secondary forces
acting on the structure to be controlled, while the error sensors measure the motion
to be minimized. It is important to have a good understanding of the actuators in
order to be able to tune them to fit a specific application. The resonance frequency
needs to be out of the operating frequency range, and at the same time, the force
response should be as flat as possible in the frequency region of interest. Power
amplifiers are used to drive the actuators, and these need to be correctly specified.
Therefore, some fundamentals regarding the use of electrodynamic shakers, and
especially inertial actuators are presented here. If electro dynamic shakers are used,
ordinary HiFi stereo amplifiers work well. The use of HiFi amplifiers ensures that
the total harmonic distortion, THD, is low, which is important in avoiding spillover
of energy into harmonics higher than those targeted by the active system. The
actuators used for the work described here are electrodynamic inertial actuators.
The advantage of using inertial actuators is that they only need to be attached to
the structure at a single point, thus enabling them to be connected in parallel with
the passive dampers. In this way the active system does not need to handle the
static load. Another advantage with this parallel actuator installation is that if the
active system malfunctions, or for some reason needs to be switched off, the passive
system still works.

The actuator consists of a fixed core to which is attached a cylindrical electrical
coil as shown in figure 3.1. The core is surrounded by a cylindrical mass in the form
of a tube, to which permanent magnets are attached on the inside. The movable
mass is supported by flexible mounts, one on each side. The mounts should be very
flexible in the vertical z-direction, but rigid in the x-y directions. The mass and the
flexible mounts will be denoted the mechanical system, which can be modelled as a
single-degree-of-freedom (SDOF)system. The core is made of an aluminium alloy to
maximize strength and lightness, and is surrounded by the coil, made with copper
wire. In order to get a high magnetic field in the air gap between the magnets
and the coil, the permanent magnets need to be as strong as possible and the air
gap as narrow as possible. Therefore a rare earth metal denoted Soma4 is used
to construct the permanent magnets. These magnets have a magnetic-flux density
that is almost four times as high as can be achieved using normal ferrite magnets.

3.1 The electrical System

The actuator transforms electrical power into mechanical motion. This is done by
driving a current through a coil present in a magnetic field. In this subsection the
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Figure 3.1: A sketch of the inertial actuator.

actuator is viewed from the electrical connections of the coil. Assuming that the
voltage across the coil is denoted e(t) and the current flowing through it is i(t),
the relationship between voltage and current in the coil can be described by the
following equation, [6].

e(t) = L
di

dt
+ Ri(t) + Cc

∫
i(t)dt (3.1)

where L, R and Cc are the inductance, resistance and capacitance of the coil re-
spectively. For sinusoidal input signals, equation 3.1 can be transformed into the
frequency domain, by using the jω-method as:

E(ω) = jwLI(ω) + RI(ω) +
1
jω

CcI(ω) (3.2)

The electrical impedance is thus given by:

ZE(ω) = jωL + R +
1
jω

Cc (3.3)

Once the coil is put into and interacts with the magnetic field, these simple relations
are no longer valid. The electrical impedance is now measured only when the
mechanical system is blocked, thus u(t) = 0, where u(t) is the velocity of the mass
with the magnets. Usually ZE is called the blocked electrical impedance. In order
to measure the blocked electrical impedance of the actuator, the best way is to
disassemble the actuator, by removing the mass with the permanent magnets.

If the actuator as a whole is considered, i.e. when the coil is surrounded by a
magnetic field. and a voltage is put across the coil, a current, i(t), starts to flow.
Ampere’s Law,[6] gives rise to a force, f(t), that will try to move the mass according
to:

f(t) = Bli(t) (3.4)
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Here B is the magnetic-flux density and since permanent magnets are used, the
magnetic-flux density is a constant. The effective length of the electrical conductor
that moves across the magnetic field is denoted by l. Conversely, if the mass were
to move up and down with a velocity, u(t), this would induce a voltage across the
coil according to:

e(t) = Blu(t) (3.5)

The voltage across the coil, with a current i(t), in a moving magnetic field with a
magnetic-flux density, B is given by:

E(ω) = ZE(ω)I(ω) + BlU(ω) (3.6)

The electrical impedance for the actuator, ZEtot
(ω) is now by given by:

ZEtot
(ω) =

E(ω)
I(ω)

= ZE(ω) +
BlU(ω)

I(ω)
(3.7)

The first term is the normal impedance for the coil, (equation 3.3) and the second
term is added when the coil is put into a moving magnetic field. We can now
calculate the total impedance of the actuator from an electrical point of view. The
difficulty is that the total impedance will not only depend on the frequency, ω, but
also on the velocity of the moving mass, u(ω) and the current, i(ω). Knowing the
impedance over the frequency range where the actuator will be working, enables the
design of the optimal amplifiers, which are optimal in the sense that the impedance
at both the amplifier and the actuator is matched in order to have as high an
efficiency as possible.

The amplifiers have a rated power they can deliver, which usually is valid over
2 − 4 ohms. For actuators that can deliver hundreds of Newtons of force, or even
more, the impedance could easily be as low as 0.5−1 ohms and the amplifier would
then exhibit a current limitation. The power consumption for the actuator can also
be calculated. This would give an indication of cable type and dimensions. It is
always wise to over-dimension the cables, for example, using diameters of 4 − 10
mm, in order to keep cable losses small. As a rule of the thumb, the impedance of
the cables should not exceed 1% of the load (actuator) impedance.

3.2 The Mechanical System

The mechanical system can be modelled as a mass that is attached to the coil by
a spring and a damper. For the real actuator, the spring and the damper are the
flexible mounts on each side of the mass. The equation of motion for a single-degree-
of-freedom oscillator of mass M , damping constant C, stiffness K and displacement
x(t) can be written as:

Ma(t) + Cu(t) + Kx(t) = f(t) (3.8)

where f(t) is the driving force on the mass M . The derivative of the displace-
ment x(t) is denoted ẋ(t) = u(t), which is the velocity of the mass and the second
derivative ẍ(t) is the acceleration, which is denoted a(t). For sinusoidal motion the
equation can be transformed into the frequency domain:

jωMU(ω) + CU(ω) +
1
jω

KU(ω) = F (ω) (3.9)

where the acceleration is given by jωU(ω) and the displacement is 1
jω U(ω). The

mechanical impedance, ZM (ω), is defined as the ratio between the force F (ω) and
the velocity U(ω):

ZM (ω) =
F (ω)
U(ω)

(3.10)
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For a single-degree-of-freedom system, according to equation 3.9, the mechanical
impedance is given by:

ZM (ω) =
F (ω)
U(ω)

= jωM + C +
1
jω

K (3.11)

In order to obtain the undamped natural frequency,f0, equation 3.9 is solved with
F (ω) = 0 and C = 0

0 = jωM +
1
jω

K (3.12)

ω2 =
K

M
(3.13)

f0 =
1
2π

√
K

M
(3.14)

It can also be shown that the resonance frequency is independent of the input force
but dependent on the damping C, [4]. The damped resonance frequency is given
by:

fd = f0

√
1 − ζ2 where ζ =

C

2
√

KM
(3.15)

The critical damping ratio, ζ is usually quite small for inertial actuators, say below
0.3. Therefore the f0 can be approximated by f0 ≈ fd. The critical damping ratio,
ζ for the actuator used in this application, was experimentally estimated to be
0.05. In a practical application the constants M and K can easily be determined
by measuring the resonance frequency. The mass, M is determined by using a scale
if it is possible to take the actuator apart.

Understanding the mechanical side of the actuator is of importance when the
actuator needs to be tuned for a certain application. If the actuator is to be used in
an active vibration control application, it is of utmost importance that the resonance
frequency is placed below the lower frequency limit where the actuator should work,
since the actuator will exhibit a phase shift of 180 degrees at the resonance frequency.
In the vicinity of such a sharp phase shift, it is almost impossible for a controller
to work properly.

Theoretically, the resonance frequency of the actuator can also be selected to
be above the upper frequency limit for the application, but this is rarely done
for at least two reasons. First, when considering the transfer function between
input voltage and output force there is a continuous drop in output force below the
resonance frequency, while above, the output force tends to flatten out. Usually the
goal in actuator design is to have as flat a frequency response over the operating
frequency range as possible. The second reason is that the operating frequency
range is around 100 Hz or more, so the resonance frequency would then have to be
at several hundred Hz. To have a resonance frequency that high would demand a
very small mass or a very stiff spring. The result would be that the total transfer
function curve would be attenuated, thus demanding high input voltages for the
same output forces.

If the resonance frequency must be altered it is either the mass, M or the spring
constant, K that needs to be adjusted. For the actuator used in this application,
adding extra mass was the simplest solution to obtain a resonance frequency in the
vicinity of 20 Hz. Caution should be taken with this type of tuning, as will be
shown in the next section. Altering either the spring constant or the mass will also
affect the output force that the actuator can produce in the operating frequency
range.
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3.3 Combining the electrical and mechanical sys-
tems

A force is produced from the electrical current streaming through the coil in the
actuator, but only a portion of this force actually reaches the structure that the
actuator is mounted on. By adopting a simple model of a loudspeaker for the system
according to figure 3.2a, the mechanical behavior can be further investigated.

A moving-coil loudspeaker principally consists of a cone with a coil, where the
cone is elastically suspended to a supporting frame [8]. For conventional loudspeak-
ers air is pushed back and forth in front of the cone. To move the cone, an electrical
force, FE , is created between the magnet attached to the supporting frame and the
voice coil. The mass, M , of the total moving system is given by the mass of the
cone, voice coil, and its associated air mass [8]. The air in front of the cone has
impedance, denoted radiation impedance. The radiation impedance is a load on
the loudspeaker, and is associated with the radiation of sound [8].

The mechanical situation is a bit different for an inertial actuator, where the
electrical force acts between the mass and the structure. Here, the structure also
includes the core and the coil since the core is bolted on to the structure. The
structure, core and coil are together denoted load. The mechanical model of the
actuator is shown in figure 3.2b.

To be able to determine how the different mechanical components interact, a
mobility analogy will be used [5]. In this case, the mechanical system is transformed
into an electrical circuit where ordinary circuit theory can be applied. By performing
this transformation, the problem is easily solved, in contrast to working with the
differential equations of the mechanical system directly. With the mobility analogy,
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Figure 3.2: A principal sketch (a) for a moving-coil loudspeaker (b) for the inertial
actuator

a force corresponds to a current and a velocity to a voltage. The mobility is defined
as the ratio between the velocity U(ω) and the force F (ω), i.e. the inverse of the
mechanical impedance. The mobility YM of a mass M is therefore given by:

YM =
1

jωM
(3.16)

In the electrical analogy, mass corresponds to a capacitance. In mechanical systems,
the mass is often a one-terminal quantity. A force acting on the mass, resulting in
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a velocity of the mass with respect to the earth, the inertial frame, results in the
second electrical equivalent terminal being earth. In the same sense, the mobility
of a spring with a spring constant K and a viscous damping C is:

YS =
1

C + K
jω

(3.17)

The flexible mounts of the actuator and the flexible suspension of the loudspeaker
consist of a spring and a viscous damper; accordingly the mobility of the mounts
and the suspension is denoted YS .

The term with the spring constant K will, in an electrical circuit, represent an
inductance jω 1

K while the viscous damping C is not dependent on frequency and
could be treated as a pure resistor 1

C . The mechanical generators considered are of
two types, constant velocity and constant force. With actuators or loudspeakers,
a constant force generator model is representative and convenient to use. If the
electrical sinusoidal current i(t) is kept at a constant amplitude through the coil, a
constant amplitude force is created according to equation 3.4.

With this information, the mechanical systems of the loudspeaker and the actu-
ator depicted in figure 3.2 can now be transformed into electrical circuits by using
the mobility analogy.

Consider figure 3.2a, representing the loudspeaker. The electrical force FE ap-
plied to the mechanical system sets the mass M into motion with the velocity UM

with respect to the supporting frame. The same velocity is also achieved at the
flexible suspension and at air in front of the cone. Accordingly, the three mobilities
YM , YS and 1/ZMR are connected in parallel, resulting in an electrical equivalent
of the loudspeaker as shown in figure 3.3a.

Figure 3.2b, representing the inertial actuator, may also be transformed accord-
ing to the mobility analogy. The figure shows that the electrical force acts over
the spring and damper. The electrical force sets the two masses, the actuator load
(structure, coil and core) and actuator mass ,M , into motion. The mobility of the
load YL and the mass YM are different, resulting in that the load and mass do not
have the same velocities with respect to the inertial frame. The velocity of the load
and the mass are UL and UM , respectively, and their directions are opposite. In the
electrical equivalent the mobility of the load and mass are connected in series. The
velocity difference is balanced by the flexible mount between the load and mass, and
in the electrical circuit the mobility of the flexible mount YS is parallel with the
mobilities YM and YL connected in series. The electrical equivalent for the inertial
actuator is presented in figure 3.3b.

The similarity between a loudspeaker and an inertial mass actuator is not that
obvious once the electrical equivalents have been derived. The conclusion is that
the further analysis of the inertial mass actuator have to be done without respect
to the loudspeaker.

To demonstrate further that the actuator equivalent, shown in figure 3.3b prop-
erly describes the real physical system, it may be observed that if the spring is
extremely stiff, the mobility YS becomes almost zero; hence the current(force) FS

will equal the current FE , and the current FML will be zero, so that the velocity over
the both the load and the mass will be zero. This is also what should be expected
by the real actuator; if the spring is made very stiff the electrical forces cannot move
the mass at all. Also, if the actuator is attached to a very rigid foundation having a
mass that is a considerably larger than the mass of the actuator, the mobility of the
load, i.e. the foundation YL should be very small in comparison to the mobility of
the mass, YM . Therefore, the voltage (velocity) over the load would be very small
indicating that the actuator can only move the structure a small amount.
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Figure 3.3: The electrical equivalent, in a mobility analogy of (a) a moving-coil
loudspeaker (b) the inertial actuator

The force transmitted into the receiving structure (load) is given by:

FML = FE
YS

YS + YM + YL
(3.18)

If the mobility of the spring and damper, YS , is extremely large, then FML ≈ FE

and all the electrical force would be used to move the mass and the load. In order to
make the actuator as efficient as possible, i.e. transmitting as much of the electrical
force as possible to the receiving structure, the mass should be connected free-free,
or with as soft springs as possible. Tampering with the suspension of the mass
and/or the weight of the mass in order to produce larger forces will of course affect
the location of the resonance frequency of the actuator; see equation 3.14.

In order to measure the maximum force that the actuator can produce, the
actuator could be mounted on a very solid foundation, with a mobility YL close to
zero. The current (force) FML through the mass would then be at its maximum
value. This force can be measured with an accelerometer attached to the actuator
mass, yielding the maximum force that the actuator could produce. However, once
the actuator is mounted on a structure with a mobility greater than zero, the force
produced by the actuator on the mass is reduced.

As part of the work reported here, measurements were carried out to determine
the maximum force that the actuator could produce and its resonance frequency.
During these measurements the actuator was mounted on a very large mass of
approximately 100 kg, standing an a concrete floor, as depicted in figure 3.4. The
structure to which the actuator was mounted was considered as fully rigid and
is hence denoted ”foundation”. The current through the coil was measured with
a digital clamp ampere meter while the force was measured indirectly with an
accelerometer mounted on the moving mass. The force was subsequently calculated
using:

f(t) = Ma(t) (3.19)

The force for which the actuator is rated is usually given by the supplier. The
output force is often given only for a certain frequency, which is usually somewhat
misleading, since in most active vibration isolation applications several frequency
components need to be addressed. The total force that the actuator needs to pro-
duce is the vector sum of all generated forces.

In the measurements, two different mass configurations were tested, one with
M=4kg and the other M=6kg. Rms values where measured for the current and the
acceleration.
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Figure 3.4: The inertial actuator used in the project. The actuator is mounted on
a heavy steel mass. A metal ring is also attached to the original mass in order to
increase the total mass of the mechanical system. An accelerometer can also be
seen,on the top of the actuator measuring the acceleration of the moving mass.
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Figure 3.5: The output force of the actuator vs. frequency, for two different masses
M of the actuator. The current i(t) was constant at 5A rms.

18



The maximum force that the actuator can provide is of course at a frequency
close to the resonance frequency, but the frequency range of interest here is just
above that, from 22 Hz to 60 Hz, as discussed earlier. In this range the actuator
can produce approximately 80N rms at a coil current of 5A rms. The actuator is
rated with a maximum current of 15A rms and 20A rms with cooling. Thus the
maximum force that the actuator can produce is 320N rms, which is approximately
the value specified by the manufacturer.

In order to correctly dimension the actuator, prior information of the mobility
and the velocity of the structure that the active vibration isolation should be ap-
plied to needs to be measured. First, the mobility in the mounting positions, YL

should be measured, preferably with a calibrated instrument hammer and an ac-
celerometer. This measurement should be carried out with the machinery switched
off, when the velocity of the structure is zero. During the second measurement, the
machinery should be switched on and the velocity measured with an accelerometer.
The primary forces, Fprimary, acting on the load in the mounting positions can be
calculated according to: Fprimary = U(ω)

YL(ω) . If the active system is able to counteract
the primary forces in the moving structure by adding secondary control forces, then
the actuator needs to be able to generate forces of the same or higher magnitude
than Fprimary. Therefore, the actuator rated force should exceed the forces present
in the load by a large margin, or at least be FML � Fprimary.

In more complicated systems, where several actuators are present, and at the
same time the structure is moving in different modes, a deeper analysis of the
mechanical properties of the structure is required. Several actuators can join forces
in order to combat certain modes of the structure. Using several actuators in this
way results in less force needing to be produced by each actuator individually. This
is the case for the intermediate mass of the engine mount, and in particular for
the rigid body mode in the vertical direction. In order to attenuate this rigid body
mode the four top actuators work together.

When designing the actuators in terms of force requirements, care must be taken
so that the required force, FML, is considerably smaller than the rated force of the
actuator. Remembering that the calculation of the rated force was done with YL

set to zero, a certain error margin must of course also be added. Another good rule
of thumb is that if the actuator mass is less than 1% of the weight of the structure
that the actuator is mounted on, then no error margin need be added.

The actuators are of course a central component in an active vibration isolation
system, although the amplifiers driving the actuators are also important, and they
must be able to deliver the required current for a specific load, which in this case is
specified by the electrical impedance of the actuator.

By rewriting equation 3.18, the electrical force FE is calculated and in the same
manner, using equation 3.4, the electrical coil current i(t) is obtained.

The mechanical impedance, ZM (ω) is defined in equation 3.10 and combined
with the frequency domain version of equation 3.4. The mechanical impedance,
ZM (ω) is described by:

ZM =
BLI(ω)
U(ω)

(3.20)

The total impedance for the actuator in an electrical equivalent is found by substi-
tuting equation 3.20 into equation 3.7 yielding:

ZEtot
(ω) = ZE(ω) +

(BL)2

ZM (ω)
(3.21)

The expression for ZEtot
only consists of the physical properties of the actuator, all

of which are measurable. In this way, both the required current and the impedance
as a function of frequency are available; hence suitable amplifiers can be sourced.
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Figure 3.6: The electrical impedance, ZEtot
as a function of frequency, of the actu-

ator used in the experiments.

The electrical impedance for the actuator used in this application was also mea-
sured. First of all, the resistance, R was measured with a conventional ohm-meter
yielding R = 0.8 ohms. Care must be taken only to apply low voltages to the
coil close to DC, since the impedance is very low. In order to obtain the com-
plete impedance curve over the frequency range up to 100 Hz, the voltages over the
coil and the current were measured as the frequency of excitation was gradually
increased and with the current kept in the range of approximately 5 A rms. The
result is presented in figure 3.6

The electrical impedance mainly follows the behaviour of a conventional coil;
hence Zcoil = Rcoil + jωLcoil. At the resonance frequency of the actuator, at
approximately 16 Hz, there is a peak in the impedance curve. This is due to the
second term in equation 3.21, which has its maximum at the resonance frequency
because the mechanical impedance has its minimum. The electrical impedance in
the operating frequency range from 20 Hz to 60 Hz spans a coil impedance from 0.7
Ohms to 1.3 Ohms.
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Chapter 4

The Test Rig

It is very difficult and costly to make experiments on-board a submarine which
is in naval service. To be able to conduct experiments with different types of
active vibration isolation set-ups a test rig was built in the Mechanical Engineering
laboratory at The University of Adelaide to mimic an engine mount. The physical
properties of the test rig were based on design Drawings supplied by the Australian
Submarine Corporation. The intermediate mass, as well as the upper and lower
plates, were a good approximation to the construction of one of the mounts on
an actual submarine. During the first trials, denoted setup 1, the upper plate
was not exposed to the full static load produced by the engines. It is assumed

Figure 4.1: The test rig configured as setup 1. The inertial actuators are shown
mounted

that the rubber elements are linear in the sense that stiffness is constant and does
not change depending on how the rubber elements are being compressed. Rubber
shows usually also non-linear properties but that is when they are exposed to larger
displacements. To ensure a similar static load in the experimental system as in an
actual installation, the rubber isolators were reduced in number to 10 between the
lower plate and the intermediate mass and 4 between the intermediate mass and the
top plate. The configuration is depicted in figure 4.1. Extension bushes had to be
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put in between the rubber elements and the top plate in order to fit the actuators
into position, since the actuators are 30mm higher than the rubber elements. This
was also the way the test rig was configured when the previous experiments were
conducted, as described in [1]. The intention of the initial experiments in [1] was to
demonstrate the feasibility of active vibration control without investing in expensive
hardware. Following that initial study, one of the questions that remained to be
answered was that with an identical test rig, would the active vibration control
system perform even better with more powerful actuators. It is actually possible
to achieve better attenuation if the actual original disturbance signals are stronger,
since it is only possible for the controller to reduce the tonal components down into
the electronic noise floor. The only difference between the earlier reported work and
setup 1 above is that in setup 1, the control actuators are more powerful and the
primary excitation is at a similar or higher level than measured on the in-service
mounts in the submarine. Good results where obtained for both attenuation and
convergence speed with setup 1. It was thus decided to modify the test rig to
match the actual in-service installation on the submarine, as closely as possible.
For demonstration purposes this is also valuable, since the people working with the
submarine can easily identify the rig and the actuators with the true installation.

• A true configuration of rubber elements were now put in place, both between
the hull and the intermediate mass and between the intermediate mass and
the engine model.

• The actuators working in the vertical direction were embedded into the top
intermediate mass a distance of 45 mm. This was done since the height of the
rubber elements is 100 mm and the actuator is 130 mm high. A small margin
of 15 mm was added as the rubber elements will be slightly compressed once
the static load of the engine is applied. The static compression of the rubber
elements was measured on-board the submarine to be about 5 mm and this
was for rubber elements that had been in use for some years.

• A static load of 580 kg was put on top of the test rig to simulate the load
from the engine. The load consisted of 7 steel plates with the dimensions
395x685x40mm, each weighing 84 kg. The whole load was the bolted to the
top plate which was attached to the top of the mounts.

This new test rig, with the implementation of the above changes, is denoted setup 2
and is depicted in figure 4.2.
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Figure 4.2: The Test rig configured as setup 2. The large steel block on top repre-
sents the static weight load of an engine.

4.1 Frequency Response Functions

Frequency response functions(FRFs) were measured between all the actuators and
all the error sensors. This resulted in a 7x7 matrix containing all the 49 FRFs. The
FRFs were measured both for setup 1 and setup 2. Measurements of the FRFs
were done for several reasons. First, the physical properties of the test rig could
be examined in terms of resonance frequencies for different directions of excitation.
To do this, the inertance should be measured which is acceleration of the structure
divided by the force producing the acceleration. However, a minor problem pre-
venting this was that the actuators were not equipped with a force transducer. So,
instead of a force signal, the input voltage to the actuator was used, resulting in
the measurement of frequency response functions (FRFs) rather than inertances.
The FRFs contain not only the response of the structure but also the response of
the actuator. However, if the actuator has a reasonably flat frequency response, the
inertance of the system is approximately measured. For the actuators considered
here, this is not entirely is true, since the actuator has a damped resonance fre-
quency at approximately 20 Hz. The transfer function of the actuators are identical
for both set-ups, allowing the possibility of comparing the difference between the
two set-ups examined in this report.

Previously, in the year 2000, inertance measurements were taken on board the
submarine [1]. In this case a calibrated instrumented hammer was used to excite
the structure and the responses were measured with an accelerometer. It would
be a good confirmation if the structural response of the test rig(setup 2) roughly
matched the one measured on the submarine, This might be troublesome, since the
”inertance” on the test rig contains the response of the actuator and the response of
the structure as previously mentioned and secondly, all the actuators were attached
to the intermediate mass. The seven actuators cannot be treated only as an extra
mass load since their masses are attached to the structure with springs, thus making
the total mechanical system even more complicated. The FRF’s taken with the
actuator as exciter were therefore complemented with some additional hammer

23



tests.
Another important use of the FRFs is estimating the potential in-service per-

formance of the active vibration isolation system using real submarine data. To be
able to do such calculations (simulations) it is necessary to measure the primary
vibration field at the error sensors for a couple of true running scenarios on the
submarine. Such measurements have been made but have not been released to the
authors of this report. In addition to the primary vibration field, FRFs measured
on the submarine are also needed. If the evaluation of the performance is to be
done in positions other than in the error sensor positions, measurements need to
be made in these positions as well. These evaluation positions are usually referred
to as monitor positions, since they are not associated with the controller. In this
application, only rigid body modes are present in the frequency range of interest,
which is why the evaluation is done at the error sensors only and why additional
monitor positions are unnecessary. The FRFs should be measured with the actua-
tors and error sensors intended to be used in the active system for reliable results.
Further, the exact locations for the actuators and error sensors on the test rig are
of importance. Another important issue is that, if the FRF’s are to be used to
simulate an active system, the FRFs should be measured from the output of the
controller to the input of the controller or, in other words, the FRF should include
information pertaining to the power amplifier cables and the preamplifiers of the
accelerometer. This was done in the work described here.

Figures 4.3 to 4.5 present FRF measurements from an actuator position to an
error sensor in the same position for all three directions, i.e. the point FRF. These
measurements were taken with a chirp used as an excitation signal. An advantage
of a chirp is that it is a deterministic signal, so that only a small number of averages
is needed to obtain an accurate result. The number of averages used during these
measurements was set to 20. Since the FRF is a quotient between two spectra, a
rectangular window was used. The number of spectral lines was 400 for setup 1 and
800 for setup 2, but the maximum frequency was the same for both measurements,
namely 200 Hz, which required a sample rate of 512 Hz.

At a first glance, the FRF in the second set-up represents a system that is a bit
stiffer than the system in setup 1 since it is always about 10 dB lower. This means
that for the same input signal, or input force, the acceleration level is 10 dB lower
for setup 2. This implies that it is now harder to move the intermediate mass, as
may have been expected when 580 kg is put on the top plate of the test rig. All the
FRF’s show a rather damped system with only a few resonance frequencies.

The coherence was also calculated to get an impression of the quality or linearity
of the measurements. If the controller is to be able to model the transfer function
between the actuator and the error sensor, it is important that the coherence is high
over the frequency range of interest, since the controller used in this application will
use FIR-filters to model the transfer function. When the coherence is referred to
as high, this means above 0.99, thus enabling a theoretical steady-state attenuation
of 20 dB. High coherence means a linear relationship between actuator and error
sensor, while low coherence does not necessarily imply non-linearities, since it can
also exist for a number of other reasons, including the actuator not being able to
deliver sufficient force or the frequency resolution for the measurements not being
sufficient. In figure 4.8 the coherence is plotted for the FRF shown in figure 4.3.
This is just an example of a coherence measurement for one of the point-FRF
measurements, and results for the other excitation directions were very similar.
In the frequency range of interest, which is 20 − 60 Hz, for this application, the
coherence is very high both for setup 1 and setup 2. This implies that is should
be possible to get good attenuation with an active vibration isolation system if
the primary vibration field is short-time stationary. The second set-up shows good
coherence down to a frequency 10 Hz, which is lower than achieved with setup 1.
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Figure 4.3: The point FRF in the vertical direction at position 2 taken both for
setup 1 and setup 2.
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Figure 4.4: The point FRF in the lateral direction at position 5 taken both for
setup 1 and setup 2.
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Figure 4.5: The point FRF in the axial direction at position 7 taken both for setup 1
and setup 2.

The reason probably lies in the FRF function plotted in 4.3. The blue curve,
representing setup 1, rises 20 dB over the frequency range from 10 Hz to 30 Hz,
thus representing a system becoming much stiffer in this frequency range. The
FRF data therefore lose accuracy in the 10−15 Hz range for which the acceleration
levels are small, and in that way the FRF becomes more noisy and the coherence
is reduced. In addition, the actuator has its resonance peak around 18 Hz and
at lower frequencies the force it produces decays rather rapidly as the frequency
decreases. For setup 2 the stiffness is almost constant all the way down to 10
Hz, thus a better signal-to-noise ratio (SNR) is obtained. All the cross FRF:s
and coherence measurements were of course also performed, but only one such is
presented as an example. The important thing to notice is that for both set-ups the
”cross” coherence is high in the frequency range of interest. This fact also implies
that there is a linear relationship between two orthogonal directions, which means
that it might be possible to control vibrations in the axial direction by the use of
actuators in the vertical direction.

From the FRF measurements, the impulse response was also calculated. This
is a good aid for choosing the length of the FIR filters to model the feedforward
path in the real time experiments, presented below. Figure 4.9 shows the impulse
response for the point FRF in the axial direction. As can be observed, the impulse
response is roughly the same for both setup 1 and setup 2. To be able to visualize
the differences between setup 1 and setup 2, the level of the impulse response for
setup 2, both in figure 4.9 and 4.10 is attenuated 10 times. For both plotted impulse
responses, the time until the oscillation amplitude has diminished to less than 10%
of its initial value is approximately 0.64 seconds. This information is useful when
designing the length of the FIR filter that should model the forward path in the
controller. For example, if the sampling rate of the controller is set to 300 Hz, the
length of the FIR filter should be in the region 300 ∗ 0.6 = 180 filter taps.
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Figure 4.6: The coherence for the point inertance measured for setup 1 and setup 2.
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Figure 4.7: The FRF between a actuator in the vertical direction and a error sensor
in the axial direction at position. Measurements were taken both for setup 1 and
setup 2.
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Figure 4.8: The coherence for the measurement in figure 4.7
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Figure 4.9: The impulse response between the actuator in the axial direction and
the error sensor in the axial direction. The impulse response was calculated from
the FRF measurements both for setup 1 and setup 2.
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Figure 4.10: The impulse response between the actuator at position 2 in the vertical
direction and the error sensor in the axial direction

As mentioned before, in order to compare the physical properties of the engine
mount for both the test rig and the real installation on the submarine, the FRF
measurements need to be complemented with some inertance measurements. If it
could be established that the physical properties of both the engine mount in the
test rig and in the submarine are well matched, the probability for a successful ANC
installation is high.

The point and cross inertances were measured both for setup 1, setup 2 and
on the submarine installation, using a calibrated instrumented hammer and an ac-
celerometer. The positions for the inertance measurement varied slightly, since as
the project moved on, more knowledge was collected. The measurement locations
can be found in figure 2.4. The first measurements were taken with the test rig con-
figured as setup 1 and during these measurements the actuators were not attached
to the intermediate mass. The results are plotted in figures 4.11 to 4.13. These
measurements are in good agreement with those reported previously [1], regarding
both levels and resonance frequencies. This was expected, since the measurements
were done on almost an identical rig, albeit two years later. However, there is a big
difference observed, when comparing the inertance data measured on the labora-
tory test rig with that measured on the submarine when the test rig is configured
as setup 1. The submarine measurements were presented in [1] but summarized
here in table 4.1 and 4.2. The overall stiffness was obtained by averaging the point
inertance for the three main translational directions. The natural frequencies are
12 when only the rigid body modes are taken into account. The 12 natural frequen-
cies are present since the engine mount is a two-degree-of-freedom system where
one mass is the intermediate mass and the other mass is the engine. In table 4.2
the natural frequencies are presented, but all the rigid body modes could not be
determined from the measured data, and these are marked with N/A.

The second set of inertance measurements was taken with the test rig recon-
figured for setup 2. This measurement is presented in detail in [7]. During these
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Configuration Vertical Lateral Axial
[dB] [dB] [dB]

Submarine Measurement -45 -50 -50
Test rig as setup 1 -19 -11 -12
Test rig as setup 2 -40 -45 -50

Table 4.1: The overall inertance level for the three configurations examined.

Configuration TR as setup 1 TR as setup 2 Submarine
[Hz] [Hz] [Hz]

Translation along vertical-axis 16.3 15.5 N/A
Rotation about lateral -axis 6.1 24.0 N/A
Rotation about axial-axis 22.3 27.5 N/A
Rotation about axial-axis 40.1 33.8 31.0

Rotation about lateral -axis 13.2 40.6 38.3
Translation along vertical-axis 44.0 47.8 40.0
Rotation about vertical-axis 6.0 7.1 N/A

Translation along lateral -axis N/A 15.6 N/A
Translation along axial-axis N/A 16.3 17.3
Rotation about vertical-axis 14.4 17.8 15.3

Translation along lateral -axis N/A 24.4 N/A
Translation along axial-axis N/A 28.0 N/A

Table 4.2: The Natural frequencies (rigid body modes) for the three configurations.
N/A=no data available.

measurements the actuators were mounted on the intermediate mass. Therefore the
inertances plotted are for the mechanical system in total containing both the test
rig and the actuators. This is important to note, since the actuators can not just
be treated as an extra mass load, since their mass is attached to the structure via
a spring. Figures 4.14 to 4.16 show the point inertance for the three translational
directions of motion of the intermediate mass. The resonance frequencies at 85 and
97 Hz are likely to originate from the actuators and bolt system.

The conclusion from the inertance measurements undertaken using setup 2 is
that the overall stiffness for setup 2 is in the same range as the mount stiffness in
the submarine installation, while the natural frequencies, of the rigid body modes,
match even better. Therefore the physical properties of the test rig configured as
setup 2 may be considered to closely resemble the properties measured on the in-
service installation. Hence, the results from the active vibration trials are certainly
representative of the actual results that would be obtained in an actual submarine
installation.

4.2 The placement of Actuators and Error sensors

As discussed in the previous report [1], the intermediate mass moves in all six
degrees of freedom, although vibration levels for some degrees of freedom dominate.
To control all six degrees of freedom, seven actuators and seven error sensors were
used, 4 in the vertical direction, 2 in the lateral direction and 1 in the axial direction.
The four actuators/sensors in the vertical direction deal with the vertical motion,
and rotation in the axial and lateral directions. The two actuators/sensors in the
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Figure 4.11: The point inertance in the vertical direction of the test rig configured
as setup 1 with no actuators attached to the intermediate mass
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Figure 4.12: The point inertance in the lateral direction of the test rig configured
as setup 1 with no actuators attached to the intermediate mass.
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Figure 4.13: The point inertance in the axial direction of the test rig configured as
setup 1 with no actuators attached to the intermediate mass.
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Figure 4.14: The point inertance in the vertical direction of the test rig configured
as setup 2 with all seven actuators attached to the intermediate mass.
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Figure 4.15: The point inertance in the lateral direction of the test rig configured
as setup 2 with all seven actuators attached to the intermediate mass.
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Figure 4.16: The point inertance in the axial direction of the test rig configured as
setup 2 with all seven actuators attached to the intermediate mass.
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lateral direction counteract the lateral motion and the rotational motion about the
vertical axis. Finally, the actuator in the axial direction only targets motion in that
direction.

4.3 The Controller

The controller used for the experiments on the test rig was a feedforward filtered
X-LMS controller, called the EZ-ANC II. It is a commercial product available from
Causal Systems. The software interface, which allows the user to set up the con-
troller and upload parameters during runtime, runs on a PC and communicates over
the RS232 port. The system can handle 9 input channels and 9 output channels if
one reference signal is used. In this application, a maximum of 7 input/outputs were
used. The sampling frequency can be chosen from a range of predefined discrete
values. Usually, a good initial set-up in active control is to choose the sample rate to
be between 8 and 40 times the frequency of interest, i.e. in this case approximately
500 Hz. The controller has limitations and when using 7 outputs, the controller
has a maximum of 145 taps in the FIR filter modelling the forward path. As the
impulse response of the system is slightly longer than 145/500 seonds, the sampling
frequency was lowered to 295 Hz in order to to span most of the impulse response.
Each input/output channel has provision for the signal to be filtered both with
a low pass and a high pass filter, a valuable property when working with inertial
actuators. The resonance frequencies of the actuators were determined to be ap-
proximately 18 Hz, therefore the high pass filter cut-off frequency was set to 20 Hz.
The low pass filter cut-off frequency was set to 70 Hz, so that the control energy was
concentrated in the frequency range of interest. During all the experiments, the can-
cellation path impulse response was estimated off-line using random noise with the
primary source switched off, even though the controller handles on-line estimation
as well. A picture of the controller, the computer running the software interface and
two frequency analysers used for monitoring the various system outputs are shown
in figure 4.17.
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Figure 4.17: The controller and the PC running the user interface. Two HP ana-
lyzers were used to monitor the real-time attenuation
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Chapter 5

The results

Here, results obtained using the two experimental set-ups, denoted setup 1 and
setup 2 are provided. The main purpose of the work was to find out if the new
actuators could maintain control stability at the actual vibration levels that were
measured on-board the submarine, [1]. The primary excitation force was therefore
changed from seven small inertial mass actuators to a Ling Dynamic System 409
shaker in order to provide more realistic acceleration levels. This shaker has a
mass/spring resonance frequency of approximately 30Hz. Since only a single shaker
of that size was available, it was difficult to obtain realistic vibration levels in all
three directions. The main focus was put into the vertical direction and therefore
less accuracy in the relative acceleration levels between the different directions was
now accepted, in contrast to previous experiments. The shaker was attached to the
top plate in an off-centre position and at a 15 degree angle. The excitation signal
consisted of three tonal components corresponding to the 1st, 1.5th and 2nd order
of the engine harmonics an assumed engine speed of 1400 rpm.

Different control set-ups were evaluated to see whether it was possible to use
fewer actuators on each intermediate mass. It was of interest to determine whether
reasonable results be achieved with only 4 actuators. If a whole engine should be
equipped with an active system, this would imply that 24 actuators less would be
needed. Similarly it was of interest to determine whether there was really a need
for seven error sensors. If the active system could be shrunk down to a 4x4 system
for each intermediate mass, this would mean a total of 32 actuators and 32 error
sensors for an entire engine, in contrast to 56 actuators and 56 error sensors if all
seven degrees of freedom were considered. This would of course reduce implemen-
tation costs as well as installation costs. It is of utmost importance to mention that
whatever effect that this reduction in hardware has on the vibrations of the interme-
diate mass, it still has an unknown effect on the acoustic profile of the submarine.
Therefore the first engine to be equipped with an active system still needs all the
56 actuators. An installation with four actuators and four error sensor working
in the vertical direction would be quite similar to the installation with the tuned
vibration absorbers except that the active system can track frequency changes(rpm
variations) With that in mind the following active set-ups were considered.

• 7x7 system: This is the most complex system, where the kinetic energy is
minimized in all six degrees of freedom. For the first trials on an actual
submarine system, this would be the system to be installed.

• 6x6 system: This is probably the case that ultimately will be preferred on the
submarine, if possible, since the vibration level in the axial direction is 15-20
dB lower than in the vertical and lateral directions. Therefore it is most likely
that the actuators working in the axial direction can be omitted.
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• 4x4 system: In this case only the 4 top actuators and the top four error
sensors were used. This would be the simplest case for an actual submarine
installation, with all the actuators very easy to mount and at the same time
well positioned in terms of interference with the surrounding environment.

• 4x7 system: This is a variant where 4 actuators and 7 error sensors are used.
Here the top 4 actuators are used, with similar advantages as for the 4x4
system. Compared to the 4x4 system, an additional 3 error sensor set is used
here, enabling the same error sensor configuration as for the 7x7 system. It
is of interest to know by how much the total vibration reduction could be
improved by adding the three extra error sensors?

During the experiments presented throughout this report, off-line modelling of
the forward path was used. Two of the parameters were varied in the algorithm
during run-time, the convergence factor, denoted µ and the leakage factor denoted
γ. The algorithm is based on a convergence factor that is normalized to the total
input energy. The convergence factor was set in the range from 0.01 to 0.05 in order
to obtain fast and robust convergence of the algorithm. The leakage factor did not
have a crucial effect and was set to 0.001 during all the experiments.

5.1 The 7x7 system

For this case, the controller was set up to minimize the vibrations of the intermediate
mass in all the six degrees of freedom. Since the controller criteria is to minimize
the sum of the squared error signals, the controller will try to put most of its
effort in minimizing the largest error signals, since these signals contribute most
to the total error. In order for the controller to put some more effort into the
directions where there are lower levels of acceleration, the error signals from these
accelerometers must be amplified. An amplification of 20 dB was applied to the
error signal in the axial direction, since the acceleration level in this direction is
small in comparison to the acceleration in the vertical direction. Figures 5.1 to 5.4
show the attenuation of the three engine harmonics, located at 24, 36 and 48 Hz
with the test rig configured as setup 1 while figures 5.5 to 5.8 refer to setup 2. The
results are in general promising, with good attenuation in all three directions. The
attenuations illustrated in figures 5.1 to 5.8 are summarised in table 5.1 and 5.2 for
setup 1 and setup 2 respectively.

1st Harmonic 1.5th Harmonic 2nd Harmonic
Position [dB] [dB] [dB]
Vertical 31 38 17
Lateral 29 21 9
Axial 15 13 12

Monitor 16 12 11

Table 5.1: The attenuation of the three engine harmonics of interest for setup 1.

Setup 1 has very good attenuation for the 1st and 1.5th harmonic, while the
second harmonic at 48 Hz seems to be slightly more difficult to handle, only allow-
ing a reduction in vibration level of approximately 12 dB. This was also found in
previous experiments presented in [1], so this is probably associated to the phys-
ical properties of the test rig. For setup 2, where the stiffness of the test rig had
been increased, the outcome was different. Here the 1st harmonic, at 24Hz, is the
hardest to control. The acceleration level at the bottom plate(the hull) for the
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1st Harmonic 1.5th Harmonic 2nd Harmonic
Position [dB] [dB] [dB]
Vertical 14 29 38
Lateral 19 11 12
Axial 13 9 4

Monitor 2 13 16

Table 5.2: The attenuation of the three engine harmonics of interest for setup 2.
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Figure 5.1: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 1 in the vertical direction with the test rig
configured as setup 1.

2nd harmonic has also increased, compared to the other harmonics, which indicates
that the mobility of the test rig in moving from setup 1 to setup 2 has decreased
for this particular frequency. The actual vibration level for setup 1 is higher than
that measured on the submarine, [1] but for setup 2 the level had to be reduced by
approximately 3-5 dB, since the primary shaker was starting to over-heat and could
deliver no more force. As can be seen in the tables 5.1 and 5.2, the attenuation
for setup 2 in the axial direction is lower than for setup 1, since the amplification
of the corresponding error signal was decreased by 6 dB making the controller less
sensitive in this direction. The decrease of the error signal had to occur because the
acceleration level of the harmonics had decreased 15-20 dB in the axial direction
due to the stiffness change. The controller can only attenuate the tonal components
down to the noise floor, below that the error signal becomes uncorrelated with the
reference signal. Therefore, if the gain would have been left unchanged, a lot of noise
would have been fed into the controller, and the controller would be less stable and
less robust.
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Figure 5.2: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 5 in the lateral direction with the test rig
configured as setup 1.
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Figure 5.3: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 7 in the axial direction with the test rig
configured as setup 1.
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Figure 5.4: Acceleration levels with the active system switched on/off. The accel-
eration is measured at monitor sensor no. 1 in the vertical direction, placed on the
bottom plate(which should represent the hull). The test rig configured as setup 1.
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Figure 5.5: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 1 in the vertical direction with the test rig
configured as setup 2.
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Figure 5.6: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 5 in the lateral direction with the test rig
configured as setup 2.

0 10 20 30 40 50 60 70 80 90 100
−90

−80

−70

−60

−50

−40

−30

−20

A
cc

el
er

at
io

n 
le

ve
l (

dB
 r

e:
1m

/s
2 )

Frequency (Hz)

Acceleration at error sensor nr. 7 (axial), 7x7 system, setup_2

ANC OFF
ANC ON 

Figure 5.7: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 7 in the axial direction with the test rig
configured as setup 2.
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Figure 5.8: Acceleration levels with the active system switched on/off. The accel-
eration is measured at monitor sensor no. 1 in the vertical direction, placed on the
bottom plate(which should represent the hull). The test rig configured as setup 2.

5.2 The 6x6 system

For this case, the controller is set up to deal with five degrees of freedom. The di-
rection that is omitted is the movement in the axial direction. As could be observed
from result plots, the vibration level in the axial direction is approximately 15-20
dB lower than in the vertical direction, which is also the case on-board the actual
submarine. For the vibratory energy of the intermediate mass, the axial direction
makes a very small contribution to the total. Therefore the actuator in this direc-
tion can be omitted with almost no loss in performance in terms of overall vibration
of the intermediate mass, although it cannot be certain that the same conclusion
could be drawn for transmission through the hull into the water.

Figures 5.9 to 5.12 show the attenuation in the frequency range from 0-100 Hz
with the test rig configured as setup 1 while figures 5.13 to 5.16 show the attenuation
with the test rig configured as setup 2. The attenuations shown in figures 5.9 to
5.16 are summarised in table 5.2 and 5.4 for setup 1 and setup 2 respectively.

1st Harmonic 1.5th Harmonic 2nd Harmonic
Position [dB] [dB] [dB]
Vertical 30 42 22
Lateral 16 40 16
Axial +-0 -6 2

Monitor 28 19 5

Table 5.3: The attenuation of the three engine harmonics of interest for setup 1.

For setup 1 the active system exhibits significant attenuation in the vertical and
lateral directions, while the axial direction is almost left unaffected. Ideally, this
would be the case if the motion in all the three directions were totally uncoupled.
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1st Harmonic 1.5th Harmonic 2nd Harmonic
Position [dB] [dB] [dB]
Vertical 22 31 44
Lateral 17 20 16
Axial -22 -15 -6

Monitor 3 21 16

Table 5.4: The attenuation of the three engine harmonics of interest for setup 2.

The attenuation is also slightly higher in the active directions(the directions where
the active system is active, i.e. the vertical and lateral ) than for the 7x7 system.
This is obvious, since the controller can now put all its effort in the active directions,
thereby ignoring the axial direction.

The reduction in vibration level on the bottom plate has also decreased, as
compared to the 7x7 system. A clear connection between the vibration level in the
vertical direction of the intermediate mass and the bottom plate(hull) has therefore
been established, which is in accordance with what one could expect.

The results for setup 2 show similar behaviour as for setup 1, with even greater
attenuation in the active directions. However, for the axial direction there is an
increase in the vibration level. The conclusion that may be drawn is that the
three directions x,y and z are not fully uncoupled and that movement in one of the
directions will lead to increased or decreased movement in other directions. How
this increase in acceleration level in the axial direction will affect the acoustic profile
is almost impossible to predict from these experiments.

The vibration reductions achieved with the 6x6 system exhibit similar character-
istics to the 7x7 system; setup 1 has difficulties with the 2nd harmonic while setup 2
does not. This behaviour indicates that the inability to attenuate one harmonic as
much as another is a consequence of the physical properties of the test rig, rather
then the properties of the actuators, sensors or controller.
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Figure 5.9: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 4 in the vertical direction with the test rig
configured as setup1.
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Figure 5.10: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 5 in the lateral direction with the test rig
configured as setup1.
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Figure 5.11: Acceleration levels with the active system switched on/off. The ac-
celeration is measured at error sensor no. 7 in the axial direction with the test rig
configured as setup1.
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Figure 5.12: Acceleration levels with the active system switched on/off. The accel-
eration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig configured as
setup 1.
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Figure 5.13: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 4 in the vertical direction with the test rig
configured as setup1.
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Figure 5.14: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 5 in the lateral direction with the test rig
configured as setup2.
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Figure 5.15: Acceleration levels with the active system switched on/off. The ac-
celeration is measured at error sensor no. 7 in the axial direction with the test rig
configured as setup2.
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Figure 5.16: Acceleration levels with the active system switched on/off. The accel-
eration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig configured as
setup 1.
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5.2.1 The 4x4 system

With the system set-up as a 4x4 system, only the top four actuators and error
sensors are used. In this way the active system only controls the acceleration in the
vertical direction, and the rotation in the axial and lateral directions. As the results
will show, this control system clearly affects the acceleration in the other directions
as well. Figures 5.17 to 5.20 represent data from test-runs with setup 1. These
figures show the acceleration in the three translational directions of motion of the
intermediate mass and the acceleration at the bottom plate in the vertical direction.
Figures 5.21 to 5.24 represent data from experiments with the active system working
on setup 2, where the acceleration is measured in the same positions as for setup 1.

The attenuations shown in figures 5.17 to 5.24 are summarised in table 5.5 and
5.6 for setup 1 and setup 2 respectively.

1st Harmonic 1.5th Harmonic 2nd Harmonic
Position [dB] [dB] [dB]
Vertical 33 46 12
Lateral -3 10 -2
Axial 5 10 20

Monitor 31 26 3

Table 5.5: The attenuation of the three engine harmonics of interest for setup 1.

1st Harmonic 1.5th Harmonic 2nd Harmonic
Position [dB] [dB] [dB]
Vertical 18 31 39
Lateral 13 5 6
Axial -25 -25 -3

Monitor 3 17 13

Table 5.6: The attenuation of the three engine harmonics of interest for setup 2.

With only the actuators in the vertical direction working, there is still a high
attenuation in that direction and a substantial change in vibration levels in the
other directions as well. Once again this illustrates that the three directions are not
uncoupled. For setup 1 there is almost no attenuation in the lateral direction in
the mean over the three harmonics, while in the axial direction the attenuation is
quite satisfactory. For setup 2 there is a substantial reduction in the vibration levels
in the lateral direction, which is a bit surprising. In the axial direction there is a
significant increase in the vibration level, especially for the 1st and 1.5th harmonic.
There is a significant reduction in hardware cost by reducing the number of actuators
and error sensors, but as demonstrated, there is also a risk leaving some vibration
directions uncontrolled.
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Figure 5.17: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 1 in the vertical direction with the test rig
configured as setup 1.
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Figure 5.18: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 5 in the lateral direction with the test rig
configured as setup 1.
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Figure 5.19: Acceleration levels with the active system switched on/off. The ac-
celeration is measured at error sensor no. 7 in the axial direction with the test rig
configured as setup 1.
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Figure 5.20: Acceleration levels with the active system switched on/off. The accel-
eration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig configured as
setup 1.
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Figure 5.21: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 1 in the vertical direction with the test rig
configured as setup 2.
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Figure 5.22: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 5 in the lateral direction with the test rig
configured as setup 2.
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Figure 5.23: Acceleration levels with the active system switched on/off. The ac-
celeration is measured at error sensor no. 7 in the axial direction with the test rig
configured as setup 2.
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Figure 5.24: Acceleration levels with the active system switched on/off. The accel-
eration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig configured as
setup 2.
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5.3 The 4x7 system

For the case of the 4x4 controller, the directions that were not targeted by the control
system, i.e. the lateral and axial directions, were still affected when the controller
was switched on. Some positions exhibited an increased vibration level while other
positions showed a reduction in the harmonics of interest. Thus as it is apparent
the actuators are capable of producing vibratory energy in directions other than
along their axis, even though this action is not very ineffective. Thus it was decided
to test a system with 4 actuators acting in the vertical direction and 7 error sensors
to sense all six degree of freedom of the intermediate mass. It may be expected that
this system would exchange some performance in the vertical direction in order
to obtain a more robust system for the other two directions. This system would
still have the advantage of using only four of the expensive actuators. This final
configuration was only used with setup 2. Figures 5.25 to 5.28 show the attenuation
of the three engine harmonics, in the different directions. The attenuation of the
corresponding frequencies, from figures 5.25 to 5.28 are summarised in table 5.7.

1st Harmonic 1.5th Harmonic 2nd Harmonic
Position [dB] [dB] [dB]
Vertical 10 29 26
Lateral 3 10 16
Axial -13 -21 -1

Monitor 3 16 11

Table 5.7: The attenuation of the three engine harmonics of interest for setup 2.

If the results in table 5.7 are compared with the results obtained with the 4x4
system, see table 5.6, a small, but still notable, increase in performance in the
lateral and axial directions for the 4x7 system can be seen. The amplification of the
vibration level in the axial direction is still unacceptably high. Attenuation in the
vertical direction was traded against attenuation in the lateral and axial direction.
It is questionable whether the slight increase in performance in the lateral directions
can justify the increase in hardware cost.
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Figure 5.25: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 1 in the vertical direction with the test rig
configured as setup 2.
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Figure 5.26: Acceleration levels with the active system switched on/off. The accel-
eration is measured at error sensor no. 5 in the lateral direction with the test rig
configured as setup 2.
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Figure 5.27: Acceleration levels with the active system switched on/off. The ac-
celeration is measured at error sensor no. 7 in the axial direction with the test rig
configured as setup 2.
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Figure 5.28: Acceleration levels with the active system switched on/off. The accel-
eration is measured at monitor sensor no. 1 in the vertical direction. Placed at the
bottom plate(which should represent the hull). Also here the test rig configured as
setup 2.
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5.4 Power Consumption by the Actuators

The amount of electrical power consumed by each actuator in the active vibration
system is of importance and it is directly related to the work load of each actua-
tor. It is also important to know if the actuators used in our experimental work
would be sufficiently powerful to handle the vibration levels measured on-board the
submarine. To be able to determine this, the coil currents were measured with the
actuators in operation for both set-ups. The maximum current that the actuators
can withstand is approximately 16A without cooling and 20A with cooling, accord-
ing to their specification. The current through the coil is proportional to the output
force produced. If an actuator consumes 4A it delivers 25% of it’s maximum force.
The current was measured with a digital clamp ampere meter during a period of
time when the algorithm had converged and was running at a steady state. Table
5.8 gives the rms value of the actuator current for the seven actuators when the
setup was configured as a 7x7 system and table 5.8 shows the rms value of the
current for the 4x4 system.

setup 1 setup 2
Position [A] [A]

Vertical A 3.84 4.76
Vertical B 2.30 2.70
Vertical C 4.20 4.96
Vertical D 2.63 3.21
Lateral E 1.40 1.86
Lateral F 1.82 1.45
Axial G 0.94 1.23

Table 5.8: The current consumed by the different actuators when the controller was
set up as a 7x7 system.

setup 1 setup 2
Position [A] [A]

Vertical A 3.20 4.03
Vertical B 2.91 2.11
Vertical C 2.64 4.82
Vertical D 2.80 3.60

Table 5.9: The current consumed by the different actuators when the controller was
set up as a 4x4 system.

Table 5.8 and 5.9 both indicated that setup 1 consumes somewhat less power
than setup 2. This is explained with the increase in stiffness and the static load
being added. For the case with the 7x7 system, the currents in the lateral and axial
directions are smaller than for the vertical direction, but that merely reflects the
vibration levels existing in the different directions. An interesting observation is
that for setup 2, which is almost running at the true vibration levels measured on
the submarine, the actuators are only running at 25% of their maximum capacity.
Thus it can be concluded that the existing actuators are sufficiently powerful in
terms of output force for an actual submarine installation.

If an average impedance figure of 1 ohm is assumed and it is assumed that the
voltage and current are in phase (the worst case), then for a 7x7 system, each mount
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will consume about 70W of electrical power, according to equation 5.1.

Pmount =
7∑

k=1

ZE ∗ i2k (5.1)

This would translate to a maximum of approximately 2kW for an entire submarine
(24 mounts).
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Chapter 6

Summary and Conclusions

This report shows the feasibility of using active vibration control to attenuate the
vibrations of the intermediate mass on a two-stage passive isolation mount used
on the Collins Class submarines. It is expected that if the vibrations of the inter-
mediate mass are reduced, the vibratory energy transmitted from the engines to
the hull and then radiated into the water, would also decrease. To evaluate the
feasibility of using an active system, a complete engine mount was built with the
same physical properties as a mount on a real submarine. The intermediate mass
was equipped with seven actuators and seven error sensors, thus enabling control
in all six degrees of freedom. Inertial actuators were used to generate the control
forces and accelerometers were used to provide controller error signals and a mea-
sure of the control system performance. A reduction in the acceleration level of the
engine harmonics transmitted through the engine mounts will result in a similar
reduction in the portion of the acoustic signature attributable to this path. The
newly acquired actuators used for the tests described in this report allowed control
of levels of vibration that were similar to those measured on an actual submarine.
The controller used a standard feedforward LMS-algorithm to minimize the kinetic
energy at the error sensors.

Control was directed at the lowest three engine harmonics; the 1st, 1.5th and 2nd

orders. The primary vibrations were created using a large electrodynamic shaker
and the signal driving this shaker was also used as a reference signal for the feed-
forward control system. Two different experimental set-ups of the complete engine
mount were evaluated. The first set-up was the same as used in the previous
experiments, where the engine mount was made softer than a real installation on the
submarines and was used to verify earlier results obtained using low-cost actuators
and also to demonstrate the advantage of the new more powerful actuators. The
second set-up was representative of the mount stiffness and the engine static load
on an actual submarine. This configuration was almost identical to the submarine
installation, which was reflected in the inertance measurements.

Experimental results showed that for the first setup, [1], it was difficult to achieve
good attenuation for the second harmonic, as reported in the earlier work with the
low-cost actuators. Therefore, it may be concluded that this difficulty originates
from the physical properties of the engine mount. In the second setup, the fre-
quencies corresponding to the 1.5th and 2nd engine orders were now the dominant
harmonics tones transmitted through the engine mount to the bottom plate. This
is also in agreement real submarine data. For the second setup, the active vibration
control system performed quite well for the 1.5th and 2nd as well as the 1.0 engine
order with attenuations achieved as high as 30 dB.

Different combinations of actuators and error sensors were evaluated in order to
examine the possibility of decreasing the number of actuators used. Each engine
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is supported by eight engine mounts and each submarine is equipped with three
engines which adds up to 162 actuators. This would be a significant cost in hardware
and maintenance in a real submarine installation.

The real-time experiments demonstrated that with the active system configured
with seven actuators and seven error sensors, i.e. control in all six degrees of
freedom yields overall attenuations of 18.2 dB, 25.9 dB and 29.9 dB for frequencies
corresponding to the 1st, 1.5th and 2nd orders, respectively. If the system were
reduced further to only four actuators and four error sensors in the vertical direction,
this would yield an overall attenuation of 14.8dB for the 1st harmonic, 20.7 dB for
the 1.5th harmonic and finally 21.6 dB for the 2nd harmonic.

It was also shown that the actuators used for the experimental work can produce
the force necessary for a real submarine installation and that they are sufficiently
small to be able to be installed in the current engine mount installations on board
the Collins Class submarine. Additionally, it should also be mentioned that the
actuators will work as tuned vibration absorbers if the active system is switched
off, since the inertial actuators used here are only a mass connected to the structure
via a spring. The resonance frequency is tuned to be just below the first engine
order with a quite low Q-value enabling the actuator to produce a moderate force
over a wider frequency range.

Active vibration control of the intermediate mass has been shown to be feasible
with high levels of attenuation achieved for the engine orders of interest, resulting
in significant levels of reduction in the vibrations transmitted to the hull. This will
reduce the acoustic signature resulting from this transmission path by the same
amount. The significance of this transmission path in terms of its contribution to
the total signature will require experimental data from an actual submarine.
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